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Abstract

The purpose of this thesis is to determine the stiffness characteristics of a hydraulic
cylinder system subjected to dynamic loads. The hydraulic cylinder system consists
of a differential hydraulic cylinder with one-way flow control valves in both pressure
lines and the configuration is used as a constant velocity actuator system in a paper
machine. The hydraulic cylinder system was built and tested under sinusoidal loads
with frequencies ranging from 10 to 30 Hz.

The stiffness characteristics of hydraulic cylinders are highly nonlinear and, in some
cases, hard to predict accurately. The stiffnesses of hydraulic cylinders are com-
posed of a multitude of components, and often determining the stiffnesses requires
experimental testing. Examining the dynamic response of a hydraulic cylinder sys-
tem inevitably leads to experimental testing due to the complexity of the system and
due to the difficulty of finding details of system parameters.

In rotating machinery, such as paper machines, oscillatory loads occur according to
their running speeds. The oscillatory loads often translate to the actuators the ma-
chine through structures, which limits the running speeds. Studying the dynamic
response of the actuators used in such machines can enable higher running speeds
for the machine, or reduce defective products, increasing productivity.
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Tiivistelma

Taman diplomityon tarkoituksena on maarittad hydraulisylinterijarjestelman dy-
naaminen jaykkyys. Hydraulisylinterijarjestelma koostuu differentiaalisesta hyd-
raulisylinteristd, sekd taman molempiin painelinjoihin kytketyistd vastusvasta-
venttiileista. Sita kaytetdan vakionopeuksisena toimilaitteena osana paperikonetta.
Jarjestelmai kuormitettiin sinimuotoisilla kuormituksilla, joiden taajuudet vaihte-
livat valilla 10—30 Hz.

Hydraulisylinterien jaykkyysominaisuudet ovat epilineaarisia, ja joissain tapauk-
sissa, hankala selvittaa tarkasti. Hydraulisylinterien jaykkyys muodostuu monista
komponenteista, ja usein tarkkaan maarittelyyn vaaditaan kokeellisia testeja. Dy-
naamisen vasteen selvittimisessa kokeelliset tutkimukset ovat valttimattomia jar-
jestelman monimutkaisuuden ja usein myos tarkkojen systeemiparametrien arvo-
jen puuttumisen johdosta.

Jaksollisia kuormia esiintyy pyorivissa koneissa, kuten paperikoneissa, ja ne maa-
raytyvat pitkalti koneen kayntinopeuden mukaan. Jaksolliset kuormat siirtyvit ra-
kenteiden kautta toimilaitteisiin, mika rajoittaa kiyntinopeuksia. Toimilaitteiden
dynaamisen vasteen tutkiminen pyorivissa koneissa voi mahdollistaa suuremmat
kayttonopeudet koneelle, tai vihentaa viallisia lopputuotteita, parantaen tuotta-
vuutta.

Avainsanat hydraulisylinterin dynamiikka, jaykkyys, vdrdhtely, venttiilidynamiikka, hy-
draulinen resonanssi
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Symbols and abbreviations

Symbols

A

Ay
Ap
4,
AP
Ar
D
D

1

[m?]
[m?]
[m?]
[m?]
[m?]
[m?]
[m]
[m]
[(m4s2/kg)]
[-]
[m?]
[m]
[Pa]
[Pa]
[N]
[N]
[N]
[N]
[N]
[N]
[N]
[N]
[N]
[N]
[N]
[N]
[Pa]
[Pa]
[Pa]
[Pa]
[Pa]
[N/m]
[N/m]
[N/m]
[N/m]
[N/m]
[N/m]
[N/m]
[N/m]
[N/m]
[kg/m4]
[m]
[m]
[m]

Area

Cylinder head chamber effective piston area
Cylinder rod chamber effective piston area
Orifice area

Pipe area

Rod cross sectional area

Cylinder barrel inside diameter
Cylinder barrel outside diameter
Hydraulic capacitance

Flow coefficient

Hydraulic diameter

Pipe diameter

Young’s modulus for steel

Young’s modulus for hose

Force

Coulomb force

Loading force

Load cylinder force

Static friction force

Steady state friction force

Test cylinder hydraulic force

Test cylinder friction force

Net hydraulic force

Friction force

Rod seal friction force

Piston seal friction force

Effective bulk modulus

Cylinder head chamber effective bulk modulus
Cylinder rod chamber effective bulk modulus
Bulk modulus

Nominal bulk modulus

Stiffness

Cylinder barrel expansion stiffness
Dynamic stiffness

Hose expansion stiffness
Hydraulic oil stiffness

Pipe expansion stiffness

Piston rod stiffness

Sealing system stiffness

Static stiffness

Hydraulic inductance

Length

Effective chamber length (A)
Effective chamber length (B)
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Ap,
Ap;
w

[m]

[-]

[Pa]
[Pa]
[Pa]
[kg/(m4s)]
[m3]
[m3]
[m3]
[m3]
[m3]
[m3]
[m/s]
[m/s]
[m3/s]
[m3/s]
[m3/s]
[-]
[m/s]
[m]
[m]
[m]
[m/s]
[-]
[kg/(ms)]
[m2/s]
[-]
[kg/m3]
[N/m]
[Ns/m]
[Ns/m]
[Pa]
[Pa]
[rad/s]

Abbreviations

FFT
LC
TC

Fast Fourier transform
Load cylinder
Test cylinder

Rod length

Isentropic constant

Pressure

Test cylinder A chamber pressure
Test cylinder B chamber pressure
Hydraulic resistance

Volume

Initial volume

Cylinder head chamber volume
Cylinder rod chamber volume
Cylinder head side fluid line volume
Cylinder rod side fluid line volume
Velocity

Stribeck speed

Volumetric flow rate

Head side chamber volumetric flow rate
Rod side chamber volumetric flow rate
Reynolds number

Average velocity of flow
Displacement

Piston position

Average deflection of bristles
Average deflection velocity
Relative air content

Dynamic viscosity

Kinematic viscosity

Poisson’s ratio for steel

Density

Bristle stiffness

Bristle damping

Damping

Pressure loss due to pipe wall
Inertial pressure loss

Angular frequency



1 Introduction

Hydraulic cylinders are linear actuators used to transfer forces and generate motion.
Their stiffnesses are high, which enables transferring high forces. However, the stiffness
characteristics of hydraulic cylinder systems are highly nonlinear, causing difficulties in con-
trol [1]. Namely, the most known nonlinearity in hydraulic cylinder stiffness is caused by the
variance of volume in each chamber i.e., the position of the piston.

Hydraulic cylinders, as actuators exhibit dynamic functionalities. Thus, determining
only the static stiffness characteristics is not enough for cylinders in dynamic applications.
The stiffness characteristics calculated in static conditions differ from the stiffness when
flow is allowed through the inlet ports. When the inlet ports of a hydraulic cylinder are
closed, the hydraulic cylinder exhibits spring-like behavior. The stiffness is then governed
by fluid temperatures, pressure levels and volumes along with the properties of the sealing
systems. In some high-pressure applications, the stiffness properties of the cylinder rod and
chamber must be considered as well. However, when flow is allowed through the inlet ports,
the dynamic characteristics are heavily affected by all components in the hydraulic.

This thesis aims to describe the methodology for determining stiffness characteristics
of hydraulic cylinder systems using relevant literature and validating them in an experi-
mental setup. The tested hydraulic cylinder system consists of a differential hydraulic cylin-
der and one-way flow control valves connected to both ports of the cylinder. The one-way
flow control valves are mounted so that free flow is allowed into the chambers and flow out
of the chambers is throttled.

The hydraulic cylinder system is a subsystem of a paper machine, where it is used as a
constant-velocity actuator in guiding the reeling process of paper. In rotating machinery like
paper machines, deformations on the surfaces and displacements in the center of mass of
the rotating element cause dynamic loads which are translated to the hydraulic cylinder sys-
tem. Experimental examination is the only way to have a certain conclusion of the stiffness
characteristics. Researching the stiffness characteristics around the working conditions of
the cylinder could even lead to finding more optimal operating speeds for the paper machine.

The velocities of the cylinder vary from 1 to 3 mm/s. In its working environment, the
cylinder rod is subjected to sporadic external loads with frequencies ranging from 10 to 30
Hz. The working pressures of the cylinder chambers are below 60 bar, which means that air
content of the hydraulic circuit has a significant impact on the stiffness characteristics.

A testbench was built to experimentally determine the stiffness of the described hy-
draulic cylinder system. The cylinder system was subjected to sinusoidal loads, while ex-
tending and retracting at a constant velocity. The oscillatory loads were generated with a
symmetrical servo cylinder. Testing variables were loading frequency, one-way flow control
valve throttling and piston direction. The testing parameters were 10, 15, 20, 25 and 30 Hz
for load frequency, 0%, 50%, 75%, and 100% for throttling, and extending and retracting for
direction. The stiffness characteristics of only the hydraulic cylinder was also determined by
modifying the configuration.

Chapter 2 distinguishes the defining components and parameters contributing to the
stiffness of hydraulic cylinders. In this chapter, relevant literature in estimation of hydraulic
cylinder system stiffnesses is reviewed.

In chapter 3, the built test setup is described in detail and the stiffness models are com-
piled according to chapter 2 to match the tested hydraulic cylinder system. The stiffnesses
are calculated with the dimensions of the actual cylinder system and presented. In addition,
the testing methods and processes are explained.



The experimental results are presented in chapter 4, and the results are evaluated in
chapter 5. The relevancy and the capability of the test setup is discussed in the latter, and
finally, chapter 6 summarizes the thesis.
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2 Stiffness of hydraulic cylinder systems

Stiffness is the ratio of applied force to the corresponding change on translational de-
flection of an elastic element [2]. Stiffness of a system may vary under different environ-
ments and dynamic conditions. Stiffness measured under a static load is denoted as static
stiffness, k and is described by

AF (1)
k=%

where AF is the static force and Ax is the corresponding deflection.

Dynamic stiffness is measured under fast periodic loads with frequencies higher than
0,5 Hz [3]. Periodic loads are often seen in supports of rotors and other rotating machinery.
The motion caused by oscillating loads is noted as vibration. Fourier analysis is a common
method for processing vibration measurements. Dynamic stiffness is the ratio of input force
amplitude to output displacement amplitude of a system under dynamic conditions:

F (2)
kdyn = x_a
a

where F, is the amplitude of the load, and x,, is the resulting displacement response ampli-
tude. The phase shift between the force and motion is also an important factor, which will
be discussed more in chapter 3.

Hydraulic cylinders are hydromechanical systems, and their dynamic characteristics
are therefore governed by hydromechanical and mechanical properties. The hydraulic cyl-
inder system stiffness consists of hydraulic stiffness as well as mechanical stiffness. The hy-
draulic stiffness component is influenced by the hydraulic fluid type, temperature, volume,
and flow properties. The mechanical stiffness is affected by loads, masses, elasticity, and
friction. A hydraulic cylinder system is illustrated in Figure 1.

1 2 3 4 S

\ 771\ AFext

Figure 1 “A hydraulic cylinder system: 1 cylinder barrel, 2 hydraulic oil, 3 piston sealing, 4 rod
sealing, 5 rod, 6 hoses, 7 metal pipes”. Source: [4]
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In hydraulic cylinder systems, the cylinder rod, the cylinder chamber, seals, pipes and
hoses affect the total stiffness. An extensive stiffness model of a hydraulic cylinder was pre-
sented in [4]. In the study, the net static stiffness K, was derived as the sum of reciprocals
of hydraulic fluid, piston rod, cylinder barrel, pipe, hose, and sealing ring stiffnesses as fol-
lowing:

1_1. 1.1.1 1 1 (3)
kst ko kr kc kp kh ks

where k, is the stiffness of hydraulic fluid, k, is the axial cylinder rod stiffness, k. is the
cylinder barrel expansion stiffness, k,, is the piping expansion stiffness, kj, is the expansion
stiffness of hoses, and k; is the sealing ring stiffness. Of these components, the study pro-
vides detailed mathematical models for all but sealing ring stiffnesses.

When considering the stiffness under dynamic loads, the frequency responses of the
cylinder and fluid lines need to be considered. Natural resonances can cause unexpected
responses of the system. Natural resonant frequencies of hydraulic cylinder systems are af-
fected by load masses and fluid volumes.

2.1 Hydraulic stiffness

The main objectives of hydraulic fluids are power transmission, lubrication, heat trans-
fer and corrosion protection. The most extensively used hydraulic fluids are mineral-based
oils due to their suitable viscosity levels, and relatively low cost as well as satisfactory stiff-
ness performance in many applications [5]. In a closed hydraulic circuit, the static hydraulic
stiffness of cylinder systems is dominated by the fluid bulk modulus. However, when the
cylinder piston is in motion, the flow changes the stiffness characteristics of the hydraulic
cylinder. This section covers the influence of fluid medium and flow through orifices on hy-
draulic stiffness as well as the dynamic effects of transient flows.

2.1.1 Effects of bulk modulus

Hydraulic stiffness is proportional to fluid bulk modulus, K¢, which is the measure of

the resistance of compressibility for a fluid. It can be also characterized as a measure of fluid
stiffness [6].

. Ap (4)
K = VAV

where V is initial volume, Ap is the pressure difference and AV is the difference in volume
before and after compression. [7]
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Bulk modulus is a fluid specific characteristic, but also temperature and pressure de-
pendent. The pressure and temperature dependency of the bulk modulus of a mineral oil is

shown in Figure 2. The figure shows that increases in temperature decrease the bulk modu-
lus and increases in pressure increase the bulk modulus.

24000

22000

Figure 2 Bulk modulus of a mineral oil as a function of temperature and pressure.
Source: [8]

For hydraulic fluids, high bulk modulus is desirable due to improved stiffness and sta-
bility. The bulk moduli of mineral-based oils range from 1,8 GPa to 2,2 GPa. However, in

practical applications, including hydraulic cylinder systems, undissolved air trapped inside
the hydraulic circuit decreases the effective bulk modulus of the fluid [7]—[9]. The impact of
trapped air is significant in lower operating pressures (p < 60 bar), as shown in Figure 3.
22500
20000
17500+
15000
—12500-
s ]
=
§<?10000-_
7500+

50004

2500+

0 J v T i T ' T ¥ T 1 T J T ¥ T ) 1
0 50 100 150 200 250 300 350 400
p [bar]

Figure 3 Effective bulk modulus at oil temperature of 30°C with different amounts of
undissolved air. a) 0%; b) 0,5%; c) 1%; d) 3%; e) 5%. Source: [8]
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The undissolved air content is taken into account in the effective bulk modulus, which
is estimated in [10] to be

1

1+a (—papi p)ﬁ
1

Ky = K/ (5)

l+ak —Pa
f nti
n(p, +p) n

where «a is the volume of undissolved air in atmospheric pressure relative to the system vol-
ume, K¢ is the nominal bulk modulus of fluid in given pressure and temperature, p, is the
atmospheric pressure, p is the working pressure, and n is the isentropic coefficient (n = 1,4).

The compression of fluid in a static and closed hydraulic cylinder is illustrated in Figure
4, where a free-body diagram of a closed cylinder system is presented. In Figure 4 Ax de-
scribes the displacement of the piston caused by the static load of F;, and F,,, is the net hy-
draulic force caused by the pressures acting on both sides of the piston surfaces. F,;; and F,,
are the seal friction forces for the rod and piston respectively. The seal friction forces are
always opposing the loading force. The effects of friction forces on stiffness are discussed
later in section 2.3.

v=20
L F,
1 1
i Fulz
71
Ax

Figure 4 Free-body diagram of a hydraulic cylinder in static equilibrium.

The piston displacement Ax causes a change in volume in both chambers proportional
to each respective effective piston area, and so the hydraulic fluid stiffness, K, in a closed
cylinder system can be derived as

A A2 (6)

k, =Kpy———+ Kpp ————
° By +vy  TEBV, 4V,

where A, is the head effective area, Ay is the rod end effective area, V, is the piston position
dependent head chamber volume, V; is the piston position dependent rod chamber volume,
V,, is the head fluid line total volume, V;, is the rod end fluid line total volume and K, and
Kgg are the effective bulk moduli for each chamber [4]. The piston position dependent vol-
umes V, and V; are more specifically defined as:

VA == AAxp (7)
and

Vg = AB(ls - xp) (8)
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where x,, is piston position and [; is stroke of the cylinder. Combining equations (5) to (11)
yields an estimate of the hydraulic stiffness, k of a plugged cylinder under a static load.

Equation (6) shows that the fluid volume influences stiffness heavily. In a closed cylin-
der system with no fluid lines, the hydraulic stiffness is dominated by the position of the
piston. The static stiffness increases asymptotically to infinity when chamber fluid volume
approaches zero. The static hydraulic stiffness as a function of piston position yields a U-
shaped curve as shown in Figure 5. The asymmetry of the curves is caused by the difference
in effective volumes and piston areas.

(a) | (b)

Hydraulic stifiness
Hydraulic stifiness

Piston position Piston position

Figure 5 Static hydraulic stiffness as a function of piston position in a closed differential cylinder
(a) without fluid line volumes (b) with fluid line volumes.

2.1.2 Effects of flow

The hydraulic stiffness of a closed cylinder was introduced in equation (6), which only
applies to static circumstances. When a cylinder piston is in motion, flow occurs through
inlet ports causing the fluid volumes to change. In addition, the flow rate changes in relation
to the pressure difference caused by external forces. How flow rate changes due with pres-
sure changes in a system, also known as hydraulic inductance, is determined by orifice flow
areas, conduit lengths and fluid density. If we recap the definition of stiffness of a system as
the proportion of an external force to the resulting displacement, it is evident that the hy-
draulic inductance affects the system stiffness in dynamic conditions.

A static pressure difference in an open circuit cylinder induces fluid flow. Fluid inside
the cylinder chambers flows through the cylinder ports. The free-body diagram of a hydrau-
lic cylinder extending with a constant velocity of v is presented in Figure 6. Fy, is the net

—

[t F,

CIAT qu

Figure 6 Free-body diagram of a hydraulic cylinder with constant flow and velocity.
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hydraulic force, F, is the loading force, F,; and F,, are the rod and piston seal friction re-

spectively, g, and gy represent the volumetric flow of the head chamber and rod end cham-
ber respectively.
The steady-state volumetric flow, q,, through an orifice is:

20
gy = C,A, TP (9)

where Cj, is the flow coefficient, 4, is the cross-sectional area of the orifice, Ap is the pressure
differential caused by the load and p is the fluid density. The flow coefficient is dependent of
the Reynolds number of the flow and the roundness of the orifice edges. The theoretical
value for the flow coefficient of a sharp-edged orifice is €, = 0,611. [1], [11]

The flow coefficient C, varies with lower flow rates. Reynolds number Re gives a quan-
tified measure of the flow and is determined in orifices as:

Umeandh (10)
v

Re =

where U,,...n is the average velocity of flow through orifice, d;, is the hydraulic diameter,
which is the orifice diameter for a circular orifice, and v is the kinematic viscosity of the fluid
[12]. The relation of Reynolds number and flow coefficient for different dimensions of ori-
fices is presented in Figure 7.

0.9

R e s T L L ek uenmuLE
: : L i el -
07“**/ "\’\" """"""
' o &>
0.6 4------=---- b e s /;',:-'__r-.--e‘..‘.?.’_'.—_'f__—?._._.—j ........
Flow coefficient ' 73 ’ ;
C 0.5 4---==--====r=--- ol S bbbt LAl TETIILE oo oo
q s : 0d=0.5
0.4 o==m=m=ne== EFepepie g dennecincenctece] mmwfid=1 |-
o ' R /d=12
0.3 1 e = = lld = 4

0.2 == mpgontncffinnmanmnrnad b besremenene-

B e e —
0

1 10 100 1000 10,000 100,000
Reynolds Number Re

Figure 7 The variation of flow coefficient in relation to Reynolds number Source: [12]
2.1.3 Pipeline dynamics and hydraulic resonance
Dynamic response of pipelines is dominated by the piping dimensions and fluid den-
sity, bulk modulus, and viscosity. Density governs the inertial effects, and along with bulk

modulus, it determines the wave propagation speed in the fluid. Viscosity and pipe dimen-
sions determine the friction losses in the pipe.
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For laminar flow, pressure loss due to friction between a pipe wall and fluid is approx-
imated by:

_128ul (11)
br = n—d,‘; qv

where, u is dynamic viscosity and d,, is the pipe diameter [12]. Often, when considering lam-
inar flow through pipes, the pressure loss is specified by the electrical circuit analogy, where
pressure is analogous to voltage and flow is analogous to electrical current. The hydraulic
resistance, R}, is then:

_ 128vpl (12)
h = d}

where u is replaced with vp to be able to use the kinematic viscosity, v.
The inertial effects of the fluid in a pipe are captured by

_lpday (13)

Api = 4, dt

The same electric circuit analogy applies to fluid mass inertia, or hydraulic inductance
Ly,. Inductance describes the effects of pressure difference on the changes of flow rates and
is characterized by:

Ip (14)
Lh = A_
p

where [ is pipe length, p is fluid density and 4, is pipe cross-sectional area.
The amount of compression of a fluid is the change of volumetric flow:

MGy = Qe — dvons = 2P (15)
qv Qvin Qvout Kf dt
where 1, is pipe volume and K is fluid bulk modulus.

Following the same analogy, compressibility of fluid, or hydraulic capacitance C;, is the
ratio of volume and bulk modulus:

C, = Y (16)
Ky

Pressure pulsations and oscillations in fluid power applications can be addressed with
hydraulic resonators such as Helmholtz resonators, shown in Figure 8. A Helmholtz resona-
tor consists of a cavity and a tube. The working principle of a hydraulic resonator is based
on either absorbing the pressure pulsation or attenuating it with a reflection through reso-
nance. [13] Resonators can be used to attenuate or amplify pressure amplitudes at specific
frequency ranges. However, sizing and tuning the resonators often requires experimental
testing [14].
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Volume

Figure 8 Helmholtz resonator

In fluid power systems, resonators are often used to address high frequency ranges.
For example, pressure accumulators are feasible to target frequencies between 50 and 300
Hz. Typically, the problem with resonators operating at lower frequencies is that the dimen-
sions of the resonator tend to be impractically large. [13]

In hydraulic cylinder systems, attenuating the pressure oscillation caused by an exter-
nal load would decrease the stiffness of the cylinder. Amplifying the pressure oscillation with
a reflective resonator such as T-pipe, shown in Figure 9, can increase the dynamic stiffness
of a cylinder through resonance. T-pipes function, however, at a very narrow frequency
range. Also, the added oil volume of resonators reduces the stiffness of a hydraulic cylinder
system significantly in all but the specific frequency range.

Figure 9 T-pipe resonator

Antiresonances occur in fluid line systems, where one end is plugged. The pressure
wave travels through the pipe and is reflected from the plugged end. The length of the T-line
is varied, so that resonance is reached. A plugged fluid line attenuates pressures, if the fluid
line length is half or an even multiple of half the wavelength, as:

ni na (17)
lf —T—ﬁ, n = 1,2,4,6,...

where [ is pipe length, 4 is wavelength, a is wave propagation velocity and f is frequency.
The amplification of the pressure oscillation is reached when the T-line is in resonance,
i.e., when the T-line length is an odd multiple of the wavelength:

ni na (18)
lf —T—F, n = 1,3,5,...

Substituting a practical wave propagation velocity value for mineral oil, a = 1300 m/s and
frequency, f = 20 Hz, yields [y = 16,25 m. So, to amplify the pressure pulsation at 20 Hz (and
ultimately to increase the stiffness of a cylinder system) the pipe length would have to be
16,25 m.

A lumped model approach can be applied to hydraulic components with significant
inductances and capacitances. The hydraulic resonant frequency can be estimated as:
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1 (19)

27‘[“ LhCh

which can be combined with equations (14) and (16) for considerably large pipelines.

In practice, the inductances and capacitance are distributed throughout the volume
and length of the components. Any dynamic hydraulic system should be designed so that the
operating conditions — loads and structural vibrations — do not cause undesired vibrations
in hydraulic fluid.

fo =

2.1.4 Pressure transients and wave propagation

Transients in hydraulics are sudden pressure surges or waves occurring after an in-
stantaneous change in fluid flow [15]. Common causes for pressure transients are valve
movement, opening or closing fluid lines, or pump failures [16], [17]. Pressure transients are
widely studied in pipeline systems especially in water distributing networks [17]—[19]. If not
addressed properly in the design of pipeline systems, possible pressure transients may cause
damage to the components and ultimately failure. A numerical analysis of transient flow
through orifices was conducted in [20].

Transient responses in fluid power systems are also studied in [21] and in [22]. Ideally,
transients propagate at the speed of sound in the fluid medium, which is:

(20)

where K} is the effective bulk modulus and p is the fluid density. As the speed of sound in a
fluid is affected by bulk modulus; pressure levels, air content, temperature, and volume af-
fect it. Additionally, transient responses are dependent on the area of fluid flow. Therefore,
the orifices and pipe diameters affect the overall transient response of the system [21]. The
speed of sound in mineral oils in their typical working pressures and temperatures are
around 1500 m/s but due to the high variability of bulk modulus, a practical value of 1300
m/s is often used in hydraulic system design [23]. Even experimental measurements show
lower pressure wave propagation velocities than is expected [24].

In a hydraulic system with pipes with closed ends, transient pressure waves reflect
from the end due to the compression of the fluid, hydraulic capacitance. The frequency re-
sponse of pressure transients in hydraulic systems mostly depend on the lengths of the pip-
ing.

2.1.5 One-way flow control valves

In hydraulic systems, the rate of movement of hydraulic actuators depends on the flow
rate. Therefore, controlling fluid flow is crucial in managing velocities of hydraulic systems.
Flow control valves are widely used to regulate flow in hydraulic systems. [25] Many differ-
ent types of flow control valves are available and suitable valve types need to be considered
to fit the application. In this thesis, only the characteristics and operation of one-way flow
control valves is covered, since they are included in the hydraulic system being tested.

One-way flow control valves, shown in Figure 10, are utilized to adjust the flow in one
direction. The valves consist of two fluid lines: one equipped with an adjustable orifice and
a flow bypass line equipped with a check valve. The adjustable orifice enables control over
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flow from 1 to 2, and the check valve line allows free flow from 2 to 1. The bypass line is
typically preventing cavitation after the valve.
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Figure 10 One-way flow control valve section and symbol. Source: [26]

Check valves are typically equipped with a poppet and a spring. The poppet geometry
and shape may vary from ball shapes, cone shapes to plate shapes. The spring forces the
poppet to shut. When a certain pressure difference is reached, the valve opens allowing flow
through. The pressure difference needed to overcome the force of the spring is called crack-
ing pressure. High cracking pressures lead to higher pressure losses. An ideal check valve
prevents flow reversal entirely, but the inertia, friction, and possible damping effects of the
poppet cause the valve to close slightly after the flow reversal [27].

One-way flow control valves can be used in hydraulic cylinder systems to adjust the
velocity of a cylinder piston. The adjustable orifice restricts flow to one direction and the
embedded check valve allows more flow to pass through to the other direction. By connect-
ing proper flow control valves to both cylinder ports, cavitation in fluid lines and cylinder
chambers is prevented. The restriction of flow increases the stiffness of the cylinder system.

The effects of flow in hydraulic stiffness were presented in the previous section. The
flow through an orifice was introduced in equation (9). As flow is proportionate to the area
of the orifice, the flow through one-way flow control valves is discontinuous. The effective
flow area of the valve increases when cracking pressure is reached.

2.2 Mechanical stiffness

Hydraulic cylinder systems typically consist of steel components and joints, which have
significantly higher stiffnesses than hydraulic fluids. Therefore, the contribution of mechan-
ical stiffness components to the static net stiffness of hydraulic cylinder systems are often
low, but not negligible. This section covers the stiffnesses of cylinder rods, expansion stiff-
nesses of pipes, hoses, and cylinder chambers, along with sealing system stiffnesses.

The cylinder rod is a solid steel rod, and its axial stiffness K, can be calculated simply
as:

EA, (21)

where E is the Young’s modulus for steel, A, is the cross-sectional area of the rod and [, is
the rod length.
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The expansion stiffness of the cylinder barrel is different for the head and rod cham-
bers. Both head and rod chamber expansion stiffnesses, k., and kg respectively, are derived
in [4] to be

EyAy, 1 (22)
kCA =
2ly A+ vy
and
. E A 1 (23)
cB —
2lg A+ vy

where E, is the Young’s modulus of cylinder barrel, A is the corresponding effective piston
area, [ is the corresponding effective chamber length, 1. is the expansion coefficient of cyl-
inder barrel and v, is the Poisson ratio of cylinder barrel. The expansion coefficient for a
cylindrical structure is

D? + D? (24)
¢~ Dz D2

where D, is the outer diameter and D is the inner diameter.
The expansion stiffness of metal pipes is presented in [4] to be

= 2EpA2 (25)
P mD2L, (4, +vp)

where E,, is the young’s modulus of pipe, A is the corresponding effective piston area, ,, is
the pipe length, 1, is the expansion coefficient of pipe, presented in equation (24), v, is the
Poisson ratio of pipe. The expansion stiffness for hoses can also be calculated with equation
(25) by substituting the pipe parameters with the corresponding hose parameters. Then, the
expansion stiffness for hoses is:

2E,A? (26)

k., =
T aD2l, (A, + Vi)

where E}, is the Young’s modulus of the hose. However, hydraulic hoses are multilayered;
typically composing of an inner rubber layer, a steel winding or braiding, covered by an an-
ticorrosive rubber layer. The thicknesses and the number of layers and even the steel braid-
ing patterns vary. Therefore, the elasticity modulus Ej of a hydraulic hose is nonlinear and
hard to determine accurately. An estimate of the elasticity modulus was presented to be 17,8
GPa by [4] based on experimental data. It should be noted that the value was extracted by
only one measurement conducted at a pressure of 160 bar, and no details about the braiding
types were presented. Thus, the resulting elasticity modulus can only be used to achieve a
rough estimate for hose stiffnesses in general.
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2.3 Effects of friction

Friction is a force reacting tangentially between two contacting surfaces. It is governed
by various parameters such as contact geometry and topology, surface materials, displace-
ment and relative velocity of the contacting bodies, and presence of lubrication [28]. This
has led to difficulties in developing accurate friction models and left uncertainties in friction
modelling [29]. In hydraulic cylinders, the sealing parts; rod and piston sealing systems are
the main source of friction.

2.3.1 Simplified friction models

Classical and simplified approaches to friction modelling are shown in Figure 11. Cou-
lomb friction model (a), also known as dry friction, only considers the normal force affecting
the surfaces. Stiction (b) includes the Coulomb friction as well as the static friction. Stribeck
friction (c) is a more advanced classical friction model, which considers Coulomb friction,
stiction, the Stribeck effect and viscous friction. The Stribeck effect describes the friction
force right after entering the sliding regime, where the increase in absolute velocity de-
creases the friction force. Viscous friction denotes the linear incline of friction force after the
Stribeck effect regime. However, aforementioned models cannot predict the precise behav-
ior of friction forces due dynamic friction phenomena, such as hysteresis, friction lag and
stick-slip motion. [29]

F F F

(a) Coulomb (b) Stiction (c) Stribeck

Figure 11 Friction force versus relative velocity of surfaces for: (a) Coulomb friction (b) stiction and
(c) Stribeck friction models. Source: modified from [30]

2.3.2 LuGre friction model

A widely used dynamic friction model for hydraulic cylinders is the LuGre model. It
offers a good trade-off between complexity and accuracy in modelling friction characteristics

30
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Figure 12 LuGre curve fitting comparison to tested values. Source: [31]
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[31]. An illustration of the accuracy of the LuGre model is presented in Figure 12. The model
covers most static and dynamic phenomena present in friction.

In the LuGre model, a simplification of the contacting surfaces is done by observing
the friction surfaces as elastic bristles, where the bristles are modeled as spring-damper sys-
tems as shown in Figure 13. The bristles represent the microscopic peaks and valleys of the
contacting surfaces originating from the roughness of the surfaces.

Mass Mass

/7777777 /T777/77

Figure 13 LuGre bristle modeling. Source: modified from [32]

The LuGre model is described by the following equations

Z =7V — 0 Ivl Z (27)
)
F=04z+ 0,2+ f(v) (28)

where v is the relative velocity between the contacting surfaces, z is the average deflection
of the bristles, F is the friction force, g, is the bristle stiffness, g, is the bristle damping, f(v)
is the viscous friction, also known as damping term, and g (v) is a velocity dependent func-
tion which captures the Coulomb friction and the Stribeck effect. The viscous friction term
f(v) is often denoted as a linear damping component:

f() =ov (29)

where o, is damping. The Coulomb friction and Stribeck effect function, g(v) is often ap-
proximated by

UIX

vs

(30)

gw) =F.+ (F,—F)e

where F, is the Coulomb friction force, F, is the static friction force, v, is Stribeck speed,
which expresses how rapidly g(v) approaches the Coulomb friction and « is a geometry de-
pendent coefficient. [33]

The functions f(v) and g(v) can be acquired by experimentally examining the steady-
state friction with constant velocities. The steady state friction force F;, for constant veloci-
ties is determined by [33]:
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Fys = g()sgn(v) + f(v) (31)

Then, determining the bristle average spring and damping coefficients, o, and o, re-
spectively, yields the complete friction model. The spring and damping coefficients are ma-
terial parameters and can be found in literature.

2.3.3 Friction in hydraulic cylinder sealing systems

Dynamic sealing systems, also known as reciprocating seals are used in hydraulics to
prevent the leakage of hydraulic fluid and to keep contaminants out [34]. In hydraulic cyl-
inder sealing solutions, there is always a tradeoff between isolating properties, lifecycle, and
efficiency. For example, good isolation properties require a higher level of seal squeeze, but
as a result the lubrication decreases, which causes the seal to wear faster. Meanwhile, the
volumetric efficiency increases but the mechanical efficiency decreases due to increased fric-
tion force. A large number of research on sealing systems has been the result of the growing
demand for more efficient systems [35].

In hydraulic cylinders, friction occurs between the contact surfaces of the sealing ele-
ments and guiding elements. It should be noted that piston and rod sealing systems often
contain multiple sealing and guiding elements, often with different materials and profiles,
as illustrated in Figure 14. The variance in material parameters and the cross-sectional pro-
files makes it difficult to predict friction forces in hydraulic cylinders. Thus, accurate analysis
of friction requires experimental examination.

Piston sealing system

Buffer seal Head static seal
L [ Rod sealing system
\\< 1 ¢ /
______ ~

( ) /

[

! I

! I

\ !

Wiper seal

Pistonguidering Pistonseal Piston static seal Rod guidering Rodseal

Figure 14 lllustration of a piston sealing system and a rod sealing system. Source: modified from
[36]

O-rings arguably inhibit the simplest profile of reciprocating seals. A general guide for fac-
tors effecting friction in O-rings is provided by a major hydraulics manufacturer in
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Table 1. The table highlights the high number of variables affecting seal friction. The
most important parameters are the amount of squeeze and the metal surface finishes of rod
and chamber.
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Table 1 Factors affecting friction in O-rings in order of significance. Source: modified from [37]

To increase friction Factor To reduce friction
Increase Squeeze Decrease
Increase Metal surface finish (RMS) Decrease
Increase Seal material hardness Decrease
Decrease Relative motion speed Increase
Increase Cross section of seal Decrease
Decrease Hydraulic pressure Increase
Decrease Temperature Increase
Decrease Groove width Increase
Increase Diameter of rod or bore Decrease
Decrease O-ring surface finish Increase

The stiffness effects on the cylinder rod of reciprocating seals disappear when the pis-
ton is in motion, therefore they have trivial contribution to the overall stiffnesses of hydrau-
lic cylinders in dynamic conditions. Under dynamic loads, the contribution of seal friction is
more associated with the velocity term, damping. When the piston is in motion, the seals are
in sliding regime, meaning that the friction force is determined by the relative velocity of the
two surfaces.

In static and quasi-static loading, the maximum force acting on the seals is the stiction
force. The effects of friction can be estimated in static conditions by determining the deflec-
tion of the seal with the breakaway force.

However, the deflections are typically miniscule and the magnitudes of friction forces
in hydraulic cylinders are often significantly smaller than the working forces. Combining
equations (28) and (29) from the previous chapter yields the friction force according to the
LuGre model as:

F =04z + 0,z + o0,V (32)
where only the ¢,z term accounts for stiffness. Said term also only contributes to the total

stiffness when velocity is close to the zero-crossing point. In dynamic conditions, only the
damping terms are seen.

26



3 Description of test configuration

In this section the testing setup and calculation methods are presented. The aim of this
thesis is to determine the dynamic stiffness characteristics of a cylinder system illustrated in
Figure 15. The system consists of a 40/25-220 differential cylinder paired with one-way flow
control valves. Working pressures are 20,5 bar and 42 bar for the head end and rod end
respectively. The working pressures cause a downward net force of about 640 N.

| 42 bar — —

20,5 bar A |Qr/‘ B

/“?

Figure 15 Hydraulic diagram of the hydraulic cylinder system.

The test bench is presented in Figure 16. It consists of a symmetrical load cylinder, on
top, and the differential test cylinder, below, mounted to a vertical frame. In between the
cylinders a load cell is measuring the load forces. The load cylinder is driven to cause force
excitations to the test cylinder. Control is implemented with a direct operated proportional
valve paired with the load cylinder. The control system and data acquisition are run with an
industrial PC.
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Figure 16 Test bench setup.
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Two types of tests were conducted with the test bench: static stiffness tests and dy-
namic stiffness tests. For the static stiffness tests, flow through the test cylinder chamber
was entirely blocked. The static stiffness was determined by measuring the force and the
corresponding deflection of that force. In the dynamic tests, the stiffnesses were determined
in the frequency domain through force and velocity measurements.

The dynamic stiffness tests were designed for both extending and retracting motions.
The load cylinder was set to extend or retract the test cylinder with a constant velocity of 2-
3 mm/s. A sinusoidal force disturbance was added to the constant-velocity motion to cause
excitations. The displacement and force amplitudes were measured, and the dynamic stiff-
nesses in different piston positions were resolved.

The testing parameters for the dynamic loads were amplitude, frequency, flow control
valve opening, and direction. The amplitude was manually defined to values which would
not exceed the limits of the +5 kN load cell used to measure the force. The tests were con-
ducted with excitation amplitudes based on proportional valve spool opening of the load
cylinder. The testing frequencies were 10, 15, 20, 25, and 30 Hz. The flow control valves were
adjusted in three throttling positions: fully open, 50% closed, and 75% closed. Dynamic tests
were also conducted with the one-way flow control valves fully closed. This required the test-
ing to be conducted in set positions. The last test parameter, direction, was adjusted manu-
ally by applying an offset to the proportional valve opening, causing motion in either direc-
tion. The offsets were adjusted to each test configuration separately since the dynamics of
the system changed significantly when varying the other parameters.
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3.1 Hydraulic components

The detailed test bench hydraulic diagram is shown below in Figure 17.

oy () J s | 3
IH»---m. I di ) x N X (10 )
(&) P N\ = <
: | ] — 1l f/;;\: —
[ ] F | N Q.z ) ':; ?;
- N -
| - N U
= M -
POl 1A (D) rf—;‘j (s )
M v $ S -
/’:T\I l/:;‘\l IIIIIIIIIIIIII p p o
N '\..H\_'__/ - U ' u — l/‘ l/-"‘“\
5 o L\.”-j S (124 )
'|. ALB ﬁ q“_],z J_‘\..a' Al :{ 117 ) i _E_f_‘
/ sl oy e A ¥ THa Tt | = I Junre
>< IOl | 1) <] Y_J". /1N [_J, E A
f
=h e 7
\l/l [ ss : o P U r/;_:'n 4
U N 2
42 par [ !
R
—q\ o 4 P .
A J ;\11.1 | 4 I
(> AP =4
L5 '\ 17 ( 32 )
e [S— 4L l\_‘__’,f
I / 20,5 bar . A
L_» P K \‘
JUuL
R s

Figure 17 Test setup hydraulic diagram.

The hydraulic system is powered by a 22-kW electric motor coupled with two gear pumps to
pressurize the circuits. The electric motor and pumps are shown in Figure 18. The first pump
powers up the load cylinder circuit and the second one powers up the test cylinder circuit.
The pressure in both test cylinder and load cylinder circuits are adjusted with pressure relief
valves (PRVs).
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Qil reservoir

Figure 18 The electric motor and gear pumps.

The load cylinder is a symmetrical cylinder with a stroke of 250 mm and piston diam-
eter of 40 mm. The rod, coming through both ends, has a diameter of 20 mm. The sealing
elements were chosen to be as frictionless as possible. Both piston and rod sealing systems
consist of PTFE seal rings alloyed with bronze, coupled with O-rings. The load cylinder is
actuated by a Parker DFplus direct operated proportional valve. The proportional valve in-
hibits a high frequency response due to voice coil actuation.

The pressure levels for the 40/25-220 test cylinder are adjusted coarsely with a PRV
and more accurately with proportional pressure reducing valves for each cylinder chamber.
Between the proportional pressure reducing valves and the cylinder chambers are the one-
way flow control valves. Pressures are measured on both sides of the one-way flow control
valves to be able to detect the opening of the check valves and to record the pressure losses
over the valves. Also, pressure is measured between the PRV and the proportional pressure
reducing valves, to record the pressure variance caused by loading the system.

The test cylinder hydraulic diagram is represented in Figure 19. The hoses and pipes
are also labeled in the diagram with “H” and “P” respectively, and their dimensions are pre-
sented in Table 2.
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Figure 19 Test cylinder hydraulic diagram.
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Table 2 Dimensions of test cylinder circuit hoses and pipes. Labels referring to Figure 19.

Component Length [m] Inner diameter [mm] Outer diameter [mm]

H1 0,6 25 30
Hz 1,2 25 30
H3 1,0 25 30
Hg 0,8 25 30
H5 0,4 9,5 12
H6 0,4 9,5 12
H7 0,6 9,5 12
HS 0,8 9,5 12
PA 0,1 9,5 N/A
PB 0,1 9,5 N/A

When determining the stiffness under dynamic loads, the expansion stiffness of at least
hoses H7, H8 (as well as their additional fluid volume) need to be addressed. The pipelines
PA and PB consist of several hydraulic fittings, meaning that the outer diameters are not
uniform throughout their lengths. Therefore, the expansion stiffness of said pipelines can be
considered as arbitrarily large. Thus, only the added fluid volumes of the pipes (PA and PB)
is considered when calculating the stiffness of the system.

The one-way flow control valve, mounted on both test cylinder ports, is shown in Fig-
ure 20. The valve consists of a needle for throttling and a spring-poppet to enable free flow
in one direction. The effective orifice areas of free flow and needle valve when the needle is
fully open are 0,64 cm2 and 0,22 cm? respectively.

Figure 20 Parker F series one-way flow control valve a) overview b) partial section view. Source:
[38]

The one-way flow control valves are connected to Parker VMY series pilot operated
proportional reducing valves, shown in Figure 21. The valves are utilized to set the working
pressures in the test cylinder as 20,5 bar and 42 bar for A and B chambers respectively.
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Figure 21 Parker VMY pilot operated proportional reducing valve overview and symbol. Source: [39]

The full list of hydraulic components is presented in Table 3. The item numbers refer
to the full hydraulic diagram shown in Figure 17.

Table 3 Hydraulic components bill of materials. Numbering referring to Figure 17.

Item no. Item description Type Manufacturer

2.1 Gear pump - -

2.2 Gear pump - -

3.1 Pressure-relief valve (load cylinder) - -

3.2 Pressure-relief valve (test cylinder) - -

4 Direct operated proportional valve D1FPE50MA9NB0O Parker

(DFplus)

6 Load cylinder 40/20-250 Ravaltsu Oy
(symmetrical)

10 Test cylinder 40/25-220 -
(differential)

11.1 One-way flow control valve F600 Parker

11.2 One-way flow control valve F600 Parker

12.1 Proportional reducing valve VMY-100K06NV1P Parker

12.2 Proportional reducing valve VMY-100K06NV1P Parker
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3.2 Electrical components

Data acquisition and test run logic were executed with a C6920 Beckhoff Industrial PC,

presented in Figure 22. The system was programmed and run in TwinCAT 3 - the automa-
tion software provided by Beckhoff.

Ve o

V.14
LS

Figure 22 Beckhoff C6820 Industrial PC. Source: [40]

The absolute position of the cylinder ends was tracked with a GYSE-A analog linear
magnetostrictive sensor, shown in Figure 23. The contactless sensor measures the displace-
ment of the circular magnet over the sensor rod. The magnet was attached to a flat bar which

was mounted in between the load cylinder and the load cell (described in more detail in
section 3.3).

Figure 23 GYSE-A magnetostrictive linear sensor. Source: [41]

The relative piston velocity was determined with two Briiel & Kjer accelerometers with
frequency range of 0,1 Hz to 4800 Hz. One accelerometer was attached to the frame and
another was mounted on the flat bar, where the magnet for the GYSE sensor was located.

Both accelerometers were coupled with a charge amplifier with built-in integrator to acquire
the velocity amplitudes.

Figure 24 B&K accelerometer. Source: [42]
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The force measurements were conducted with an HBM U2B load cell, shown in Figure
25. The load cell measuring range was +5 kN, and it was placed between the load and test
cylinders. The measurement method is based on a strain gauge inside the frame of the load
cell. The nominal deformation with a 5 kN force is provided by the manufacturer as 0,047
mm. Therefore, its stiffness can be approximated as: 106 MN/m. This will be considered in
further stiffness calculations.

-

Figure 25 HBM U2B load cell. Source: [43]
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Electrical components used in the test bench (excluding the control and data acquisi-
tion components) are listed in Table 4.

Table 4 Electrical components bill of materials. Numbering referring to Figure 17.

Item no. Item description Type Manufacturer
1 Electric motor 22 kW, 1480 r/min HXUR 368G2 B3 Oy Stromberg Ab
5.1 Pressure sensor 250 bar HDA 4700 HYDAC
5.2 Pressure sensor 250 bar HDA 4700 HYDAC
5.3 Pressure sensor 100 bar NAT 8252100.0A Trafag
5.4 Pressure sensor 40 bar NAT 8252 40.0A Trafag
5.5 Pressure sensor 100 bar NAT 8252 100.0A Trafag
5.6 Pressure sensor 40 bar NAT 8252 40.0A Trafag
5.7 Pressure sensor 100 bar NAT 8252 100.0A Trafag
7 Position & velocity sensor A-500-M-N- GYSE
CNCD10VA999
8.1 Load cell +5 kN U2B HBM
8.2 Strain gauge amplifier DPM-603A Kyowa
9.1 Accelerometer (rod) 4381 Briiel & Kjaer
9.2 Accelerometer (frame) 4381 Briiel & Kjaer
9.3 Charge amplifier Nexus 2692-A Briiel & Kjaer
12.3 PWM module for proportional PWDXXA-40X Parker
reducing valve (12.1)
12.4 PWM module for proportional PWDXXA-40X Parker

reducing valve (12.2)
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Other accessories include Beckhoff terminals and the industrial PC for data acquisition
and control. The Beckhoff system configuration used to implement data acquisition and con-

trol of the test bench is shown in Figure 26.
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Figure 26 Control and data aqgcuisition system configuration.

The Beckhoff accessories used are listed in Table 5. Type details and descriptions are

included.

Table 5 Beckhoff control system bill of materials

Item no. Qty. Item description Type
1 1 Power supply 24 V, 10 A PS2001-2410-0000
2 1 Industrial PC C6920-0050
3 1 EtherCAT coupler EK1100
4 4 4-channel analog input terminal EL3174
5 2 Potential distribution terminal EL9184
6 1 2-channel analog output terminal EL4132
7 1 2-channel PWM output terminal EL2535-0002
8 1 2-channel overcurrent protection terminal EL9222-5500
9 1 5V DC power supply terminal EL9505

3.3 Determining the stiffness of the test cylinder

In chapter 2, static stiffness was introduced as the ratio of applied force proportional
to the corresponding displacement. Determining the stiffness of a hydraulic cylinder system
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requires measurements throughout the stroke of the cylinder. This section covers the stiff-
ness calculations with the presented models, as well as the measurement and testing pro-
cesses.

Force and displacement are required to determine the stiffness of a hydraulic cylinder.
The configuration of the most crucial measurements is shown in Figure 27. The figure high-
lights the placement of the sensors and thus the measuring points of the force, velocity, and
position, which are all used to determine the stiffness in different setups. The displacements
caused by static loads were determined with the GYSE-A position sensor and the displace-
ments caused by dynamic loads were recorded with the accelerometers.

Load cylinder

Gyse position
measurement point

Accelerometer

position

Test cylinder
sensor

Figure 27 lllustration of force, velocity and position measurements in the test bench.

The free-body diagrams of the cylinders are shown in Figure 28. Forces are measured
by an inner strain gauge in the load cell, meaning forces elongating the load cell are positive
and forces compressing the load cell are negative.
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Figure 28 Free-body diagrams of the cylinders in the test bench with an upward loading force.
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Based on this, the load cell force, F;, is:
F, =3F,; = SFp¢ (33)

where XF, is total load cylinder force, and ZF; is total test cylinder force. £F,. consists of
the load cylinder hydraulic force, F; ¢, and load cylinder friction force F,,, as can be seen in
Figure 28, but it is also the actual loading force acting on the test cylinder rod recorded by
the load cell, F;. Since the test cylinder positive force direction is upwards (and the load cell
bottom half positive force direction is downwards), the load cell force is:

Fi, = Fren — Frep (34)

where Frcy and Fr, are the total test cylinder hydraulic force and total test cylinder total
seal friction force respectively. The pressures in both chambers of both cylinders are meas-
ured, so the hydraulic forces can be determined. The hydraulic force of a cylinder is:

Frey = pala — peAsp (35)

where p, and p; are the pressures in the cylinder chambers and A, and A are the effective
areas of the piston for each chamber. As F, and F;.; are measured in the system, the friction
force of the test cylinder can be estimated as:

Frey = Fi, — pala — peis (36)
Friction is always directed towards the opposite direction of motion.
3.3.1 Stiffness model for static tests
The static stiffness model for the cylinder system was compiled according to equation
(3). In the test bench, piston position is measured from the end of the load cylinder. There-
fore, the stiffness of the load cell needs to be considered as an addition. Corresponding sys-

tem parameters were assigned according to the test bench, and the theoretical static stiffness
was calculated as a function of piston position. The static stiffness of the test cylinder is then

— ettt —

e (L, 1.1 - (37)
"(ko k, k. kL)
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where k; is the stiffness of the load cell, which was calculated earlier as 106 MN/m. MATLAB
was used to calculate and plot the stiffness curve. The resulting test cylinder static stiffness
is plotted as a function of piston position in Figure 29. A bulk modulus value of 1600 MPa
was used to calculate and plot the stiffness.
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Figure 29 Theoretical test cylinder static stiffness as a function of piston position.

3.3.2 Static stiffness measurement process

To determine the static stiffness of the test cylinder, the configuration was modified.
The one-way flow control valves were replaced with needle valves to disable flow through
the cylinder chambers as shown in Figure 30. Measurements without flow in the cylinder
chambers would disclose estimates of the bulk modulus and air contents in the cylinder. To
measure the static stiffness throughout the whole stroke, several piston positions need to be
included.

11— 42bar A B

20.5bar A B

M| |1

Figure 30 Test cylinder configuration for testing only the cylinder stiffness characteristics.
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The static stiffness of the hydraulic cylinder was determined experimentally with the
modified configuration in Figure 30. The testing process, shown in Figure 31, occurred as
following: the desired starting position was sought with a P control loop (1), then the throttle
valves were closed manually (this can be seen in the force data smoothening, as the pump
no longer causes pressure oscillations in the chambers) (2), and a static load of 4 kN was
ramped up by a 2 second ramp (3) and was applied on the test cylinder for 3 seconds, which
resulted in a displacement of the piston (4). After the static loading ended (5), the throttle
valves were opened (6), and process was repeated for the next piston position.

290 Piston position and static loading force

2000

o5 | 11000

210 -

1-1000
205 -

Force [N]

| 4-2000

Piston position

200 ‘
- 1-3000

| = 4000

190

s . . ‘ s . . s 5000
0 o) 10 15 20 25 30 35 40 45
Time [s]

Figure 31 Static loading testing process.

The interval between piston test positions was 10 mm, and the start and end positions
were 5 mm from each end of the stroke. In all, 22 measurements were taken within a test
run. The loading direction and the starting points were varied between test runs. In each test
run the starting point was either at piston position 5 mm or 215 mm. In a single test run,
loads were only applied in one direction which resulted in four separate runs:

1) starting position 5 mm, load up;

2) starting position 5 mm, load down;

3) starting position 215 mm, load up; and finally,

4) starting position 215 mm, load down.

The axial force was extracted with the HBM U2B load cell paired with the Kyowa strain
gauge amplifier and the piston position from the GYSE-A position sensor. Then the stiffness
was simply calculated by dividing the changes in axial forces with the corresponding deflec-
tions.

3.3.3 Stiffness model for dynamic test setup
In the main testing setup, presented earlier in Figure 15, the hose expansion stiffness

and additional volume of the fluid lines were considered when calculating the theoretical
stiffness. Stiffness is then:

1 1 1 1 1)‘1 (38)



The resulting stiffness curve is plotted in Figure 32. This will act as the baseline for the
dynamic tests. The stiffness is calculated with an air compensated bulk modulus value of
1300 MPa.
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Figure 32 Theoretical stiffness of test cylinder with flexible hoses and additional volume as a
function of piston position between 5 to 215 mm.

The characteristics of flow is crucial in modelling the cylinder system. The dynamic
response of orifices can be applied as:

p dq pq? (39)
N

CA,m Nt/ 2(c.4,)°

where p; is the pressure between the valve and the head chamber, and p, is the pressure on
the other side of the valve, as shown in Figure 33.

lFL:Fsin(wt)
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Figure 33 Dynamic loading configuration and variables.
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The pressure in the head chamber is determined by the chamber hydraulic force as:

_Fra (40)
Pa = A
A

where F, 4 is the hydraulic force of the head chamber and A, is the head chamber piston
effective area. Assuming the flow resistance of the cylinder port to be negligible, we can ex-

press p, = py, SO:

_ Fiq (41)
Pz,
A
The flow is induced by an external force acting on the cylinder rod, which translates to
the fluid via the effective piston area. Therefore, the volumetric flow, g, is proportionate to
the speed of the piston as

qv +Aqy = Ayv (42)

where Agy, is the amount of compression, which was defined in equation (15). Rearranging
equation (42) and applying equation (15) yields:

Ay Vadpy (43)
av A K, dt
Applying equation (41) gives:
A V, dF sin(wt) (44)
= v —
W =24 KA,  dt
where F is the force amplitude.
B A (45)
Qv = Auv K 4, wFcos(wt)

and w = 27nf, in which f is loading frequency. As the throttle (orifice flow area) is varied, the
flow required to reach the cracking pressure of the check valve varies as well. Additionally,
the effective piston area is different for the test cylinder chambers.

The maximum flow rates in the dynamic tests without the check valves opening are
reached with 10 Hz loading and no throttle. The base velocity is 3 mm/s at maximum and
the velocity amplitude of the piston is no more than 20 mm/s until the check valve in the
head side opens (this is presented later in the results section). Calculating the Reynolds
number, the system can inhibit in the dynamic tests yields a Reynolds number of 100,8,
when U,,.., is estimated only by the relation of the piston head area A, to the orifice area 4,
as:

_4a (46)
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in which v is the piston velocity. This simplification disregards the compressibility in the
system and in practice, the average velocity of flow would be smaller, which would result in
a smaller Reynolds number. Comparing the calculated Re to Figure 7, we can see that the
flow coefficient is around its theoretical value C, = 0,611, but as the flow oscillates due to
the sinusoidal load, the Reynolds number changes as well. The flow coefficient therefore
changes between 0 to 0,611 during the loading. As equation (39), which captures the dy-
namic response of orifices, is heavily affected by the flow coefficient, it is extremely difficult
to estimate flow rates (and compression due to orifices) in an oscillating cylinder system
without flow measurements since the flow may change between laminar and turbulent in
the system. However, flow (and the lack of flow) can be seen in the measurement data
through comparing pressure levels throughout the system.

3.3.4 Measuring hydraulic cylinder dynamic stiffness separately

In the first part of the dynamic tests, the cylinder was once again isolated from the rest
of the system with needle valves as shown earlier in Figure 30. The testing process, illus-
trated in Figure 34, in this stage was very similar to the static tests. The piston was set to the
desired position with a P control loop (1), then the needle valves were closed (2), and a load
was applied, only, the loading was dynamic (3). Then the needle valves were opened (4) and
the process was repeated. The testing position intervals were the same as in the static tests:
10 mm. Starting positions of the test runs were 5 mm from the head end. Tests were con-
ducted with dynamic load frequencies of 10, 20 and 30 Hz.
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Figure 34 Dynamic test run process.

The dynamic load was applied for four seconds, and three seconds of velocity and force
data was extracted from each testing position to determine the stiffnesses. The loading am-
plitudes resulted from open-loop control over the loading cylinder. A sinusoidal command
signal was given as input to the load cylinder proportional valve. The amplitude of the signal
was set to correspond 8% opening of the valve spool at all frequencies. Due to the dynamics
of the proportional valve, 20 and 30 Hz signals needed to be amplified to reach the corre-
sponding 8% opening amplitude.

The measurement data were acquired from the acceleration sensors and load cell. The
velocity data was readily available from the charge amplifier of the accelerometers, and it
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was integrated further in the data processing stage to acquire the position amplitude of the
piston rod end. Two accelerometers were used: one was mounted to a flat iron bar between
the load cylinder and load cell, as shown earlier in Figure 27, and another on the test bench
frame, as seen in Figure 16. The velocity data were subtracted from each other to cancel out
the vibrations on the test bench frame, resulting in only the piston velocity relative to the
test cylinder mounting.

In the dynamic tests, frequency domain analyses were conducted. The velocity and
force data were examined in the frequency domain to calculate the stiffnesses specifically in
the loading frequency. Fast Fourier transform (FFT) was applied to both velocity and force
datasets in a MATLAB script. The amplitudes at the loading frequency were extracted from
the Fourier transforms of the datasets to filter out noise and disturbances from the data. The
Fourier transform of velocity was then integrated to get the displacement amplitude. Then
the amplitudes at loading frequencies of the piston displacement and axial force (shown in
Figure 37) were used to calculate the stiffness of the cylinder.

3.3.5 Measuring the whole hydraulic cylinder system dynamic stiffness

After the isolated cylinder tests were conducted, the needle valves were replaced by the
original one-way flow control valves of the system. The testing variables were loading fre-
quency, throttle level, and direction. Tests were carried out with the different testing param-
eters with piston in motion. However, the boundary condition of fully throttling the valves
forced to conduct tests with the piston in static position.

To measure the dynamic stiffness throughout the stroke of the hydraulic cylinder, an
offset was applied to the dynamic load so that test cylinder piston was on average either
retracting or extending at a velocity of 2 to 3 mm/s, which is close to the system’s initial
working state. The piston motion is illustrated in Figure 35. The loading force amplitude was
implemented by setting the proportional valve spool opening amplitude of 8 %. As the test
runs were conducted from 5 to 215 mm of the stroke, each dynamic loading test run lasted
from 70 to 105 seconds.
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Figure 35 Piston position data of a full dynamic test run. Piston rod extending.
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Each test run dataset was exported from TwinCAT environment to MATLAB. In a
MATLAB script, the data was split into smaller, 5 second datasets, as illustrated in Figure
36. The interval between the 5 second datasets was 2,5 seconds, meaning overlap between
the datasets. The overlap allowed more frequent calculations of the stiffnesses throughout
the stroke. The interval of 5 seconds ensured that enough data was recorded on each dataset
to achieve good results. Long time intervals for the datasets would flatten out the stiffness
data and the nonlinear traits would not be recorded properly.
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Figure 36 Dataset split into intervals. Position data from Gyse-A sensor.

Like in the dynamic loading tests with the needle valves, the forces and velocities were
acquired with the load cell and accelerometers. The loading amplitudes were also adjusted
similarly by amplifying the open-loop sinusoidal command signal to correspond 8% spool
opening. In each of those datasets, the average displacement amplitude and average force
amplitude were resolved by computing their Fourier transforms. The Fourier transform of
the velocity data was, again, integrated to acquire the position. Then the amplitudes corre-
sponding to the loading frequency were used to calculate the stiffness in the average position
of the piston. Examples of the Fourier transform amplitude peaks are presented in Figure

37-
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Figure 37 Fourier transform of first dataset axial force and piston position.
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Full throttling of the one-way flow control valves disables flow out of the chambers.
Therefore, the piston base velocity must be zero in the boundary condition of full throttle.
Test runs with the one-way flow control valves fully throttled were conducted identically
with the dynamic loading with the needle valves (in section 3.3.4); the desired position was
reached with the P control loop with valves open, then the valves were closed, and the dy-
namic loading occurred. The valves were then opened, and the new piston position was set,
and testing procedure repeated. The piston position intervals and the starting positions were
again, 10 mm and 5 mm respectively.

The opening of the check valves was monitored by measuring the pressures on both
sides of the one-way flow control valve as shown in Figure 38. The pressure difference be-
tween A and B was calculated (A - B). If the measured pressure difference drops below -0,4
bar the check valve opens.

1B AmB
o =

LPI i I3|

Figure 38 Pressure measurements to determine the opening of the check valves.
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Phase shift between force and velocity, which is easily extracted from the FFT data,
contains information of the response of the system. Calculating the Fourier transforms
yields a complex number. In this application, the imaginary part represents damping and
the real part stiffness. Therefore, the phase shift between the two yields an estimate of the
spring-damper behavior. More specifically, the phase shift between force and velocity de-
scribes if the system is dominated by the stiffness characteristics or the damping character-
istics.

A sinusoidal force acting on a freely moving mass, causes a sinusoidal velocity with a
shifted phase. If the inertial effects of the mass are neglected and the mass is not deformed
by the force, the phase shift of the force and resulting velocity is 90°. As the velocity is sinus-
oidal, the resulting displacement will also be sinusoidal, and the phase shift relative to ve-
locity will be 90°. Thus, the phase shift of force and displacement will be 180°.

Therefore, phase shifts between the measured forces and velocities of each run yields
information of the traits of the cylinder system; if the phase shift is 90°, the system behaves
like a spring system, and if the phase shift is 0°, it behaves like a damper system. In practice,
the phase shift is expected to be between 0° and 90°, making it a damped spring system.
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4 Results

The conducted measurements covered both static and dynamic stiffness tests. To de-
termine the baseline static stiffness of only the hydraulic cylinder, static loads were applied.
For this measurement, the one-way flow control valves were replaced with throttle valves to
cut flow through the cylinder ports entirely. These static stiffness measurements served as a
baseline for the maximum stiffness of the hydraulic cylinder. Then, the test cylinder system
stiffness was investigated under dynamic loads in three different piston conditions: static,
extending and retracting. The throttle of the one-way flow control valves was varied along
with the frequency of the load. Restricting the flow increases the stiffness and therefore the
cylinder system inhibited the highest stiffnesses when the valves were closed. This chapter
covers all the experimental data and results.

4.1 Static stiffness measurements

The displacements, caused by the static loads, were measured with the absolute posi-
tion sensor. The forces acting on the test cylinder rod end were captured with the load cell
between the load cylinder and the test cylinder. The four separate runs to determine the
static stiffnesses were:

1) direction up, load up

2) direction up, load down

3) direction down, load up

4) direction down, load down

Stiffnesses were calculated and plotted over the piston position as follows. In the
graphs, “up” is analogous with the direction to which the cylinder extends and “down” to
which it retracts. The resulting stiffness curves were smoothened with the MATLAB smooth
function.
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Figure 39 Measured stiffnesses with static loading.

There are some discrepancies with the measured and predicted stiffnesses in the ends
and when the load is downwards. The measured data itself does not vary between the piston
direction.

In the first graph in Figure 39, the loading force upwards was 3,4 kN and 4,6 kN down-
wards. On the second graph on the right, the loading force upwards and downwards were
3,5 kN and 5,1 kN respectively. The loading forces were set as 4 kN, with 2 a second ramp-

47



up to the maximum value, but the working pressure difference in the test cylinder causes a
downward force, offsetting the force values while the piston is static. Static loading forces
are displayed in Figure 40. It also displays that the load cylinder sealing system leaves the
load cell pinned when the direction is up. The load cell force stays elevated after the desired
position is reached.
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Figure 40 Static loading forces from load cell and test cylinder hydraulic forces.

Test cylinder chamber pressures at the same piston positions are shown in Figure 41.
All the highlighted pressure values are at piston position 185 mm. The pressure level in the
head chamber drops down to 12 bar, while the pressure in the rod chamber climbs up to 62
bar, when loading is upwards. The increase in pressure in the chambers opposing the loading
force is approximately at a constant of 20 bar. However, the decline in the chamber in which
the pressure drops due to the loading force, varies with the loading direction. The decreases
and increases in pressure levels are significant. The bulk modulus varies according to the
pressure levels, and the variance is significant if the system has any undissolved air.
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Figure 41 Test cylinder head and rod chamber pressures during static loading.

The resulting piston displacements with constant load force steps throughout the test
cylinder stroke are presented in Figure 42. The resulting displacements were between:

1) 0,31...0,48 mm (load down, direction up),
2) 0,31...0,47 mm (load down, direction down),
3) 0,11...0,20 mm (load up, direction up),
4) 0,13...0,21 mm (load up, direction down).
g5 Displacements
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Figure 42 Displacements caused by static loads. Data processed with MATLAB smooth function.
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Absolute values of all four static test runs are presented in Figure 43. Hysteretic behav-
ior can be seen in the force data when the load was applied downwards. The piston is driven
from end to end with a relatively high speed with the P controller before the test run begins.
Also, the same piston speeds occur between the loadings, when adjusting the piston to the
new loading position. This might contribute to elevated pressure levels in the test cylinder
and cause hysteresis.
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Figure 43 Static forces measured with load cell. Data processed with MATLAB smooth function.

The measurements, however, show no significant difference between the direction and
stiffness. The displacements ultimately determine the stiffness since the loading method and
configuration is not changed between the test runs. The loading cylinder is a symmetrical
cylinder, and its pressure levels were kept constant.

The fact that the perceived stiffness was lower when the loading direction was down-
wards could be explained by undissolved air in the system. The downward force decreases
the pressure from 42 bar down to 17 to 19 bar in the rod chamber, which could cause dis-
solved air to emerge from the hydraulic fluid, which would cause the stiffness to decrease
further. Additional air volume in either chamber would significantly decrease the effective
bulk modulus as discussed in section 2.1.2.

4.2 Dynamic loading tests

Dynamic loads were applied to the cylinder system in the two different configurations
of the cylinder ports, 1) with needle valves which is discussed in section 3.3.4; and 2) with
one-way flow control valves which is also discussed in section 3.3.5 Needle valves were used
to acquire the isolated hydraulic cylinder stiffness characteristics under dynamic loads. The
one-way flow control valves were reinstalled to determine the stiffnesses of the initial hy-
draulic cylinder system.

50



4.2.1 Dynamic loading tests cylinder stiffness

The first dynamic loading tests were conducted with the needle valves preventing flow
through the cylinder ports during loading. Tests were done with loading frequencies of 10,
20, and 30 Hz. The resulting stiffness curves are presented in Figure 44.
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Figure 44 Measured dynamic stiffnesses of the test cylinder without flow.

The velocities, test cylinder hydraulic forces and load cell forces for different loading
frequencies are shown in Figure 45. The test cylinder hydraulic forces were calculated by
measuring the pressure difference over its chambers. Even though the loading cylinder pro-
portional valve command signal was corrected so that the spool would reach 8% opening
with all frequencies, the loading force amplitudes still varied substantially: 3,9 kN for 10 Hz,
2.2 kN for 20 Hz and 1,2 kN for 30 Hz. However, the velocity amplitude remains fairly con-

stant.
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The force data from the load cell is slightly delayed compared to the test cylinder hy-
draulic force data. This is highlighted by plotting the test cylinder hydraulic force as negative
in Figure 45. The load is generated in the load cylinder, which is attached to the test cylinder.
So, in principle, the test cylinder hydraulic force phase ought to be delayed, and not the other
way around, as it unfolds in the data. This may mean for example that the pressure sensors
in the test cylinder inhibit better response times than the load cell and the strain gauge am-

plifier.
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Figure 45 Velocity and force data derived from accelerometers, pressure sensors and load cell.
Piston position is 185 mm in all graphs.

The load cell force amplitudes are also higher than the hydraulic force due to the hy-
draulic force neglecting sealing element friction. The decrease in force amplitude implies
that the pressure rise in the load cylinder chambers is insufficient to keep the loading at a
constant magnitude. This may be due to too high flow resistance in between the proportional
valve and load cylinder.
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The velocity in Figure 45 drops suddenly soon after going past the force zero-crossing
point. This is likely due to the behavior of the seals in the cylinder. When sliding on the
surface of a rigid body, an elastic sealing element deforms in the direction of the friction
force (which is opposite to the direction of velocity). After reaching the sliding regime, the
deflection stays constant. When the loading force changes direction, the seal deflects in the
other direction, likely causing the nonlinearity seen in the velocity data. This is demon-
strated in Figure 46 which shows the previously discoursed LuGre bristle model. The non-
linearity also shows in the hydraulic force data of the test cylinder, but the response time of
the load cell is not sufficient to capture the nonlinearity properly.

Relative velocity Relative velocity

[ ] [ ]
E, E,
/7777777 AAN VNN

Figure 46 Bristle modelling of an elastic component sliding against a rigid surface. Source: modi-
fied from [32]

The starting point of the nonlinearity shifts further away from the zero-crossing point
with higher frequencies when the piston is going upwards, but not when going downwards.
This is highlighted in the graphs in Figure 45: the beginning of the nonlinear behavior in the
hydraulic force is seen in different values. The values being 188,7 N at 10 Hz; 364,7 N at 20
Hz; and 376,2 at 30 Hz.

4.2.2 Dynamic stiffness measurements of entire hydraulic cylinder system

The whole cylinder system stiffness was measured with the one-way flow control valves
as described in section 3.3.5. The stiffness plots are divided by the direction of motion. This
section covers the upwards and downwards motion tests in respective order.

The dynamic loading tests with the test cylinder in upwards motion yielded stiffness
curves are shown in Figure 47. The testing variables were one-way flow control valve throttle
level, frequency, and direction.
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Figure 47 Measured cylinder stiffnesses of dynamic test runs upwards.
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The impacts of throttling on the resulting stiffness reduce with higher loading frequen-
cies. When the loading frequency is 25 and 30 Hz, throttling contributes very little to the
stiffness. This means that flow through the one-way flow control valves reduces to nonexist-
ent. When flow is minimized, the effect of other components decreases, and the cylinder
stiffness characteristics appear more like the cylinder with plugged fluid lines.

Stiffness peaks are seen in 20 Hz loading frequency. The throttling decreases the stiff-
ness peak values, which points that the cause is related to the whole system, involving other
components outside the cylinder and one-way flow control valve subsystem.

Figure 48 shows that the phases of the hydraulic forces in the chambers are out of
phase when the piston is close to the ends. In all but 20 Hz loading frequencies, the test
cylinder chamber pressures (and the corresponding hydraulic forces) are in the opposite
phases throughout the test runs, which is what is expected, since the pressure in one cham-
ber should rise in one chamber at the same time as the other should decrease.

Hydraulic forces in test cylinder chambers in different positions (20 Hz)
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Figure 48 Hydraulic forces in cylinder chambers at 20 Hz loading frequency and no throttling at
piston position: a) ~7 mm; b) ~92 mm; and c) ~204 mm.

Figure 49 presents the hydraulic forces in around the same piston positions as in Fig-
ure 48, with 10 Hz loading frequency, for reference. In Figure 49, the chamber hydraulic
forces are in opposite phase. The pressures being in opposite phases causes antiresonance,

which limits the displacement amplitude. This is considered in the theoretical stiffness cal-
culations.

Hydraulic forces in test cylinder chambers in different piston positions (10 Hz)
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Figure 49 Hydraulic forces in cylinder chambers at 10 Hz loading frequency and no throttling at
piston position: a) ~5 mm; b) ~64 mm; c) ~172 mm.
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The phase shifts between the measured forces and velocities with the cylinder extend-
ing are presented in Figure 50. Phase shift of zero degrees implies that the system behaves
like a damper and phase shift of -90 degrees means that the cylinder system behaves like a
spring. Positive phase shift indicates that the inertia of the system (piston rod and fluid in-
ertia) dominates the motion.
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Displacements and forces used to calculate the stiffness are presented in Figure 51. All graph
values are mean values of each FFT datasets. A decline in the force amplitudes can be seen
at higher frequencies.
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Figure 51 FFT data of displacements and forces throughout the test runs.
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Stiffnesses with the cumulative piston motion downwards is presented in Figure 52. Simi-
larities can be seen between runs with the piston going upwards and downwards. The same
stiffness peaks at 20 Hz are seen here as well. Since the system is rather direction-independ-
ent stiffness-wise, further results and comparison will be presented in only one direction.
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Figure 52 Stiffnesses under dynamic loads with piston motion downwards.
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Phase shifts between the force and velocity measurements with the cylinder retracting are

shown in Figure 53.
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Figure 53 Phase shifts between measured force and velocity. Piston direction downwards.
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The displacement amplitudes and force amplitudes extracted with FFT is shown in Fig-
ure 54.
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Figure 54 Measured displacement and force amplitudes. Piston in downward motion.
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Velocity data from the accelerometers and the force data from the load cell is shown in
graphs in Figure 55. Amplitudes of both velocity and force are reduced when the loading
frequency increases. The difference in phase shift can be seen from the graphs as well. With
10 Hz loading, the velocity phase is lagging in relation to the force, and with 30 Hz loading,
the force is behind in phase.
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Figure 55 Velocity and force data. Direction up, loading frequencies: a) 10 Hz and b) 30 Hz.

The pressure difference over the one-way flow control valves was measured to monitor
the opening of the check valves. In Figure 56, the pressure differences in both fluid lines are
presented. The testing parameters are the same as in Figure 55 above. The pressure differ-
ence over head side one-way flow control valve drops below -0,4 bar in the 10 Hz loading
frequency test (t = 40,05 s; 40,15 s and 40,25 s), which can be seen as sudden increases in
velocity in Figure 55 a) in the same corresponding times. The same phenomenon occurs in
the 30 Hz loading frequency. Without throttle, rod side check valves seem to stay shut.
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Figure 56 Pressure differences over one-way control valves. Testing parameters corresponds to

graphs in Figure 55.
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Similar graphs with higher throttling are presented below. The velocity and force data
are shown in Figure 57.
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Figure 57 Velocity and force data. Throttle 75%, loading frequency a) 10 Hz and b) 30 Hz.

Figure 58 shows the pressure differences over both one-way flow control valves. In
Figure 58 a), the opening of the check valve is evident and clear. When the pressure differ-
ence reaches the cracking pressure, the pressure difference saturates to the cracking pres-
sure with some oscillation. At 30 Hz loading frequency, the pressure difference data is not
that clear. The head side one-way flow control valve opens, but whether the rod side valve
opens, is difficult to determine because the pressure is only briefly in the cracking pressure
range.
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Figure 58 Pressure difference over one-way flow control valves. Testing parameters corresponds
to graphs in Figure 57.
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Figure 59 shows the sealing system slip (which was discussed in the dynamic tests with
needle valves in section 3.3.4) and the check valve opening times. The head side check valve
opens at the same time as the rod side check valve closes. After the next force zero-crossing
point, the head valve closes and shortly after that, the rod valve opens. When the motion is
turning downwards, the seal slip cannot be seen separately. It is likely, that it occurs at the
same time as the check valves open.
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Figure 59 Velocity, force, and pressure differences over one-way flow control valves. Data from
Figure 57 and Figure 58.

Figure 60 shows that the response time of the check valve is small: the pressure differ-
ence overshoots very little below the cracking pressure. Then the pressure difference oscil-
lates around the cracking pressure due to pressure oscillations caused by the pump.
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Figure 60 Pressure differences over one-way flow control valves when head side check valve is

opening and rod side valve is closing.
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However, when the pressure levels are close to the cracking pressure, the sudden additional
flow can cause the recently opened check valve to close. The pressure response of the valve
closing again might get mixed up with the ambient pressure oscillation, but it might be seen
in the pressure difference decline in the opposite side chamber. The decline in pressure dif-
ference in the opposite side chamber may also be caused by the pressure reducing valve.

The time interval between reaching the cracking pressure and seeing an increase in the
pressure difference is approximately 1 ms. This is an implication of the response of the check
valve. However, the sampling time of the data acquisition system was 0,5 ms and the rise
time of the pressure sensors from 10 to 90 % full scale value was reported as 1 ms by the
manufacturer. Therefore, with the available data it is only possible to state that the response
of the check valve is less than or equal to 1 ms.

When the rod side check valve opens, there is no decline in the pressure over the head
side valve as seen in Figure 61 (also in Figure 59), which implies that the flow is significant
enough to keep the rod side check valve from closing again immediately.
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Figure 61 Pressure differences over one-way flow control valve when the rod side check valve is
opening.

At 20 Hz, clear stiffness peaks can be seen exceeding the modelled static stiffness by a
stretch. As these sorts of peaks were not present in the previous measurements, where the
cylinder system was isolated with the needle valves, the cause must be in the system after
the hydraulic cylinder. Components and fluid volumes in the fluid lines may cause reso-
nances (or antiresonances).

4.2.3 Dynamic loads with fully throttled one-way flow control

With the valves closed, flow in one direction is entirely blocked. Therefore, the system
stiffness was measured in set positions with 10 mm intervals, starting at piston position 5
mm. This resulted in 22 individual stiffness measurements throughout the length of the
stroke (5 mm to 215 mm). The stiffness measurements were conducted at three different
frequencies, 10, 20 and 30 Hz as shown in Figure 62.
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Stiffness with full throttling
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Figure 62 Measured stiffnesses with full throttling of one-way control valves.

The measured stiffnesses agree quite well with the stiffness model. The biggest vari-
ances are again in the end positions. Also, at 10 and 20 Hz loading, the measured stiffness
is higher than the modeled stiffness in the middle of the stroke.

Measured force amplitudes can be seen from Figure 63. Each curve is a separate test
run done with manually opening and closing the one-way flow control valves between load-
ing, therefore the timings do not match.
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Figure 63 Force data from load cell with different frequencies (test timings not matching).
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The higher stiffnesses at 10 and 20 Hz loading is due to the one-way flow control valves
allowing fluid only to enter the system. The higher displacement amplitudes of 10 and 20 Hz
loading causes higher flow rates through the check valve. As the additional fluid cannot exit
the system, the ambient pressure levels rise. The test cylinder rod chamber pressures during
the measurements are presented in Figure 64. The increase in pressure level during loading
can be seen clearly at 10 Hz loading, the rod chamber pressure oscillates around 70 bar,
whereas the set pressure is at 42 bar. As the displacement amplitude decreases when apply-
ing higher frequency loads, the amount of new fluid introduced into the test cylinder de-
creases.
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Figure 64 Test cylinder rod chamber pressures during dynamic loading with fully throttled one-way
flow control valves.

In the first peak of the dynamic loading, the load deflects the stationary piston to one
direction, causing a pressure drop in the opposite side chamber. This forces the check valve
of the one-way flow control valve to open, which allows fluid to compensate for the pressure
drop. When the load decreases, the check valve is shut and flow through that side is blocked.
The new fluid in the system cannot escape from the chamber or fluid line since flow out of
the system is blocked entirely. In other words, the dynamic loading increases the pressure
levels in the cylinder chambers. The amount of increase in pressure depends on the magni-
tude of the load, and higher pressure levels lead to higher bulk moduli of the fluid, therefore
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in this configuration, the stiffness of the hydraulic cylinder system is also highly force-de-
pendent.

The effects of the check valve can be seen from Figure 65, where dynamic loading of 10
Hz frequency with flow control valves fully throttled and needle valves attached are com-
pared. Both datasets are taken at piston position 185 mm. The forces are identical, but the
motions inhibit differences. The effects of the one-way flow control valves can be seen as an
increase in the magnitude of nonlinearity on the zero-crossing point of force. The check
valves cause oscillations when opening and closing and introduce higher degree of nonline-
arity to the system.
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Figure 65 Velocity and force data, piston position 185 mm, fully throttled a) one-way flow control
valves, b) needle valves.
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5 Discussion

In this chapter, further discussion of the results is presented and suggestions for fur-
ther research is proposed. The section aims to explain the major anomalies encountered:
perceived static stiffness, as well as the stiffness peaks at 20 Hz loading. The validity of the
measurements and suggestions for future work are also discoursed.

5.1 Cylinder system static stiffness

The perceived static stiffness of the cylinder system did not depend on the motion di-
rection between the tests. It did, however, vary depend on loading direction; the system stiff-
ness was higher when the loads were upwards, as can be seen in Figure 66.
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Figure 66 Static stiffness test run, direction up.

The measured stiffnesses are somewhat lower than what is expected. The reason is
most likely undissolved air. As the working pressures in the chambers are fairly low, any air
contents trapped in the cylinder chambers (at atmospheric pressure) might not get dissolved
at all when the working pressures are applied. Uniformly distributed air would only offset
the stiffness U-curve to a lower level while maintaining its shape, but an undissolved air
volume trapped in the cylinder chambers would start to reduce the stiffness as the piston
gets closer to the ends. When the piston is close to the end of the chamber, the relative air
content becomes higher, decreasing the effective bulk modulus of the chamber, resulting in
a flattened stiffness curve.

A simulation model of the test cylinder system was built based on the literature re-
viewed in this thesis and the simulation results are shown in Figure 67. In the simulation, a
4 kN force was applied upwards or downwards for a few seconds and the displacement was
measured. The simulation model includes the effects of the sealing system. The simulated
curves resemble the measured stiffnesses quite well.
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Simulated cylinder stiffness
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Figure 67 Constant air volume stiffness simulation results. Chamber A air volume: 0,4 ml;
chamber B air volume: 0,08 ml.

The results from the dynamic test runs with plugged fluid lines support the constant
air volume hypothesis, since the stiffnesses in the ends are lower than expected. The low
working pressures and the vertical orientation of the test cylinder make the system more
prone to trapped air contents. With higher working pressures, small air contents at atmos-
pheric pressure would not affect the stiffness dramatically, since the air bubble would dis-
solve into the fluid and the remaining total volume of the air bubble would radically decrease
(or decrease to zero) due to the compression of the added pressure.

5.2 Cylinder dynamic stiffness

The stiffness characteristics of the hydraulic cylinder system were measured under dy-
namic loads with frequencies of 10, 15, 20, 25 and 30 Hz. Unexpected stiffness peaks were
discovered at 20 Hz loading frequency, as can be seen in Figure 68. The stiffnesses were also
slightly higher than expected at 25 Hz loading. As perceived peaks were not encountered
with full throttling (section 4.2.1), the proposed cause was the combined effects of the cylin-
der with the one-way flow control valves and the pressure reducing valves. Therefore, the
cause is a strongly frequency-dependent phenomenon in the system.
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For resonances to occur from fluid lines, the hoses of the system should have been sig-
nificantly longer, as discoursed in section 2.1.3, so pipe resonance can be ruled out as the
cause. The pressure reducing valves used in the test bench were pilot operated valves, which
react to pressure variation. It is likely that the valve still reacts to the pressure changes suc-
cessfully at frequencies of 15 Hz and below and reaches resonance at 20 Hz. At higher fre-
quencies, the valve acts as a passive resistance, restricting flow almost entirely, as the stiff-
ness curves follow the theoretical static stiffness quite well.

One method for increasing the damping could be amplifying the damping in the sys-
tem. In hydraulic cylinders this can be done by either increasing mechanical friction or in-
ternal hydraulic leakage [44]. Increasing mechanical friction means increasing the sealing
friction or with mechanical brake systems. The stick-slip phenomenon seen in reciprocating
seals is amplified when the sealing friction is increased, causing unpredictability in the sys-
tem. The dynamic responses of a mechanical brake would also increase the complexity of
the system and would require experimental testing to implement. Internal leakage between
the cylinder chambers could be introduced to hydraulic cylinders operating in the vicinity of
natural frequencies of the system, bringing added damping. Introducing internal leakage
also makes the system more complex and more difficult to control. The additional drawback
of increasing damping, mechanical or hydraulic, is that the efficiency of the system reduces.

The one-way flow control valves are used as dampers in the system. They resist the flow
out of the cylinder chambers. However, their low cracking pressure causes the internal check
valve to open when its corresponding chamber is expanding. This results in the loss of the
expanding chamber stiffness achieved with the throttling. The damping on the expanding
chamber side also decreases. The cracking pressure is as low as 0,4 bar, meaning that the
damping and stiffness effects disappear from the expanding chamber even with small pres-
sure differences over the one-way flow control valve. By increasing the cracking pressure,
the stiffness effects of the expanding chamber could be utilized at a bigger pressure differ-
ence. Dynamics of the check valves should not be significant in this application, since the
F600 one-way flow control valve showed to have a response of 1 ms or so. Therefore, it
should be safe to state that the dynamics of a check valve with a slightly higher cracking
pressure would not cause resonances or interference in the system.

5.3 Measurement accuracy

Fourier analysis enables examining force, velocity, and displacement amplitudes at the
desired frequencies. This resulted in calculating the stiffnesses by dividing the force ampli-
tudes by the displacement amplitudes at the loading frequencies. The amplitudes, however,
yield no data of the direction. As the tested hydraulic cylinder has different effective piston
areas in each chamber and the pressure levels are different (and do not result in a net force
of zero), the displacements ought to be different in each direction. The difference is actually
seen in the static stiffness test results.

The fluid temperature was controlled with a heat exchanger. The temperatures were
between 25 and 30 °C. The thermal effects of 5 °C variance causes the pump pressure levels
change slightly, but the test cylinder chamber pressures were kept at constant pressure with
the pressure reducing valves.

The extracted force data of the load cell had a slight lag since the pressure data of the
test cylinder was ahead in phase. The Kyowa amplifier should be able to record force data at
up to a frequency of 10 kHz. Therefore, the cause for the slight phase shift ought to be due
the dynamics of the HBM load cell.
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The GYSE-A position sensor noise is shown in Figure 69. Without any filtering, the
peak-to-peak noise was 0,085 mm. These position measurements are used to calculate the
stiffnesses under static loading. The smallest displacements were 0,11 mm. However, the
displacements were reliably extracted by averaging the data with the MATLAB smooth func-
tion. And since the displacements were static, a longer averaging window could be used to
reduce noise of the signal. The noise of the post-processed data was reduced to a peak-to-
peak value of 0,011 mm. The resolution of the position measurements was limited by the 16-
bit data acquisition system and the sensor scale of 500 mm, to be 0,008 mm.
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Figure 69 Position sensor data a) unfiltered, b) filtered.

The accelerometers, used to determine the velocity, are piezoelectric charge sensors
which measure the rate of change of acceleration. Therefore, the displacement, which is used
to calculate the stiffness, is extracted from a measurement integrated three-folds. Each in-
tegration introduces an additional margin of error [45]. Integrating a measured signal can
be implemented via hardware or software, and in this setup, the integration is done twice in
hardware, and once in software. The Nexus charge amplifier, paired with the accelerometers,
utilizes internal integral circuits to obtain the velocity. The software integral method used to
obtain the displacement was frequency domain integral. There are numerous different soft-
ware integration methods and the accuracies of each vary [46], [47].

The GYSE-A position sensor is also capable of recording the velocity of the piston. In
Figure 70, the velocity data of both the accelerometers and GYSE-A are shown. The meas-
urements are in phase and the magnitudes agree quite well, showing that the velocity could
have been extracted from the GYSE-A as well. Concerns of the GYSE-A dynamic response
was the main reason, why accelerometers were used. Since the measured velocity amplitude
with the GYSE-A sensor is slightly higher at 30 Hz, the resulting stiffness would have in fact
been a bit lower if the GYSE-A velocity data would have been used.
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Figure 70 Comparison of velocity data extracted from GYSE-A and accelerometers at load
frequency of a) 10 Hz and b) 30 Hz.

The position data of the GYSE-A sensor could have been used directly if the resolution
of the setup would have been better. The displacements with 30 Hz loading were below 0,01
mm, which is rather close to the resolution of the measurement (0,008 mm).

5.4 Improvements in the test bench

Active PID feedback control was attempted in the system but proved to be difficult.
Position feedback with a velocity feedforward was attempted but as the displacements were
small, the signal-to-noise ratio of the position measurements was not satisfactory. Force
feedback was also experimented on, but the nonlinearity of the system and the variance of
loading frequencies led to difficulties in tuning the control parameters. Also, the propor-
tional valve opening amplitudes were aliased, which means that the load cylinder dynamics
were not sufficient for closed loop control in the higher frequencies.

To even reach the passive +8% openings for the proportional valve, the control ampli-
tudes needed to be amplified for the higher loading frequencies. The control value ampli-
tudes were determined by manually testing different outputs for each loading frequency.
The test setup still did not provide optimal test parameters, as the loading force amplitude
decreased when the loading frequency increased.

The tested outputs were validated by monitoring the spool position data from the pro-
portional valve with an oscilloscope in addition to the Beckhoff's own measurement of the
command signal. Generating constant force amplitudes with the load cylinder proved to be
a challenge. Even though the manufacturer provides documentation of having very little to
no lag between spool position and command signal at 40 Hz frequency with +90% command
signal, lag was already seen at 20 Hz with 8% command signal amplitude. The same lag was
seen in another tested DFPlus proportional valve unit, which could imply that the viscosity
of the fluid affects the spool motion significantly. This would require further investigation.

In addition, the proportional valve is not entirely linear, especially close to the zero-
crossing point, where the spool operates in the dynamic loading tests. Therefore, uniform
loading is difficult to implement without active control, and active control is very difficult to
achieve if the command signal and spool position begin to have a lag.

The load cylinder pressure data was measured in both cylinder chambers to capture
the dynamics of the loading cylinder as well, but this pressure data did not match the loading
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force or the test cylinder hydraulic force in the dynamic tests. This may be due to a significant
undissolved air content in load cylinder fluid lines. Undissolved air would hinder the dy-
namics of the pressure sensors significantly since the pressure rise time would increase.
Also, the horizontal orientation of the pressure sensors left them prone to entrap air.

The test cylinder chambers were not isolated from each other entirely. Only one pres-
sure supply line was introduced to the pressure reducing valves, and at lower loading fre-
quencies, the pressure oscillation reached the supply line. Isolating the chambers from each
other could simplify the behavior of the system and make it easier to interpret. The most
reliable way of isolating the chambers would be to have individual pumps for each chamber
supply, but in this thesis, the configuration was done according to the paper machine appli-
cation.

5.5 Future work

The response of the pilot operated pressure reducing valve could be a beneficial subject
for further studies. The fact that the perceived stiffness is more than doubled compared to
the expected stiffness contains potential for development of a compact, semi-active, low-
frequency resonator.

In 5.2, damping is proposed as a solution to increase the dynamic stiffness of the hy-
draulic cylinder system. Two methods were mentioned: mechanical damping and hydraulic
damping. Different sealing system damping characteristics could be studied to see if stiffer
seals made a difference. Also, the feasibility of the proposed bypass flow is yet to be vali-
dated. The bypass flow would in fact lower the static stiffness of the system but increase the
damping. The pressure difference of the chambers and the need for a slow, constant velocity
piston motion in its application might hinder the applicability of an added flow channel.

The difficulties of utilizing a hydraulic servo cylinder controlled by a proportional valve
was discussed in the previous section. The Parker DFPlus allegedly has the fastest propor-
tional valve response on the market. A functional hydraulic servo cylinder is an attractive
method for generating the loads due to the ease of having active control and being able to
change loading parameters without modifying the test bench. But since active control was
proven difficult possible, another type of loading might have to be considered as well. The
loading could be carried out for example by having a rotating mass on the end of the cylinder.

Since undissolved air was seen in the test cylinder system, analysis of the air solubility
rate might be beneficial too. When the loads compress the undissolved air, its relative vol-
ume slightly decreases and the rate in which that happens could affect the dynamics of the
whole cylinder system.
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6 Conclusion

In this thesis, the stiffness characteristics of hydraulic cylinders were discoursed. Rel-
evant research was reviewed and utilized to estimate the axial stiffnesses of hydraulic cylin-
ders. Dynamic responses and resonances introduced by hydraulic and mechanical proper-
ties were also examined.

The thesis involved an experimental part, in which the stiffness characteristic of a hy-
draulic cylinder system was tested in a test bench. The tested cylinder system was a subsys-
tem of a paper machine, which is subjected to oscillatory loads in its application. The test
cylinder system consisted of the differential hydraulic cylinder and one-way flow control
valves connected to its ports. Loads for the test cylinder system were generated with a hy-
draulic servo.

The cylinder system was examined under static and dynamic loads with varying load-
ing frequencies. The properties of the test cylinder were first examined separately by isolat-
ing the cylinder from the rest of the system. To achieve this, the one-way flow control valves
were replaced with needle valves. Static and dynamic loads were applied when the needle
valves were shut, isolating the test cylinder from the rest of the test cylinder hydraulic circuit.
These tests were conducted throughout the cylinder stroke at 10 mm intervals. The results
of the static loading tests varied from the predicted stiffness due to trapped air contents in
the cylinder chambers, and partially due to the difficulties of estimating the sealing system
stiffness. The static loading scenario was also simulated, and the results pointed towards the
chambers having constant air contents trapped in the chambers.

Dynamic loads with frequencies of 10, 20 and 30 Hz were applied with the cylinder
isolated from the test cylinder hydraulic circuit. The measured stiffnesses from these test
runs had better correspondence to the presented literature, but the measured stiffness val-
ues still varied significantly in the cylinder ends, confirming the constant air assumption.

The configuration of the hydraulic cylinder system was then modified to its actual use:
the needle valves were replaced with one-way flow control valves. Then the dynamic loading
tests were run with 10, 15, 20, 25, and 30 Hz while varying the direction and the level of
throttling in the one-way flow control valves. These tests indicated heavy influences of the
tested hydraulic cylinder from the rest of the system. At 10 and 15 Hz frequency loading, the
stiffnesses were significantly smaller than what the literature suggested. At these loading
frequencies it was the pilot operated pressure reducing valves which reduced the pressure
build-up caused by the dynamic load, resulting in lower stiffnesses. At 20 Hz, the pressure
reducing valves reached resonance, causing the stiffness to peak significantly higher than
expected. As the frequency was increased, the contribution of the pressure reducing valves
decreased and the measured stiffnesses corresponded better to the calculated static stiffness
values, though still showing lower stiffnesses in the piston end positions than expected.

The contribution of the one-way flow control valves was studied. The throttling levels
did indeed increase the perceived stiffness at lower frequencies, but at loading frequency of
over 25 Hz the level of throttle was inconsequential. As the force amplitude was attempted
to keep at a constant level, increasing the frequency reduced the resulting velocity and dis-
placement amplitudes. Reduced velocity and displacement amplitudes resulted in smaller
volumetric flow as well. The throttling of the valves only contributes to the system if there is
flow. With minimal flow, orifices and restrictors do not take part in the dynamics of the sys-
tem, which was seen in the results in this thesis as well.

The accuracy of the measurements was discoursed and suggestions for improvements
and further work included: generating the loading differently (for example a rotating mass
in the end of the rod instead of the hydraulic servo), investigating further the resonance of
the pressure reducing valve, and isolating the test cylinder chambers from each other
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entirely by providing pressure supplies to both chambers. The proportional valve control
proved to be difficult to implement at higher frequencies. The force amplitude did not re-
main entirely constant throughout the loading frequency spectra; at higher frequencies, the
amplitude decreased due to the proportional valve and load cylinder dynamics.

The aim of the thesis was to study the stiffness characteristics of the proposed hydraulic
cylinder system through relevant literature and experimental testing and based on that, pro-
pose how to make the stiffness more deterministic and possibly improve it. The most obvi-
ous, but significant proposals were reduction of air content in the cylinder chambers, in-
creasing working pressures and increasing the cracking pressure of the one-way flow control
valves.
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