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In this study, the temperature distribution in the piston of a Wärtsilä 20 engine was 
calculated using the finite element method. The FE-model was created using ABAQUS. 
Since the topic of this study was extensive, not all of the boundary conditions of the model 
were defined accurately. Thus, the phenomena around the studied piston in need of further 
study were defined by means of the FE-model and temperature measurements in the 
piston.

This study contains a literature search covering the theory of heat transfer, the basics of 
internal combustion engines and pistons; the literature search included publications that 
introduce a number of studies related to the present study. Following this, the creation of 
the FE-model and the definition of the boundary conditions are described. The calculation 
method and results are then presented, followed by a presentation of the measuring 
method, points and results. The results of the model and measurements are compared and 
the model is developed. Finally, the results of the developed model and measurements are 
compared and conclusions drawn.

The temperature measurements indicated that the tangential temperature variation in the 
Diston head is intense. It also became clear that the temperature in the ring groove area is 
ligher than was first calculated. By developing the model, the temperature variation in the 
liston head could be modeled to correspond to the measurement with certain exceptions, 
n the developed model, the temperature in the ring groove area remained partly 

significantly lower than measured. There were also substantial differences between the 
measured and calculated temperatures in the contact surfaces. These results mean that 
further studies of phenomena in the piston ring groove area, in the cooling chambers, near 
the fire land and the piston head surface should be undertaken in the future.
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Notations

A area of the wall normal to the direction of heat transfer [m2]

Aring area of the ring normal to the direction of heat transfer [m2]

a factor that depends on how much of the injected fuel is assumed to be
burned [dimensionless]

b shaft length [m]

bf brake-specific fuel consumption [kg/(kWh)]

C difference between the heat fluxes along the radii in the centre of a fuel
spray and along the radii between two fuel sprays in proportion to 1
[dimensionless]

Cj, C2 coefficients depending on the motor type and the phase of the cycle

C3, C4 coefficients depending on the piston type

cm mean piston speed [m/s]

D cylinder characteristic length [m]

ds characteristic length [m]

F force created in the load cell [N]

h distance between the crank axis and the piston pin axis [m]

j number of crank revolutions per power stroke [dimensionless]

L thickness of the wall [m]

/ connecting rod length [m]
M engine torque [Nm]

m Vibe exponent [dimensionless]

Nu Nusselt number[dimensionless]

n engine rotation speed (r/min)
P engine power [KW]

Pc power per cylinder [KW]

Pr Prandtl number [dimensionless]

p transient pressure inside the cylinder [Pa]

Px pressure at the start of compression stroke [Pa]
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pe engine brake mean effective pressure [Pa]

Qf quantity of heat developed [J]

Q„ heat transferred to the cooling oil in the cooling chamber [J]

q heat flux [W/m2]

qgas gas to piston head surface heat flux [W/m2]

qx heat flux over surfaces in contact [W/m2]

q' heat supplied externally into the body per unit volume [W/m3]

R ratio of the heat fluxes along the radii in the centre of a fuel spray and along
the radii between two fuel sprays [dimensionless]

Re Reynolds number [dimensionless]

R'c thermal contact resistance for a unit area of interface [m2-K/W]

Rlo, total thermal resistance [K/W]

R,tCond thermal resistance for conduction [K/W]

R,,conv thermal resistance for convection [K/W]

r crank radius [m]

rx inner radius of the cylinder [m]

r2 outer radius of the cylinder [m]

rp radius of piston head surface [mm]

S surface area of the solid material [m2]
T temperature [K]

temperature of the ambient [K]

7¡ gas temperature at the start of compression stroke [°C]

TA temperature of surface A [K]

TB temperature of surface В [К]

Ты temperature of the back side of the last layer [K]

Tr temperature of the flow outside the thermal boundary layer [K]

Tfs temperature of the front side of the first layer [K]

Tg gas temperature inside the cylinder [°C]

Tg eff cycle-averaged gas temperature [K]
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instantaneous gas temperature [К] 

temperature of the material [K] 

temperature of the surface [K] 

temperature of one side of the wall [K] 

temperature of the other side of the wall [K]

the material time rate of the internal energy [W] 
volume of solid material [m3]

cylinder volume at the start of compression stroke [m3]

engine displacement [m3]

transient cylinder volume [m3]

velocity component [m/s]

velocity of the fluid [m/s]

coordinate 1 

coordinate 2

position vector [m] 

cycle duration [s]

duration of combustion in reference to crank angle [rad]

an arbitrary variational field satisfying the essential boundary conditions

heat transfer rate [W]

convection heat transfer coefficient [W/(m2 K)] 

cycle-averaged gas heat transfer coefficient [W/(m2-K)]

instantaneous heat transfer coefficient [W/(m2-K)] 

central angle of the piston head surface [degrees] 

emissivity [dimensionless] 

crank angle

thermal conductivity W/(m-K) 
gap conductance [W/(m2-K)] 

kinematic viscosity [m2/s] 

density of the material [kg/m3]



a Stefan-Boltzmann coefficient 5.670 [W/(m2-K4)] 

crank angle [rad]

start of combustion in reference to crank angle [rad]

(P

<Pcb

Abbreviations

ВС, В DC bottom centre, bottom dead centre
CFD computational fluid dynamics
EOC end of combustion
EVO exhaust valve opening
ICEL Internal Combustion Engine Laboratory
IVC inlet valve opening
PM particle matter
soc start of combustion
SOI start of injection
TC, TDC top centre, top dead centre
TKK Helsinki University of Technology
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1 Introduction

The objectives of modem engine development are the reduction of exhaust emissions and 

fuel consumption alongside the more traditional increase of engine power. Ecologically 

considered, diesel engines have an advantage over gasoline engines because of their lower 

fuel consumption, which means lower CO2 emissions. The disadvantages of diesel engines 

are higher emissions of some other greenhouse gases and poisonous compounds, such as 

nitrogen oxides and particle matter (PM).

Reduction of fuel consumption is practically the only way to cut the CO2 emissions of 

internal combustion engines. This, together with the demand of higher power output, 

means that the efficiency of the engine has to be increased. This can be achieved by raising 

the mean cylinder pressure, for example. A more complete combustion leads to lower 

emissions of PM. However, the means used to achieve this might subject the engine parts 

to higher mechanical and thermal loads.

Reliable engine operation has to be secured in spite of the high strains. Therefore, the 

structure of the engine parts has to be optimized. Thus, more attention has to be paid to the 

structural analysis of the engine parts. The fact is that experimental testing is usually very 

expensive and time consuming. Hence, if the structural analysis can be carried out mostly 

by way of computer modeling, a lot of time and expense can be saved.

During engine operation, the different surfaces of a piston are subjected to different kinds 

of thermal loads. The high temperature of the gases in a cylinder during combustion causes 

high temperatures in pistons. As is well known, the strength of metals is significantly lower 

in high temperatures. Therefore, most pistons need cooling. However, effective cooling 

causes strains due to large temperature differences. Hence, a thermal analysis is an 

important part of a complete structural analysis in the case of a piston. The most difficult 

part of a thermal analysis of a piston is to define the thermal loads on the different surfaces. 

The definition is difficult due to locally and temporally varying circumstances around the 

piston during engine operation.

The main objective of this study is to create an FE-model to calculate the temperature 

distribution in the piston of a Wärtsilä 20 medium-speed diesel engine. Calculation of the 

strains due to the temperature variations is not considered. The piston studied is presented
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in Figure 1. The fact that the piston is subjected to many different thermal loads that are 

difficult to define make the topic of this study extensive. It means that not all of the 

thermal loads can be examined thoroughly in this study. So, the intention is to use the 

results of some related studies as much as possible. It also leads to the other objective of 

this study, which is to specify the areas of the studied piston and the thermal loads on them 

that need more research.

Temperature measurements in the piston are a part of this study. The intention is to create a 

tentative model before the measurements. The results of the model are used in choosing the 

measuring points. With the results of the measurements the results of the model are 

validated and the FE-model is further developed.

At the beginning of this study, in Chapter 2, the basics of heat transfer and medium-speed 

diesel engines are reviewed. Chapter 2 also includes brief introductions to most of the 

studies and their results referred to in this study. Next, in Chapter 3, the FE-model is 

created and the thermal loads on the surfaces of the piston are defined. Chapter 4 presents 

the calculation method of heat transfer in ABAQUS used in this study and the results given 

by the model. In the following chapter, the temperature measurements, together with the 

measurement equipment, method and results, are described.

Finally, in Chapter 6, the results of the measurements and the model are compared with 

each other and the model is developed to correspond better with the results of the 

measurement than the first model. Chapter 6 also contains the results of the developed 

model and the comparison with the models and the measurements. Conclusions are drawn 
in Chapter 7.
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Figure 1. The piston studied
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2 Theory

2.1 Heat transfer

Heat transfer appears whenever there is a temperature difference in a medium or between 

media. In other words, heat transfer is a transfer of thermal energy because of a difference 

in temperature. The main difference between heat transfer and thermodynamics is that 

thermodynamics concern only the end states of a process, whilst heat transfer deals with 

the time dependency and the mode of heat transfer of the process as well. The modes of 

heat transfer are conduction, convection and radiation (Incropera & DeWitt, 2001, p. 2-3).

2.1.1 Conduction

Heat transfer due to atomic or molecular movement is called conduction. When particles 

with more energy collide with particles with less energy, energy transfer from more vibrant 

to less vibrant has to take place. In solids, heat conduction may also result from motion of 

free electrons. The above-mentioned type of conduction is common for metals (Incropera 

& DeWitt, 2001, p. 3-5, 52-54).

Heat conduction can be solved using Equation (1), known as the Fourier’s law (ABAQUS 

2004c).

where q

A 

T 

x

is the heat flux 

is the thermal conductivity 

is the temperature 

is position vector

(1)

Heat flux describes the heat transfer rate Ф through a unit area. Hence heat transfer rate is 

the product of heat flux and area. The thermal conductivity A is dependent on the materials 

physical structure. The higher the value of A, the faster the transfer of heat in the matter. 

Pure metals have the highest values of thermal conductivity, then come the other solids, 

liquids and gases, in that order. Thermal conductivity of a solid can be more than 104 times 

that of gas (Incropera & DeWitt, 2001, p. 3-5, 52-54).
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2.1.2 Convection

Heat transfer between a surface and a fluid running over the surface is called convection. 

Convection involves heat transfer by both random molecular motion (diffusion) and bulk 

motion, of which the latter usually has the more important role. Diffusion is decisive near 

the surface where the fluid flows slowly. The fluid runs faster when going further off the 

surface until it reaches the finite value of the flow. The intervening area is called the 

velocity boundary layer. The bulk motion is more decisive away from the surface where 

the flow is faster. The heat conducted to the lower layer from the surface is swept 

downstream by the faster running upper layer and the heat may be finally transferred over 

the boundary layer. Such an event creates a variation in temperature in the flow where 

temperature differs from that of the surface to the temperature in the upper flow. The 
region through which temperature varies is called the thermal boundary layer. Both the 

velocity boundary layer and the thermal boundary layer are presented in Figure 2 

(Incropera & DeWitt, 2001, p. 6-9, 326-327).

Velocity
distribution
U(y)

Temperature
distribution

Heated
surface

Figure 2. Boundary layer development in convection heat transfer (Incropera & DeWitt, 2001, p. 6).

Convection can be divided into free convection and forced convection. Free convection 

occurs when the flow is generated by the density variation that is due to change in
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temperature of the fluid. The flow in forced convection is created by external means, for 

example, by a pump or a fan (Incropera & DeWitt, 2001, p. 6-9).

Heat flux caused by convection is calculated using Equation (2), called Newton’s law of 

cooling (Incropera & DeWitt, 2001, p. 9).

q = a{Ts-Tf) (2)

where a is the convection heat transfer coefficient

Ts is the temperature of the surface

Tf is the temperature of the flow outside the thermal boundary

layer

The convection heat transfer coefficient is influenced by geometry and material properties 

of the surface, material properties of the fluid and the mode and velocity of the fluid 

motion. The mode of the fluid motion has a significant effect on the convection heat 

transfer. The change of fluid motion mode from laminar to turbulent improves the 

convective heat transfer of the system. The improvement is due to the high irregularity of 

turbulent fluid motion, which helps the mixing of the different layers of the fluid. Typical 

values of the convective heat transfer coefficient are presented in Table 1 (Incropera & 
DeWitt, 2001, p. 6-9).

Table 1. Typical values of convective heat transfer coefficients (Incropera & DeWitt, p. 8)
Process a (W/(m2-K))
Free Convection

Gases 2-25
Liquids 50-1000

Forced Convection
Gases 25-250
Liquids 100-20000

Convection with Phase Change
Boiling or Condensation 2500-100000

According to Table 1, convection is most effective when a phase change, boiling, for 

example, occurs during the process.
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2.1.3 Heat radiation

Heat or thermal radiation is thermal energy transferred by electromagnetic waves. It is 

emitted by the vibrating atoms or molecules of matter. Due to radiation being a wave 

motion, it does not need a material medium, therefore it can also occur in a vacuum where 

it is, in fact, most efficient. Emissive power of a matter E describes the amount of energy 

emitted per unit area and is calculated using the Stefan-Boltzmann law, Equation (3) 

(Incropera & DeWitt, 2001, p. 9-11).

e=sct(t:-t:) o)

where s is the emissivity of the material

a is the Stefan-Boltzmann coefficient

Tm is the temperature of the material

Г„ is the ambient temperature

The value of emissivity depends on the material and ranges between 0 and 1 for all 

materials. It describes the ability of the material to radiate. A material is called a blackbody 

or ideal radiator when its emissivity equals one (Incropera & DeWitt, 2001, p. 9-11).

Besides emitting, all matters may also be irradiated. In other words, the matter can also 

receive heat radiation. As heat radiation hits the receiving matter it is either absorbed or 

reflected. When radiation is absorbed it accelerates the molecules of the matter and the 

temperature rises. A matter’s absorptivity a defines the matter’s ability to receive heat 

radiation and, like emissivity, it ranges between 0 and 1 for all materials. A blackbody is 

also able to absorb all the radiation directed to it, hence its absorptivity equals 1. Both 

absorptivity and emissivity depend largely on the material’s surface properties (Incropera 

& DeWitt, 2001, p. 9-11).
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2.1.4 Theory of thermal resistance and thermal circuits

The theory of thermal resistance and thermal circuits can be used in solving heat flux and 

temperature distribution in a homogenous or composite wall. The simplest case is the one

dimensional temperature distribution where the temperature varies in only one direction. 

Equation (4) is the equation of thermal resistance for conduction. In Figure 3, heat transfer 
through a plane wall is described (Incropera & DeWitt, 2001, p. 90-93).

R LizL 2 _ L
Ф ÅA (4)

where 7sl

T1 s2

Ф

L

A

is the temperature of the first side of the wall 

is the temperature of the other side of the wall 

is the heat transfer rate, in this case through the wall 

is the thickness of the wall

is the area of the wall normal to the direction of heat transfer

Figure 3. Heat transfer through a plane wall

Equation (4) is derived from Equation (1) by using the fact that the heat flux in this case is 

the quotient of the heat transfer rate through the wall and area of the cross-section of the 

wall. Equation (4) can be converted into a radial coordinate system. The thermal resistance 

in a radial coordinate system is (Incropera & DeWitt, 2001, p. 104-107)
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(5)R
Info/г,)
2 n LÅ

where r, is the inner radius of the cylinder

r2 is the outer radius of the cylinder

The theory of thermal circuits may be used for solving heat flux through composite 

structures. The layers of the composite structure are made of different materials with 

different thermal conductivities. If the heat transfer rate is constant through all the layers, it 

can be expressed as follows (Incropera & DeWitt, 2001, p. 91-92, 106).

where

Ф =
T -T1 fi xbs

R„
(6)

is the temperature of the front side of the first layer 

is the temperature of the back side of the last layer 

is the sum of thermal resistances of all the layers

2.1.5 Thermal contact resistance

The surface quality of the surfaces in contact is an important factor when studying heat 

transfer through composite structures. Roughness of the connecting surfaces causes small 

gaps in the connection. Hence, the area of actual contact through which the conduction 

takes place is smaller than the area of the joint. Since conduction is directly proportional to 

the area, conduction through two surfaces in contact with each other is less than that of 

through a continuous material. Reduction in heat transfer by this effect is called the 

thermal contact resistance. Thermal contact resistance for a unit area of interface R*c can 

be solved from Equation (7) (Incropera & DeWitt, 2001, p. 93-95).

T -T
K=------- (7)

The variables in the right hand side of Equation (7) are presented in Figure 4.
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Figure 4. Thermal contact resistance (Incropera & DeWitt, 2001, p. 94).

Thermal contact resistance can be reduced by increasing the area of the contact that can be 

increased by enhancing the contact surface quality or using higher contact pressure. 

Another way to reduce the resistance is to use a fluid that has large thermal conductivity to 
fill the gaps between the surfaces (Incropera & DeWitt, 2001, p. 93-95).

2.2 Internal combustion engines

The first internal combustion engines were made in the 19th century. The most appreciable 

achievements of that time were the four-stroke gasoline engine by N. A. Otto in 1876, the 

two-stroke gasoline engine by D. Clerk and J. Robson in England and Karl Benz and 
Gottlieb Daimler in Germany year 1886 and the compression ignition engine by Rudolf 

Diesel, 1893-1897. Although the basic dimensions of the engines have not changed much 

during more than 100 years of development, numerous inventions and improvements have 
been made to increase their efficiency and reliability. Within the last three decades, the 

reductions of emissions and fuel consumption have become very important factors in 

engine design (Van Basshuysen & Schäfer, 2004, p. 1-7).

Due to the development and the different kinds of needs, various types of internal 
combustion engines have been constructed. The ways to classify internal combustion 

engines are legion. Typically, the classification is made either by one or more of the 

following: working cycle, fuel, application and configuration. Since this study is about a 

piston of a four-stroke medium-speed diesel engine, this type of engine is discussed more 
in the following chapter (Heywood, 1988, p. 7; Van Basshuysen & Schäfer, 2004, p. 9-14).
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The function of an internal combustion engine is to transform the chemical energy of the 

fuel to kinetic energy. The transformation takes place inside the combustion chamber 

where the fuel is burned. The heat expansion of the burned gases creates a pressure inside 

the combustion chamber that forces the piston to move. In reciprocating engines, a piston 

moves back and forth between two points called top dead centre (TDC) or top centre (TC) 

and bottom dead centre (BDC) or bottom centre (BC). The pistons movement from one 

dead centre to the other is known as a stroke. The reciprocating motion is converted to 

rotational motion by connecting the piston to the crankshaft with a connecting rod 
(Heywood, 1988, p. 9-11).

Most modem engines use the four-stroke cycle. The four-stroke cycle operation is 
illustrated in Figure 5.

2.2.1 Basics of a four-stroke diesel engine operation

Inlet Exhaust Inlet Exhaust Inlet Exhaust Inlet Exhaust

—e—

(a) Intake (b) Compression (c) Expansion (d) Exhaust
Figure 5. The four-stroke operating cycle (Heywood, 1988, p. 10)

During an intake stroke, the piston moves from TDC to BDC and the inlet valve(s) are 

opened, allowing a fresh mixture or air to enter the cylinder from the inlet port. It is 

followed by a compression stroke, during which the valves are closed and the mixture or 

air is compressed. The combustion starts before the piston reaches TDC. As the piston
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Starts moving back towards BDC, the power stroke, also known as the expansion stroke, 

begins. Within a power stroke, the hot and high-pressure gases make the piston move 

down. By the end of the power stroke, the exhaust valve(s) open, allowing the burned 

gases to flow out of the cylinder. The rest of the burned gases exit the cylinder during the 

following stroke, called the exhaust stroke. The exhaust gases are forced to exit the 
cylinder by the piston moving towards TDC. After the piston has reached TDC, a new 

cycle begins (Heywood, 1988, p. 9-11).

In diesel engines, only air flows into the cylinder during the intake stroke. The air flow is 

usually boosted using a turbocharger, which creates a high pressure in the inlet port, 

forcing more air into the cylinder. The fuel is injected straight into the cylinder at the end 

of compression stroke. It gets mixed with the compressed air and evaporates. Due to high 

pressure that causes high temperature, the fuel ignites and the power stroke begins. 

Because of the way they ignite, diesel engines are also called compression ignition 

engines. A Wärtsilä 32 medium-speed diesel engine is presented in Figure 6 (Heywood, 
1988, p. 25-31).

Figure 6. Wärtsilä 32 engine
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The cylinder displacement, or volume, of four-stroke compression ignition engines varies 

from about 400 cm3 to 600 dm3 (Stone, 1999, p 5). The number of cylinders in an engine 

varies between 1 and 56 (Van Basshuysen & Schäfer, 2004, p. 11). When increasing the 

volume of a cylinder, the length of stroke also has to be increased. It means that the 

maximum rotation speed of the engine has to be reduced to keep the mean piston speed as 

before. Hence the stresses in engine parts do not increase. Internal combustion engines are 

divided by rotation speed into three classes. For diesel engines the classes are: low speed 

(60-200 rpm), medium speed (200-1000 rpm), and high speed (>1000 rpm) engines. The 

four-stroke engines belong to the two faster classes and the low-speed engines are two- 

stroke operated. The medium-speed diesel engines are usually used in large ships as 

auxiliary engines and in small ships as main engines (Van Basshuysen & Schäfer, 2004, p. 
13-14).

2.2.2 Important engine performance parameters

The engine performance is defined by the maximum torque or the maximum power 

available at each rotation speed within the operating range. Normal rated power and rated 

speed are also commonly used engine performance parameters. They express the highest 

allowed power and the corresponding rotation speed of an engine in continuous operation. 

These definitions are useful for low- and medium-speed engines because they are designed 

to run at a constant speed (Heywood, 1988, p. 42-43).

Engine torque is usually measured using a dynamometer. The shaft of the engine is 

connected to the dynamometer rotor. The rotor is attached electromagnetically, 

hydraulically or by mechanical friction to a stator. The revolving rotor tries to rotate the 

stator, but the stator is balanced with the rotor stationary with weights, springs or 

pneumatic means. Therefore, the force F in Figure 7 is created in the load shell and the 

torque focused on the stator may be calculated, since the length of the shank b is known 
(Heywood 1988, p. 45-46).
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Stator
Force F

Rotor

Figure 7. Dynamometer operation (Heywood, 1988, p. 46)

Engine torque M is defined using the notations of Figure 7 as follows:

M = Fb (8)

Engine power P is the product of the engine torque and angular speed:

P — 2k nM (9)

where n is the engine rotation speed (r/s)

Another way to describe engine performance is to divide the work per cycle by cylinder 

volume displaced per cycle. The parameter so defined is called the brake mean effective 

pressure (BMEP) and it is calculated as follows (Heywood, 1988, p. 50):

Pe
= Pj_

Vdn
(10)

where j

К

is the number of crank revolutions per power stroke 

is the engine displacement

If the engine torque is measured using a brake, as above, the prefix brake may be engaged 

with all the three foregoing parameters (Heywood, 1988, p. 46).

2.2.3 Heat transfer in cylinder

As the fuel is burned in the combustion chamber, not all of the heat of combustion of the 

fuel is transformed to mechanical energy. Mechanical efficiency of an engine describes the 

amount of the chemical energy of the fuel that is transformed to mechanical energy. In
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fact, the thermal efficiency of most internal combustion engines is usually below 50 %, as 

can be seen from Table 2. Some of the energy loss is due to friction, gas compression and 

unbumed fuel, but most of the energy is lost in heating the surroundings by means of 

cooling media and exhaust gases and cooling the charge air (Juurikkala et ah, 1981, p.79- 

80).

Table 2. Best mechanical efficiency estimates for various power plants (Borman & Ragland, 1998, p. 389).
Power Plant Type Efficiency (%)

Spark-ignited, port-injected, stoichiometric 31.5
Direct-injected, spark-ignited, stoichiometric 33
Direct-injected, spark-ignited, lean, early injection 34.5
Indirect-injected diesel 35.5
Direct-injected, spark-ignited, lean late injection 38
Gas turbine 38
High-speed, direct-injected diesel 43
Heavy-duty, direct-injected diesel (HDDI) 46
Fuel cell 52
Turbocompounded, HDDI diesel 54

The circumstances in a cylinder vary radically during a cycle. The temperature of the 

burning gases in combustion ignition engines may rise over 2500 K, whereas the 

temperature of the fresh air inducted to the cylinder is close to that of the ambient air. But 

then medium-speed diesel engines are usually turbocharged. Charging elevates the intake 

pressure, which causes a rise in the temperature of the intake air. Depending on the 

compression rate and possible charge cooling, the intake air temperature varies between 

300 К and 350 K. The cylinder pressure is also highly dependent on time. During intake, 

the pressure is near the pressure of the ambient, whereas during combustion it may rise 

above 20 MPa, as can be seen from Figure 10 on page 25. A diagram of the cylinder 

pressure as a function of time of a naturally aspirated diesel engine is presented in Figure 

8. The pressure is illustrated mostly during the period when both valves are closed, because 

the pressure change is most significant during that interval. The dashed line describes the 

pressure during the motored cycle, in other words, without combustion (Heywood, 1988, p. 

27, 668 ; Lipp & Schmidt, 2001).
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Figure 8. Cylinder pressure diagram (Heywood, 1988, p. 28)

The charge motion in a cylinder is very turbulent. The turbulent motion originates from the 

high velocity air flow through the relatively small gap between the inlet valve and inlet 

port to the cylinder. The turbulence of the gas depends on, among other things, mean 

piston speed, inlet port design, charge pressure, combustion chamber shape and fuel 

injection. The charge motion may be manipulated using different inlet port and valve 

designs. For example, in smaller diesel engines, a special inlet port design is used to make 

the charge rotate about the cylinder axis. This charge motion is called the swirl. Regardless 

of the valve port design, after the intake process, the charge flow pattern may change 

during compression and combustion, but it remains turbulent during all cycles. The 

turbulence of the flow improves the mixing of fuel with air and, as mentioned before, the 

rate of convective heat transfer (Heywood, 1988, p 330, 342, 493).

The rate of heat transfer from the gases to the combustion chamber walls depends mainly 

on the gas temperature, the cylinder pressure and the charge motion. According to 

Heywood (1988, p. 683), the radiation heat transfer is also significant in diesel engines, 

being some 20-35 % of the total heat flux. But then, according to Taskinen (2005, p. 90- 

91), the corresponding figures are 11 or 20 %, depending on the calculation model. It is 

caused by the soot particles formed during the combustion that are five times as effective 

radiators as gaseous combustion products. During combustion, the rate of heat flux from 

the gases to the combustion chamber walls may rise to up to 10 MW/m2 in some regions, 

whilst the inlet air cools down the combustion chamber walls. The cooling effect of the 

inlet air is, however, very small in contrast to the high heat flux from the gases to the 

combustion chamber during combustion. Therefore, cooling of the combustion chamber 

parts is essential in securing proper combustion and mechanical operation of the engine.
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The most thermally stressed parts in the combustion chamber are the exhaust valve(s), 

cylinder head, piston head and the upper parts of the cylinder liner (Heywood, 1988, p. 
668).

2.3 Pistons

A piston is one of the most essential parts of an internal combustion engine. Its main 

functions are transmission of the energy released during the combustion to the crankshaft, 

heat transfer and isolation of the combustion chamber. In addition, pistons have to receive 

the side forces caused by the crank mechanism and be a part of the combustion chamber. 

In order to overcome these requirements and the circumstances during combustion, pistons 

should have the following properties: adequate strength at high temperatures, low weight, 

high thermal conductivity, high durability and good resistance against seizing. Since some 

of these properties are in conflict, compromises have to be made when constructing a 

piston (Van Basshuysen & Schäfer, 2004, p. 79-80).

For smaller engines, the most common materials used in pistons are aluminum alloys, 

whereas the pistons of medium- and low-speed engines are usually made of steel and cast 

iron or aluminum. The advantages in using steel and cast iron are better durability and heat 

resistance, the possibility of using poor quality fuels and reduction of clearances. Due to 

steels and cast irons having lower thermal conductivity than the aluminum alloys, piston 

cooling has to be improved. Other disadvantages are higher mass and cost (Juurikkala et 
al., 1981 p. 148-149).

2.3.1 The pistons of medium-speed diesel engines

According to Grifflts & Cantow (1995), the size of the pistons of medium-speed engines is 

usually between 200 and 600 mm in diameter. The height to diameter ratio is between 1,2 

and 1,7 (Pitkänen, 1995). Since the late 1960s until the 1990s, pistons with diameters 

below 300 mm were made of aluminum alloys (Grifflts & Cantow, 1995). During this time 

period, the engine output rose significantly, as can be seen in Figure 9, which presents the 

average power per piston surface area in the years 1977, 1994 and 2000 (Lipp & Schmidt, 
2001).

26



О 4— ------i—..... i i -i i i
D 1» 200 300 400 500 «00

Figure 9. Power per piston surface area (Lipp & Schmidt, 2001)

The rise of power has led to higher cylinder pressures and thermal loading of the piston. 

Figure 10 shows the rise in cylinder peak pressure during the years 1970 to 2000 (Lipp & 

Schmidt, 2001).
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Figure 10. Peak cylinder pressure in MPa vs. years (Lipp & Schmidt, 2001)

Therefore, the more durable two-piece pistons, also known as composite pistons, used in 

engines with cylinder bore sizes above 300 mm also became general in engines with bore 

sizes down to 200 mm. The two pieces are called a crown or a top and a body or a skirt and
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they are normally connected with one or more bolts. Usually, the top is made of steel and 

the skirt of cast iron or aluminum alloy. A conventional two-piece piston and names of 

some regions of a piston are presented in Figure 11 (Griffits & Cantow, 1995).

Piston Head

Fire Land

Piston Skirt

The surface of the piston head can be complex, because of it being a part of the combustion 

chamber. The largest thermal load on the whole piston is concentrated on it. To carry the 

high in-cylinder pressure, the piston head is designed to be strong, which leads to low 

thermal conductivity and high weight. The fire land is situated on the side of the piston 

between the top of the piston and the first compression piston ring. The height of the fire 

land has an effect on the temperature of the 1st compression ring (Juurikkala et al., 1981 p. 

151) The temperature should be kept below 250 °C to prevent the carbonization of the 
lubrication oil.

The area where the piston rings are inserted is called the piston ring groove area or the ring 

belt. The main function of the upper rings, called the compression rings, is to keep 

combustion gases inside the combustion chamber. The lowest ring, called the oil ring, is 

supposed to keep the oil outside the combustion chamber. The piston rings also transfer 

heat from the piston to the cylinder wall (Juurikkala et al., 1981 p. 152-154).
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The functions of the piston skirt are to steer the piston in the cylinder, to receive the side 

forces caused by the crank mechanism and to control the oil film thickness. There may be 

an oil collector groove in the top of the skirt below the oil ring. It secures steady 

lubrication of the skirt as the extra lubrication oil runs inside the piston through drilled 

cavities. The connection between the piston and the connecting rod is made through the 

skirt by a piston pin. The piston pin is a cylindrical part, which is inserted through the 

piston pin bosses and the connecting rod head. The piston pin boss area and the piston pin 

are made to carry high varying loads (Juurikkala et al., 1981, p. 154-155).

2.3.2 Heat transfer in piston

The heat flux from the gases to the piston is mostly concentrated on the piston head 

surface. The heat flux is not uniform, nor is the resulting temperature distribution on the 

piston head surface, due to the piston head design and the flame shape. The heat transfer 

rate to the piston is time dependent and is most efficient during combustion.

In modem compression ignition engines, the fuel is injected through an injection nozzle 

directly into the combustion chamber. The flame shape depends on the charge motion and 

the injection nozzle design. The injection nozzles are located in the cylinder head, typically 

above the centre of the piston. They usually contain more than one hole, through which the 

fuel sprays into the cylinder. Figure 12 presents a multi-hole injector in a quiescent 

combustion chamber, i.e. a chamber without swirl, which is typical for medium-speed 
diesel engines (Heywood, 1988, p. 493-494).

Figure 12. A quiescent combustion chamber and fuel spray formation (Heywood, 1988, p. 498)
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The fuel sprays from the nozzle holes with a velocity of up to 450 m/s, due to high 

pressure in the fuel injection system. The fuel breaks into small droplets and mixes with 

the turbulent air, evaporates and finally ignites (Heywood, 1988, p. 522). The flame 

temperature is higher in the centre of the spray where the fuel concentration is greater than 

in the sides of the spray. This causes tangential variation in the heat flux on the piston head 

surface. The variation can be decreased by adding more holes into the nozzle. The radial 

variation of the heat flux is more significant than the tangential. The fuel spray, or the 

flame, is concentrated on a ring-shaped area on the surface. The heat flux is much greater 

on that area than on the rest of the surface. The radius of the area depends on the angle of 

the fuel spray, called the injection angle, and on the prevailing position of the piston in the 

cylinder.

The combustion chamber of direct injection diesel engines is mostly formed by the piston 

bowl. The shape of the bowl has an effect on the heat flux distribution on the piston head. 

For example, if a deep combustion bowl is used, the heat transfer rate rises due to the 

larger surface area and the gas turbulence. The combustion bowl sides and the possible 

valve pocket sides may be designed to be sharp. Temperature rise in sharp comers is 

significant, due to the large area in proportion to the volume receiving heat. The material 

thickness of the piston head has an effect on the piston heat transfer. For a piston with one 

or more cooling galleries, it is favorable to make the piston head as thin as possible. In this 

case, the cooling is most effective, because the cooling medium is able to get near the 

piston head surface where the temperature is highest. Increasing the thickness of the fire 

land and the ring groove area leads to better heat transfer from piston head to the areas just 

mentioned and to the piston skirt (Juva, 1979, p. 32-34, 45-50).

The exhaust valve(s) are usually situated on side of the piston opposite the inlet valve(s). 

The hot exhaust gas flow is more effective on the exhaust side of the piston head surface 

than on the intake side. Respectively, the cool intake gas flow is more effective on the 

intake side. The side of the piston that has to carry the side forces caused by the crank 

mechanism during the power stroke is called the thrust side. During combustion, a higher 

pressure is focused on that side. These events cause uneven thermal loading on the piston 

head surface.
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Some heat from the gases is also transferred to the piston through the fire land. The 

clearance size between the fire land and the cylinder wall has an effect on the turbulence of 

the gas in that area. The smaller the clearance is, the less turbulent the gas motion. 

Therefore, the rate of heat transfer decreases closer to the first piston ring (Juva, 1979, p. 

46-47)

As mentioned before, one of the functions of the piston rings is to transfer heat from the 

piston to the cooling water through the lubrication oil layer and the cylinder liner. In fact, it 

is the most important heat outflow channel for pistons that are not oil cooled (Mierbach et 

al., 1983). Most of the heat outflow takes place through the first compression ring groove 

to the first compression ring, due to higher temperature in that area. During a cycle, the 

ring pack is in contact with the lower side face of the groove a longer period of time than 

with the upper side face of the groove. This is due to the high pressure during the power 

stroke, which pushes the ring pack against the lower side face of the groove. Hence, the 

heat transfer rate to the piston rings may be remarkably different between the upper and the 

lower groove surfaces (Esfahanian et al., 2005). Some heat is also transferred through the 

groove root, but its influence is minor compared to the groove side faces, as can be seen 

from Figure 13.

777/V/

Cylinder wall Groove root

Lower side face of groove TR1= 190°C
Figure 13. Heat transfer from the piston to the piston ring (Mierbach et al., 1983).

Due to the gap between the end of a ring and between a ring and ring groove, some of the 

in-cylinder gases are able to get passed the rings to the crankcase. This event is called the 

blow-by and it might have a slight effect on the heat transfer in the ring groove area. Figure
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14 presents the different routes of the blow-by. Blow-by can be reduced by decreasing the 

clearance between the piston and the cylinder liner (Juva, 1979, p. 46-47). Friction 

generated as the piston moves up and down in the cylinder causes heating between the 

cylinder wall, piston rings and piston skirt. Heating caused by friction also occurs between 

the piston pin and piston pin boss area. The piston skirt is cooled by the oil splash from the 

crankcase and by the cooling water through the cylinder wall. Heat flow from the piston 

skirt to the cylinder liner is remarkable only in pistons without cooling, as can be seen 

from Table 3. It is commonly known that the temperature of a two-piece piston skirt does 

not rise much over 100 °C. This is due to effective cooling of the piston top, poor heat 

conduction over contact surfaces and to the temperature of the oil and the gases in the 

crankcase being less than 100 °C.

2.3.3 Piston cooling

The cooling of pistons is necessary to prevent the fatigue and fracture of the material, due 

to lower material strength at high temperatures. High piston temperatures also cause 

wearing of the ring grooves (Juurikkala et al., 1981, p.l54). The pistons may be cooled by 

oil, water or air. Water cooling is used in some large pistons of two-stroke engines. Some 

pistons in automotive or smaller engines do not need any cooling method. Nowadays, the 

medium-speed diesel engine pistons are mostly oil cooled, because it is more efficient than 

air cooling and much easier to implement than water cooling. The oil used in the cooling, 

is the lubrication oil. Oil cooling can be carried out in different ways, depending on the 

desired cooling efficiency and the design of the piston (Varghese et al., 2005).
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The single-part pistons are cooled by supplying the oil to the underside of the piston 

crown. There are different ways to carry out the supply. One way is to use the crankshaft 

and the connecting rod to pick up the oil from the bottom of the crankcase and splash it 

over the cylinder walls and the piston underside. Another way is to take advantage of the 

pressure in the piston pin bearings to bring the oil to the piston underside. The oil is 

supplied from the crankcase to the piston pin bearings through the main bearing, 

crankshaft, and connecting rod by means of an oil pump. The most efficient way is to spray 

the oil to the underside of the piston crown using an oil jet mounted on the top of the 

connecting rod or in the crankcase under the piston. (Varghese et al., 2005) The cooling of 

the one-piece pistons can be made locally more effective using a cooling coil, see the 

piston left in Figure 15, or a cooling gallery, see the piston in the middle in Figure 15, 

through which the oil flows.

Cooling galleries are also used in the composite pistons in which the gallery is formed by 

both the crown and the skirt parts. Thus, it is easier to construct and can be designed more 

freely than in a one-piece piston. The oil can be supplied into the cooling gallery using the 

same means mentioned in the previous chapter. At least one channel has to be made for the 

oil to get through the skirt. The cooling efficiency of a cooling gallery is based on the so- 

called Cocktail shaker effect. Due to the fast reciprocating motion of the piston, the 

movement of the oil in the cooling chamber is turbulent and the heat transfer rate is high 

between the oil and the piston (Varghese et al., 2005). In order for the oil to be able to 

move freely in the chamber, it cannot be full of oil. Hence, the cooling effect is the most 

efficient when the filling ratio is between one and two thirds. The filling can be adjusted by 

the oil flow rate, the gallery design and the piston motion (Griffiths & Cantow, 1995). The 

composite pistons normally hold two cooling galleries, like the one in Figure 11.

The cooling should be realized according to the needs of the piston in question. Overly 

effective cooling causes large temperature gradients, or large thermal stresses in the 

structure. It also raises the need of lubrication oil cooling and increases fuel consumption 

due to growth in losses of thermal energy (Pasanen, 1976, p. 21). Cooling is most efficient 

in cooling gallery pistons. This can be seen from Table 3 and Figure 15. In Table 3, 

estimates of heat outflow rates in three different one-piece pistons are presented. 

According to Buchta et al. (1975), the heat outflow through cooling oil in cooling 

chambers of a composite piston is 86-92 % of the total heat input to the piston.
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Table 3. Piston heat outflow balance (Kajiwara et al., 2003)
Piston Cooling Structure Splash Cooled Oil jet Cooling Gallery

Heat Input Combustion Bowl 100% 100 % 100%

Heat
Outflow

Ring area 60 ~ 70 % 30-40% 10-20%
Crown Underside 20 ~ 30 % 40 - 50 % - 10%

Skirt 10-20% -10% - 10 %
Cooling Gallery - - 60 - 70 %

Three equally loaded, but differently cooled, pistons of the same size are presented in 

Figure 15. On the left hand side is an aluminum piston with cooling coils, in the middle is 

an aluminum piston with a cooling gallery and on the right hand side is a composite piston 

made of steel and aluminum. The lowest temperature in the first compression ring area is 

in the composite piston. The highest piston head temperature is in the composite piston, 

because the thermal conductivity of steel is significantly lower than that of aluminum. 

Steel correspondingly maintains its strength better in high temperatures than aluminum.

Figure 15. Temperature distribution in three different pistons (Wacker et al., 1971)

2.4 Modeling of heat transfer in pistons

When designing a piston, a structural analysis has to be carried out. A piston can be set 

ready to use by means of a functional structural analysis. Hence, the amount of mechanical 

testing can be reduced. The stress state of a piston is mainly the sum of forces due to the 

gas pressure, acceleration, pre-tension of the bolt(s) and thermal stresses. In addition, the 

strengths of the materials used in pistons are dependent on the temperature. Thus, a thermal 

analysis of the temperature distribution in the piston under study is essential to complete a 

functional structural model (Kallio, 2000).
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The whole structural model is usually created using the finite element method. The FE- 

model contains various thermal loads, which have to be defined to complete the model. 

The definition is very difficult because of the varying conditions during engine operation, 

so computer programs have to be used and measurements have to be made in many cases 

(Kallio, 2000).

2.4.1 Thermal loads on a piston

For a composite piston, the most important thermal loads are on the piston head and 

cooling gallery surfaces. Most of the heat is transferred into and out of the piston through 

them. Appreciable heat transfer take place on the fire land, in the ring groove area, on the 

skirt and between the surfaces in contact. To define the thermal loads, the temperature and 

the heat transfer coefficient of the medium on the examined surface have to be discovered. 

Many studies of different kinds of pistons for different kind of engines have been made. 

Thereby many ways to solve the thermal loads have been used.

The motion and the state of the gas in the cylinder and in the pipes during a cycle can be 

simulated with computers to only a limited extent. The accuracy of the simulation depends 

on the model being used. The simplest is a zero-dimensional one-zone model. It takes into 

account only the combustion chamber and considers the charge to be homogenous. More- 

accurate results are obtained when the combustion chamber is divided into two or more 

zones. For example, in one zone, the gas can be treated as burned, while in another as 

unbumed. The one- two- and three-dimensional gas-dynamics models are not restricted to 

the combustion chamber, but include also the inlet and outlet manifolds. Thereby the gas 

motion through the engine from inlet to exhaust can be modeled with proper accuracy 
(Merker & Schwarz, 2001, p. 8-9, 65-68).

The most accurate results may be obtained with a three-dimensional model, but it is also 

the most time-consuming to construct and to compute. Two- and three-dimensional models 

are typically made using Computational Fluid Dynamics (CFD). With a CFD code, it is 

possible to model the gas motion, turbulence and combustion. Due to the rapidly varying 

conditions during a cycle and differences between cycles, the modeling is challenging 

(Merker & Schwarz, 2001, p. 232).

The computer programs use thermodynamic state equations to solve the gas temperature 

inside the cylinder during the cycles. Estimation of the heat released from the fuel during
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combustion is also included in determining the gas temperature. An equation to solve the 

heat release as a function of crank angle is presented by Vibe, a.k.a. Wiebe. The crank 

angle describes the angular position of a crank of a crankshaft. In the case of a four-stroke 

engine, the crank angle varies between 0 and 720 degrees. A 0 degrees crank angle refers 

to the position of piston at TDC, start of power stroke (Merker & Schwarz, 2001, p. 36- 
37).

= a (m +1)
dp Ары

((0-(0 V -0.6908^Г
r r cb ç l A^cd J (11)

l APcd )

where a is a factor that depends on how much of the injected fuel is

assumed to be burned

Qf is the quantity of heat developed

p is the crank angle

A(Pcä is the duration of combustion in relation to crank angle

<Pcb is the begin of combustion in relation to crank angle

m is the Vibe exponent, a factor that describes the combustion

rate

The gas temperature is also needed when estimating the heat transfer coefficient of the gas. 

A semi-empirical equation to calculate the heat transfer coefficient has been made by 

Woschni. The Woschni model is space averaged, meaning that the heat transfer coefficient 

is uniform everywhere in the combustion chamber. It is expressed as follows (Merker & 

Schwarz, 2001, p. 22-23).

a = 127.93D_0'2/708v087’g-0'53 (12)

where D is the characteristic length of the cylinder

P is the transient pressure inside the cylinder

T* is the transient gas temperature inside the cylinder
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(13)V = ClCn,+C2^jL{p-Po)

p,y,

where v is the velocity component

Cm is the mean piston speed

Vk is the transient cylinder volume

P\i T\, Vt are the pressure, the gas temperature and the cylinder volume

at the start of compression stroke

P-Po is the pressure difference during the normal and the motored

the cycle

C,, C2 are coefficients depending on the motor type and the phase

of the cycle

Equation (12) is based on the Nusselt number. The Nusse It number is a dimensionless 

number. If the flow is turbulent, it may be calculated from Equation (14) (Lampinen, 2002, 

P-4).

Nu = 0.037(Re°75- 180)Pr042 (14)

where Re is the Reynolds number

Pr is the Prandtl number

The flow is turbulent if the Reynolds number is greater than 2300. The Reynolds number is 

defined as follows (Lampinen, 2002, p. 4).

where vf is the velocity of the fluid

ds is the characteristic length

v is the kinematic viscosity
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The temperature and the heat transfer can be calculated as a function of crank angle. 

However, cycle-averaged values are usually used in FE-models to save the computation 

time. Gamma Technologies (2006b) provides Equations (16) and (17) for calculating the 

cycle-averaged, or, by another name, the effective, heat transfer coefficient and 

temperature of the gas.

°W =^~\aMdt (16)
^cyc

where ag is the instantaneous heat transfer coefficient

Atcyc is the cycle duration

„ _ к

8,ejr \ag{t)dt (17)

where Tg is the instantaneous gas temperature

The computational time is not a problem when a transient thermal analysis is made for a 

small part of a piston. For example, in his master’s thesis, Huuhdo (2006) studied a layer 

of a piston head surface. The shape of the piston head studied by Huuhdo (2006) equals the 

shape of the piston head in the present study. An FE-model of a surface layer of the piston 

head was made. It was assumed that the thermal load on the surface is symmetrical under 

each fuel spray. Because there were assumed to be eight holes in the fuel nozzle, the 

modeled surface layer covered one eighth of the piston surface that is a sector of 45 

degrees. The thermal load assigned to the piston head surface was time-dependent and 

varied radially and tangentially. As the boundary condition on the bottom surface of the 

layer, the temperature was set to be constant in the piston at a given distance from the 

bottom surface. No heat exchange occurred on the other surfaces of the layer. The 

thickness of the layer depended on the material that the piston was assumed to be made of. 

Three different materials - steel, aluminum and zirconium oxide - were examined as 

piston material (Huuhilo, 2006).

The results of the study show that the transient effect of the time-dependent thermal load 

during a cycle is restricted to a layer less than 1 mm thick from the piston head surface, in 

the case of a steel piston. The corresponding surface thicknesses are less than 2 mm for the
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aluminum piston and less than 0.2 mm for the zirconium oxide piston. Figures 16 to 19 

show the temperature distributions on the surfaces and the hottest cross-sections of the 

surface layers of the three different piston heads. The cross-sections are located in the 

middle of the sectors (Huuhilo, 2006).

Cross-Section Angle 22.5 degrees

-J

2

ii
»

50 55 60 65 70 75 80
Radial Distance from Piston 1 lead Centre (mm)

Figure 16. Temperature distribution in the steel piston surface layer as the temperature reaches its maximum 
value (Huuhilo, 2006)
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Figure 17. Temperature distribution in the steel piston surface layer as the temperature reaches its minimum 
value (Huuhdo, 2006)
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Figure 18. Temperature distribution in the aluminum piston surface layer as the temperature reaches its 
maximum value (Huuhdo, 2006)
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Figure 19. Temperature distribution in the zirconium oxide piston surface layer as the temperature reaches 
its maximum value (Huuhdo, 2006)
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The radial variation of the heat transfer coefficient, amongst other factors, has a significant 

effect on the temperature distribution in the piston. To achieve satisfactory results, it 

should be included in the model. The variation can be calculated with, for example, CFD. 

The exactness of the CFD calculation is questionable, because the wall functions used to 

model the interaction between the gas and the surface do not correlate well with the reality 

(Merker & Schwarz, 2001, p. 233). Another way to estimate the heat transfer of the piston 

head surface is to measure temperatures in different parts of the piston head (Esfahanian et 

al, 2005).

The prediction of heat transfer in the cooling gallery has been generally made using the 

past experience, but CFD has also been used. By means of the CFD code, the oil 

movement in the cooling gallery may be modeled. However, this method is very insecure. 

The movement depends mostly on the oil fill ratio, the cooling gallery shape and the piston 

acceleration. The oil fill ratio can be obtained from, for example, hydraulic equations or by 

another CFD analysis. In their study, Kajiwara et al. (2002) calculated the heat transfer 

coefficient in a cooling chamber using a CFD code. The results of the prediction coincide 

quite well with the measured values. The fact that the measured values of heat transfer 

coefficient are for lower engine speeds than the calculated values has to be taken into 

account when comparing the measured and calculated results. The results of the study are 

presented in Figures 20-22. Figure 20 shows the measured values and Figure 21 the 

predicted values (Kajiwara et al., 2005).

о
U

Cooling oil flow [Liter/min]
Figure 20. Measured time-averaged heat transfer coefficients in the cooling gallery (Kajiwara et al., 2005)
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From Figure 20, it can be seen that the heat transfer coefficient rises as the engine speed 

rises. In addition, as the engine speed increases, the highest value of the heat transfer 

coefficient occurs on the higher cooling oil supply rate.

2? 6000
Engine speed 36|l/s] 
En ;ine speed 18

« 4000

•b 3000

s 1000

10 12 14 16
Cooling oil flow [Liter/min]

Figure 21. Predicted heat transfer coefficients (Kajiwara et al., 2005)

In the result described in Figure 21, the warming of the cooling oil is not considered. It 

causes the heat transfer coefficient to be high when the oil flow rate is low. Figure 22 

shows the predicted heat transfer coefficient when the oil warming is taken into account. 

The shape of the graph is similar to the measured one. The predicted value of the heat 

transfer coefficient is higher than the measured due to the higher engine rotation speed 

used in the prediction.

Figure 22. Effect of increase in oil temperature (Kajiwara et al., 2005)
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The heat transfer coefficient may also be estimated using the measurement data in the same 

way on the piston head. Griffiths & Cantow (1995) have presented an empirical equation 

to calculate the heat transferred to the cooling oil in the cooling chamber.

(18)

where C3, C4 are coefficients depending on the piston type

bV is the brake-specific fuel consumption

h. is the lower calorific value of the fuel

is the engine cylinder power

The heat flow from the piston ring groove area to the cooling water is hard to define, due 

to variations in surfaces in contact, in oil film thickness and in temperature of the cylinder 

liner. The friction between the piston rings and the cylinder wall make the exact estimation 

more complicated. The heat flow can be calculated using the theory of thermal circuits to 

some extent. If the temperatures in the ring groove area and in the ring are known, only the 

heat flow between them has to be taken into account. Hence, temperature measurements 

are useful also in this case. Woschni et al. (1998) have acquired fairly accurate values of 

heat fluxes in the piston, in the ring and in the cylinder liner, from measured temperatures. 

The piston studied was not oil cooled, so the piston cooling occurred mostly through the 

piston rings. The result of the study covering the whole piston ring groove area, piston 

rings and the cylinder liner is presented in Figure 23, while the result covering the first 

compression ring and the ring groove area are presented in Figure 24.
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Figure 23. Temperature field, heat transfer coefficients and measuring points of the piston, piston rings and 
the cylinder liner (Woschni et al., 1998)
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Figure 24. Temperature field, heat transfer coefficients and measuring points of the first compression piston 
ring and ring groove (Woschni et al., 1998)
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3 Creation of the FE-model of the piston

The FE-model of the piston was made using ABAQUS/CAE version 6.5-1. First the 3D- 

model of the piston had to be drawn using the workshop drawings provided by 

Componenta Pistons Oy. The 3D-model of the piston was made using I-deas NX Series, 

since it provides better tools in 3D-designing than ABQUS/CAE.

3.1 The actual piston and the 3D-model of the piston

The studied piston is manufactured by Componenta Pistons Oy. It consists of a tempered 

steel top and a cast iron skirt, which are connected by two bolts. The basic diameter of the 

piston is 200 mm and the height is 267 mm. The heights of the top and the skirt are 69 mm 

and 224 mm, respectively. The total weight of the piston is about 20 kg. Like the piston of 

Figure 11, the studied piston contains two cooling oil galleries. The top and the skirt are in 

contact with each other in two different locations. The space that remains between the 

contacts is the outer cooling gallery. The piston head forms the ceiling and the skirt the 

bottom of the outer cooling gallery. First, the oil is brought to the outer cooling gallery 

from the piston pin bearings via four channels bored through the skirt. Then, there are two 

holes, or channels, in the top, which break the contact of the inner surfaces in contact, 

through which the oil flows to the inner cooling chamber. The inner cooling chamber is 

very open, because it does not have a real bottom like the piston in Figure 11. After hitting 

the inner cooling gallery ceiling, the oil can fall freely down on the piston pin, since the 

piston is hollow in the centre on a wide radius. There are three piston ring grooves in the 

piston. All of them are situated in the top part. The piston studied was presented in Figure 
1.

The 3D-model, like the actual piston, consists of four parts, a crown, a skirt, and two 

identical bolts. The geometry of the model differs slightly from the actual piston because 

some simplifications were made to make the meshing easier. Small edges were ignored and 

the cooling oil channels in the skirt were not modeled. Also, the bottom of the modeled 

skirt differs from the real one, since the workshop drawings do not provide accurate 

information of the geometry of the foregoing area. The workshop drawings made by 

Componenta Pistons Oy are not presented in this study, since they are confidential. The
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cross-section of the piston and the route of the cooling oil flow in the piston are presented 

in Figure 25. The parts of the 3D-model of the piston are presented in Figures 26-29.

Figure 25. Cross-section of the piston and the cooling oil flow route
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Figure 26. Exterior of the piston crown

Figure 27. Interior of the piston crown



Figure 28. The bolt

Figure 29. The piston skirt
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3.2 Piston assembly and material parameters

The modeled parts were saved as step-fdes, imported to ABAQUS/CAE and assembled 

using ABAQUS/CAE. The piston model was cut into one quarter of the complete one, 

Figure 30, to decrease the computation time. This could be done since the piston is nearly 

symmetrical.

Figure 30. Assembled 3D-model
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The piston top and the bolts are made of tempering steel and the piston skirt is made of cast 

iron. According to Componenta Pistons Oy, the values of the thermal conductivities are 42 

W/(m-K) for the top and 29 W/(m K) for the skirt. Since the bolt is made of tempered steel, 

the same value of conductivity as that used for the top of the piston was used.

3.3 Assigning thermal loads to a model

In ABAQUS/CAE, there are three different thermal loads to choose from. They are 

surface, body and concentrated heat flux. In this study, the surface heat flux is used. In 

ABAQUS/CAE, only a uniform heat flux can be directly assigned to the model. If the 

thermal load is not uniform, as in the present study, the load has to be defined using a user 

subroutine called DFLUX. The ABAQUS user subroutines are typically written as 

FORTRAN code. The user can include one or more user subroutines in a model, but they 

have to be written in the same file. The user subroutine DFLUX can be used to define a 

non-uniformly distributed flux, as a function of position, time, temperature, element 

number, integration point number, etc. in a heat transfer or mass diffusion analysis 

(ABAQUS, 2004a; ABAQUS, 2004b).

All of the heat fluxes of this study depend on the surface temperature and position. The 

surface of the piston model is divided into smaller surfaces; the surfaces are named in 

ABAQUS/CAE. Hence the different loads can be assigned to the intended surfaces of the 

piston model in the subroutine by the names of the surfaces. For some surfaces, the 

intensity of the heat flux depends on the position. This can be defined in the user 

subroutine using the coordinates of the model’s coordinate system. All of the heat fluxes 

defined in the user subroutine used in this study are of the same form as Equation (2).

3.4 Defining the thermal loads on the model

The thermal loads were defined on 18 surfaces which cover almost all of the surfaces of 

the model. A different kind of thermal load was specified on each surface. The most 

important thermal loads are concentrated on the piston top. Therefore, they were studied 

more accurately than those on the piston skirt. The most attention was given to the thermal 

load on the piston head surface.
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3.4.1 Piston head surface

The most dominant load of the model is the heat flux concentrated on the top surface of the 

crown. In defining the temperature and the heat transfer coefficient of the gas, the results 

of the study made by Tiainen et al. (2004) and an engine simulation program were used.

Tiainen et al. (2004) studied the local gas temperature and heat transfer coefficient on a 

piston head surface using a CFD code. The model was made for the presently studied 

engine, but the piston was from a different manufacturer. Therefore, its geometry is 

different from the piston studied. However, both pistons have the same piston head 

profiles. The variations of the gas temperature and heat transfer coefficient on the piston 

head surface have been calculated in some detail. In the CFD model, both the radial and 

the tangential variations of the gas temperature and heat transfer coefficient were 

calculated. A 45-degree sector of the piston surface area was modeled, since the fuel 

nozzle contains eight holes that are uniformly spaced. Hence, the flame propagation was 

assumed to be similar in all eight sectors. The sector was divided into 1127 points: 23 

tangential times 49 radial. On these points, the gas temperature and heat transfer 

coefficient were calculated.

According to Tiainen et al. (2002), the heat flux on the piston head surface is in some parts 

4 times higher in the centre of a fuel spray than between two fuel sprays. In this model, the 

tangential variations of the gas temperature and heat transfer coefficient were not modeled. 

Thus, only the radial variation was observed. To transform the tangential and radial 

variation to plain radial variation, the values of the 23 tangential points were averaged to 

the one corresponding point on the radius. This was done to all the 49 points of the radius. 

Figures 31 and 32 present the tangentially averaged gas temperature and heat transfer 

coefficient according to Tiainen et al. (2004).
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Figure 31. Radial variation of the gas temperature (Tiainen et al., 2004)
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Figure 32. Radial variation of the gas to surface heat transfer coefficient (Tiainen et al., 2004)
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The test engine has been modified after the CFD model was made by installing a new 

turbocharger. Therefore, the boost pressure has been lifted to 3.7 bar. The rated speed has 

been raised from 900 rpm to 1000 rpm. This has led to some 20 % increase in the engine 

power. The increase in power has lead to higher thermal load on the piston from the gas 

side, but at the same time the cooling might be more effective, due to higher rotation 
speed.

For the foregoing reasons, new approximations of the temperature and the heat transfer 

coefficient of the gas were made. They were made using GT-SUITE GT-ISE Version 6.2, 

a computer program used to simulate internal combustion engines. GT-SUITE consists of 

six components, of which GT-POWER is used to simulate engine performance. It is based 

on one-dimensional gas-dynamics, representing, among other things, the heat transfer in 

engine components. Two-zone combustion is used in all but one combustion models of 

GT-POWER. At the start of combustion, the cylinder is divided into an unbumed zone and 

a burned zone. At each time step, a specific amount of fuel-air mixture, defined by the bum 

rate, is transferred from the unbumed zone to the burned zone. The bum rate is prescribed 

in, or calculated by, the model. A chemical equilibrium calculation is carried out in the 

entire burned zone as fuel-air mixture is transferred into the burned zone. In the chemical 

equilibrium calculation, the C, H, О and N atoms are considered; as a result, an 

equilibrium concentration of 11 different combustion products is formed. Then, the 

internal energy of each combustion product is calculated and summed to define the internal 

energy of the burned zone. Applying the principle of conservation of energy, the new 

values of gas temperature and cylinder pressure are obtained (Gamma Technologies 
2006a).

A modified Woschni model is one of the four heat transfer models that can be used in GT- 

POWER. The modification relates mostly to the period when valves are open. The heat 

transfer coefficient by Woschni is given in Equation (12). According to Gamma 

Technologies (2006a), the most experienced engine modelers believe that the Woschni 

model undervalues the heat transfer. Consequently, it is recommended a Convection 

multiplier between 1.1 and 1.4 as a first estimate is used (Gamma Technologies 2006a). 

This fact, however, is valid mostly for high-speed engines.
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A GT-POWER model made to simulate the test engine was used to calculate the gas 

temperature and heat transfer coefficient using the modified Woschni model. According to 

Grönlund (2006), the GT-POWER model was made to correspond with the test engine in 

its present form. The creation of the GT-POWER model was a part of a confidential 

project. Therefore, no publications concerning the model exist.

In the model, the target value of the brake mean effective pressure (BMEP) was set to 27.2 

bar, although the test engine rated power is 1200 kW at full load and 1000 rpm, which 
equals a BMEP of about 27.28 bar. The simulation does not converge to the exact target 

value. In the original model, the simulated BMEP was 27.23 bar. Therefore, the target 

BMEP was changed to 27.25 bar, then the simulated BMEP was 27.29 bar and the 

simulated power was 1200.1 kW. It is possible to use the Vibe function, Equation (11), in 

GT-POWER to model the bum rate of fuel. However, in the model, the fuel bum rate was 

inserted as a fraction of fuel burned in relation to crank angle (Figure 33).
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The simulated fuel bum rate

The simulated cylinder pressure diagram is shown in Figure 34. Next, Figures 35, 36 and 

37 show the simulated gas temperature and heat transfer coefficient and heat flux on the 

combustion chamber walls.
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Figure 34. The simulated cylinder pressure
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Figure 35. The simulated mean gas temperature
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Gas to Surface Heat Transfer Coefficient
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Figure 36. The simulated mean heat transfer coefficient
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Figure 37. The simulated mean heat flux on combustion chamber walls
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The cycle-averaged gas temperature and heat transfer coefficient in the cylinder are 

calculated from Equations (16) and (17) using the values presented in Figures 35 and 36. 

They are 939 W/(m2 K) and 947 K. GT-Power provides also the piston zone effective gas 

temperature and heat transfer coefficient. The heat transfer coefficient on the piston head is 

almost the same as in the cylinder, being 940 W/(m2-K). However, the gas temperature on 

the piston head surface is 78 К lower, being 868 K. According to Wang (2007), the piston 

zone effective temperature and heat transfer coefficient are calculated once per cycle and 

are given especially for FE users to give as input for their FEA models. The corresponding 

values according to Tiainen et al. (2004) are 410 W/(m2 K) and 1062 K. The simulated gas 

heat transfer coefficient is more than twice as high as the last-mentioned, although the 

convection multiplier in the simulations was set to 1. This calls into question at least one or 

other of the calculating methods if not both of them.

From the negative values of heat flux in Figure 37 can be seen the cooling effect of the 

gases during intake and compression strokes. According to GT-Power, the total gas heat 

transfer rate on the piston head surface is 8148 W.

In the FE-model, the values of piston zone effective gas temperature and heat transfer 

coefficient provided by GT-Power were used as thermal load on the piston head. Since 

GT-POWER provides only uniform gas temperature and uniform heat transfer coefficient 

on the piston head, the CFD calculation results of the radial variations were used in the FE- 

model. Although the CFD calculations were made for a different piston and the engine had 

been modified afterwards, they make a feasible estimation, because the piston head 

geometries are equal and the fuel injectors have not been changed. Hence, at present, the 

flame shape and propagation do not differ greatly from what it was before the engine 

modification. Figure 38 shows the piston head surface and the average thermal load on it.
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Figure 38. Piston head surface and the average gas temperature and average gas-to-surface heat transfer 
coefficient on it

3.4.2 Fire land

As explained in Chapter 2.4, the small clearance between fire land and cylinder liner 

weakens the turbulence of the gas. Thereby, the heat transfer is not as effective on the fire 

land as it is on the piston head surface. Therefore, the gas heat transfer coefficient on the 

fire land was set to vary linearly from 19 % of the reference value on the upper edge to 0 at 

the bottom. The reference value was the value on the outer radius of the piston head 

surface. The gas temperature was set to be the same gas temperature as used on the outer 

radius of the piston head surface. The same thermal load as on the fire land is also attached 

on the surface of the lift hole. The fire land surface used in the model is presented in Figure 

39.

Figure 39. The average gas temperature and the average gas to surface heat transfer coefficient on fire land
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3.4.3 Cooling galleries

The heat transfer coefficients in the cooling chambers were estimated on the basis of the 

results of Kajiwara et al. (2002), presented in Figures 20-22. From Figure 21, it can be seen 

that the highest heat transfer coefficient at the engine speed of 1080 rpm is some 2500 
W/(m2 K). However, the warming of cooling oil has not been taken into account in the 

result. The effect of the warming of cooling oil for higher engine speed has been taken into 

account in the result presented in Figure 22. When the shapes of the curves in Figures 21 

and 22 are compared with each other, it can be estimated that the highest heat transfer 

coefficient at 1080 rpm is around 2000 W/(m2 K).

The heat transfer coefficient in the outer cooling chamber was estimated to be 1200 
W/(m2 K) on the vertical surfaces and 2000 W/(m2 K) on the upper surfaces, at the very 

bottom and also in the channel that unites the cooling chambers. It was assumed that the 

heat transfer coefficient is higher on the surfaces that oppose the vertical oil movement, 

because these surfaces are then subjected to a higher pressure. On the inner cooling 

chamber roof, the estimated value was 1500 W/(m2 K), while on the vertical surfaces, it 

was 500 W/(m2 K). The value is lower than in the outer cooling gallery, because the inner 

cooling gallery is more open. Hence the shaker effect is lower.

According to past experience, the oil temperature in the test engine is some 68.5 °C after 

the oil cooler. The oil heats up along its way to the cooling galleries and also in the cooling 

galleries. Therefore, the average oil temperature was assumed to be 80 °C in the outer 

cooling gallery. Due to temperature rise in the outer cooling gallery, the average oil 

temperature in the inner cooling gallery and in the oil channel was set to 90 °C. Figures 40 

and 41 show the different surfaces of the inner and outer cooling galleries and the oil 

channel.
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Figure 40. The oil temperatures and the surface-to-oil heat transfer coefficients on the vertical surfaces of the 
outer cooling gallery and the upper surface of the inner cooling gallery

Lambda = 
T - 80

Figure 41. The oil temperatures and the surface-to-oil heat transfer coefficients on the vertical surfaces of the 
inner cooling gallery, the upper surface of the inner cooling gallery and the oil channel

Lambda = 
T - 90

3.4.4 Piston rings

The temperature distribution along the inner surface of the cylinder liner of a Wärtsilä 20 

engine is given by the engine manufacturer. The calculation report is confidential, so no 

publications of it exist. The results are presented in Figure 43. Averaged temperatures 

between each piston ring and the cylinder liner were calculated from the result. Because 

the piston speed varies substantially during a cycle, the piston rings are in contact with the 

upper and lower parts a longer time than with the centre of the cylinder liner. Therefore,
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the temperature has to be averaged in respect to the variation of the piston ring position 

versus the crank angle. Equation (19) gives the distance between the crank axis and the 

piston pin axis. The geometry of cylinder, piston and crank mechanism is presented in 
Figure 42.

where

h(ß) = rcos{e)+^l2 -r2 sin2(é?) (19)

h is the distance between the crank axis and the piston pin axis

r is the crank radius

/ is the length of the connecting rod

в is the crank angle

Figure 42. Geometry of cylinder, piston and crank mechanism (Heywood, 1988, p. 44)

Since the temperature along the cylinder liner is expressed as a function of h, it can also 

be expressed as a function of в. The temperature was calculated at 12 points on the 

surface of the cylinder liner, of which eight are in or below the region in contact with the 

rings during a stroke. Interpolations of the temperature distributions along the regions of 

the cylinder liner surface in contact with each piston ring were made using the results at the
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eight points. For the present study, the temperature along the cylinder liner was 

interpolated in respect to the crank angle. Only half a crank axis revolution had to be 

studied, since the circumstances are identical when the piston moves up and when it moves 

down. The studied crank angle interval was uniformly divided into 3600 points. The 

interpolations give the temperatures at these points. The average temperature between a 

ring and the cylinder liner is the average of the temperatures at those 3600 points. Hence, 

the average temperature of the cylinder liner surface in contact with the first compression 

ring is 113.8 °C, 109.0 °C with the second compression ring, and 106.6 °C with the oil ring.

Figure 43 shows the temperature distribution along the cylinder liner surface according to 

the engine manufacturer and the results from the interpolations for each piston ring. From 

Figure 43, it can be seen that the interpolations match the calculated values well.

Cylinder Liner Temperature

♦ Calculated
-------Region in contact with the first compression ring
-------Region in contact with the second compression ring

Region in contact with the oil ring150

130

110

Distance from 1. Piston Ring Upper Edge atTDC (mm)

Figure 43. Calculated and interpolated cylinder liner surface temperatures

The heat flow rate from the piston ring grooves through the piston rings to the cylinder 

liner is calculated using the theory of thermal resistance and thermal circuits, Equations (5) 

and (6). The total thermal resistance is the sum of contact resistances on the surfaces of the 

ring in contact with the piston or the cylinder liner and the conductive resistance of the
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ring. There is no simple way to calculate the contact resistance without temperature 

measurements. Incropera & DeWitt (2001, p. 94-95) presents some experimentally 

obtained values of contact resistance for various metallic interfaces with different loads 

and interfacial fluids. Different stainless steel interfaces are the only ferrous options in the 

list. According to Incropera & DeWitt (2001, p. 94-95), the values of thermal contact 

resistance for a unit area of stainless steel interfaces vary between 0.04-1 O'4 and 0.0025 

m2K/W, depending on the conditions. The thermal contact resistance for a unit area is the 

inverse of the convective heat transfer coefficient. From Figure 23, it can be seen that the 

convective heat transfer between the ring and the cylinder liner and the sum of the 

convective heat transfer between a ring and the surfaces of a ring groove is near 10"4 

m2 K/W. It was assumed that the corresponding values in the present case do not differ a 

lot from the ones in Figure 23. Therefore, the thermal resistance for both of the interfaces 

was estimated to be 10"4 m2 K/W, when calculating the total thermal resistance. This value 

is between the values given by Incropera & DeWitt (2001, p. 94-95).

A simplification was made when calculating the conductive thermal resistances of the 

rings. First, the main heat flow to a piston ring happens through its upper and lower 

surface, not through its inner surface, as the proper use of Equation (5) requires. In 

Equation (5), it is assumed that the temperature varies one-dimensionally in the direction 

of the radius. Because the upper and lower sides of a ring are heated alternately by the 

piston ring groove surfaces, as well as by the colder underside for a longer time, the 

temperature in the vertical direction of the rings is nearly constant. This can be seen from 

Figure 24. Hence, the above-mentioned theory may be applied in this case. Since the heat 

flows to the ring mostly through the upper and lower surfaces of the ring, the route of the 

heat flow is not as long as it would be if it were to flow through the inner surface of the 

ring. Therefore, the thermal resistance is lower, so a smaller-than-actual value of the inner 

radius has to be used in the calculation. In this study, the distance from the midway of the 

inner and outer radii to the outer radius is used, since it is the average length of the heat 

flow in the direction of radius. The calculation model of the heat transfer through a piston 

ring is presented in Figure 44.
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Figure 44. Calculation model of heat transfer through piston ring

The heights of the surfaces of the rings in contact with the cylinder liner, L in Equation 

(5), are some 4.3 mm for the first and second compression rings and 1.4 mm for the oil 

ring. The distances from the midpoints of the inner and outer radii of the rings to the centre 

of the rings, rt in Equation (5), are 96.7 mm for the first and second compression rings and

97.5 mm for the oil ring. The outer radii of the rings r2 in Equation (5) are the same for all 

the rings, 100 mm. The rings are made of grey cast iron and they are partly chromium 

plated. According to ASM International (1990, p.31), the thermal conductivity of alloyed 

grey cast iron is 36.3 W/(m-K). When using the above values, Equation (5) gives the 

conductive thermal resistances, which are 0.0664 K/W for the first compression ring, 

0.0573 K/W for the second, and 0.1568 K/W for the oil ring.

The contact areas between the rings and the ring grooves are 0.0038 m2 for the first 
compression ring, 0.0033 m2 for the second, and 0.003 m2 for the oil ring. Hence, the 

contact resistances for the above-mentioned contact surfaces are 0.026 K/W, 0.031 K/W 

and 0.0335, in that order. The contact areas and the contact resistances between the rings 
and the cylinder liner are 0.0027 m2 and 0.037 K/W for the compression rings and 0.0009 

m2 and 0.114 K/W for the oil ring. As mentioned before, the total thermal resistance of a 

ring is the sum of the contact resistances and the conductive resistance. The total thermal 

resistances for the rings are 0.1291 K/W, 0.1245 K/W and 0.0304 K/W.
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The thermal contact resistance for a unit area is the inverse of the convective heat transfer 

coefficient. Hence, the heat transfer coefficient between a ring groove and the cylinder 

liner can be calculated from Equation (20).

a =----- ------ (20)R ÀЛlot ^ring

where Aring is the area of the ring normal to the direction of heat transfer

Since the area of the ring normal to the direction of heat transfer increases along the radius, 

the average value of the above-mentioned area is used. The fact that the area of the ring 

normal to the direction of heat transfer is smaller than the ring groove surface area was 

taken into account in the results by multiplying the actual values with the quotient of the 

foregoing areas. This was done to avoid making an error when attaching the values on the 

whole ring groove surface areas. According to Equation (20), The heat transfer coefficients 

between the ring grooves and the cylinder liner are 1620 W/(m2-K) for the first 

compression ring, 1680 W/(m2-K) for the second, and 916 W/(m2 K) for the oil ring.

As can be seen from Figures 13, 23 and 24, the heat flow does not divide evenly on the 

upper and lower groove surfaces except for the oil ring, due to the reasons explained in 

Chapter 2.3.2. According to Figure 23, in the first groove root, the difference is greater 

than in the second groove root. This may be due to larger pressure concentrated on the first 

compression ring than on the second during combustion. Again, it was assumed that the 

corresponding values in the present case do not differ a lot from the results of Figure 23. 

Therefore the heat transfer coefficients were divided on the ring groove surfaces as 

follows: 22.5 % (upper surface), 72.5 % (lower surface) and 5 % (end) for the first 

compression ring groove, 35 %, 60 % and 5 % for the second compression ring groove and

47.5 %, 47,5 % and 5% for the oil ring groove. The effects of the friction and the in

cylinder gases on that area were not considered. Figures 45, 46 and 47 present the different 

ring groove surfaces.
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Figure 45. The cylinder liner temperatures corresponding to each piston ring and the heat transfer coefficient 
between the upper groove surfaces and the cylinder liner

Lambda = 435.1 W/(nV • Ю

Lambda = 
T - 109.0

1008 W/(mz• K) 
C

T- 106-6 c
Figure 46. The cylinder liner temperatures corresponding to each piston ring and the heat transfer coefficient 
between the lower groove surfaces and the cylinder liner

Figure 47. The cylinder liner temperatures corresponding to each piston ring and the heat transfer coefficient 
between the groove roots and the cylinder liner
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3.4.5 Inner and outer surfaces of the piston skirt

As mentioned before, temperature in the piston skirt is almost uniform and it most likely 

does not rise above 100 °C, except for the upper parts. The oil splash from the crank case is 

in exchange of heat with the skirt. In addition, the inner surfaces of the skirt are in contact 

with the oil coming from the cooling galleries and from the oil collector groove. So most 

likely there is more oil inside than outside the piston skirt, which means that the heat 

transfer coefficient is larger on the inner surfaces of the skirt. Besides, friction due to the 

contact with the cylinder liner causes heat on the outer surfaces of the skirt. The oil 

splashes are random and do not necessarily cover all the area of the surfaces all the time, so 
the heat transfer coefficient was assumed to be low; 200 W/(m2-K) on the inner and 100 

W/(m2 K) on the outer surfaces. The oil temperature was assumed to be 90 °C. Figures 48 
and 49 present the inner and outer surfaces of the piston skirt.

Figure 48. The oil temperature and the surface to oil heat transfer coefficient on the inner surfaces of the 
piston skirt
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Figure 49. The oil temperature and the surface to oil heat transfer coefficient on the outer surfaces of the 
piston skirt

3.4.6 Interfaces

There are four different contacts in the model. They are the inner and outer contacts 
between the top and skirt parts and also contact between the bolt and the top by its thread 

and with the skirt by its stem.

In ABAQUS/CAE, the thermal resistance of an interface may be defined as conductive 

heat transfer between the contact surfaces by Equation (21).

q = Å'{TA-TB)

where A' is the gap conductance

(21)

69



From Equation (21), it can be seen the gap conductance is the inverse of the thermal 

contact resistance for a unit area of interface. Since there is not yet any measured data 

available for the surface temperatures of the connections, the value of the gap conductance 

has to be guessed. Now, the value used for the piston rings was used also for all the 

modeled interfaces. Compared to the rings, the contact pressure is higher, but, then again, 

the medium between the surfaces is air instead of oil.

The default in ABAQUS is to make the gap conductance a function of the clearance. When 

the gap conductance is a function of gap clearance, the tabular data must start at zero 

clearance (closed gap) and define the gap conductance as gap clearance increases. The 

value of the gap conductance drops to zero immediately after the last data point, so there is 

no heat conductance when the clearance is greater than the value corresponding to the last 

data point. In this case, the value of the gap conductance was defined at two data points. 

The maximum value was reached when the gap equals 0 and the minimum value (0) when 
the gap clearance equals 0.01 mm (ABAQUS, 2004b).

3.5 Meshing

In ABAQUS/CAE, the parts can be meshed using either structured or free meshing 

techniques. Since the geometries of the parts are quite complex, free meshing is used, 

because it allows more flexibility than structured meshing. Three-dimensional regions can 

be meshed only with tetrahedral elements when the free meshing technique is used 
(ABAQUS, 2004a).

The element type used is the diffusive heat transfer element, which allows for heat storage 

and heat conduction. Either first- or second-order diffusive heat transfer elements can be 

used. According to ABAQUS (2004b), first-order diffusive elements are preferred in cases 

involving latent heat effects. In the case of first-order diffusive tetrahedral elements, a 

four-point integration scheme, which provides accurate solutions with large latent heats, is 

used. Latent heat is a description of the energy that a material needs to receive to undergo a 

phase change. The second-order heat transfer elements use conventional Gaussian 

integration. Thus, the second-order elements are to be preferred for problems when the 

solution will be smooth (without latent heat effects), and usually give more-accurate results 

for the same number of nodes in the mesh (ABAQUS, 2004b).
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To define the element size, the parts have to be seeded before meshing in ABAQUS/CAE. 

Seeds are markers that are placed along the edges of a region to specify the target mesh 

density in that region. Both the mesh density along the boundary of the region and the 

mesh density in the interior of the region are determined by the seeds along the edges of 

the region. ABAQUS/CAE generates meshes that match the seeds as closely as possible 

(ABAQUS, 2004a).

As is well known, more-accurate results are obtained at the expense of the computation 

time when the mesh density is increased. Therefore, the parts were meshed separately. 

Then the mesh density of each part could be optimized and computation time was saved. 

The top part needed the densest mesh of the three parts due to its geometry and the fact that 

the largest temperature variations occurred within it. The approximate global seed size 

used for the top part was 4 mm. The skirt remains presumably fairly even-tempered, so it 

may be meshed more coarsely than the top to achieve accurate results. In the end, it was 

due to its complex geometry that the skirt needed a dense mesh. The used seed size for the 

skirt was 8 mm, while, in some of its edges, a seed size of 1.5 mm was used. The bolt is the 

simplest part in the model by geometry. Hence, it was seeded using a seed size of 10 mm.

The temperature in the piston does not rise so high that latent heat effects should be taken 

into account. Therefore, the model was meshed with the second-order tetrahedral elements 

since it most likely leads to more-accurate results than meshing with the first-order 

elements. Meshing the parts using the above-mentioned seed sizes led to a total of 35275 

elements in the model, of which 22088 were in the top, 13000 in the skirt and 187 in the 

bolt. For the top, the option of increasing the size of interior elements with moderate 

growth was used. Twenty-four elements in the skirt caused an analysis warning. It meant 

that these elements were distorted, which, for one thing, meant that either the interior 

angles were out of the suggested limits or the triangular or tetrahedral quality measure was 

bad. It is recommended that the tetrahedral quality measure be greater than 0.02, the 

interior minimum angle be greater than 10 degrees and the interior maximum angle be less 

than 160 degrees. The tetrahedral quality measure is the volume of the tetrahedron divided 

by the volume of the equilateral tetrahedron with the same circumsphere radius. The 

meshed model is presented in Figure 50.
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Figure 50. Meshed model
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4 Computation and results

The input file generated in ABAQUS/CAE, which contains all the data about the model, 

was submitted to ABAQUS/Standard for analysis. The analysis was made with a Sun Fire 

25K computer of the Finnish IT Centre CSC. The computer includes 96 processors, each 

having the clock frequency of 1.2 Ghz; the total memory of the computer is 384 Gb.

4.1 Heat transfer analysis in ABAQUS

In this study, only the temperature field of the piston was calculated. The stresses and 

deformations were ignored. In ABAQUS, the uncoupled heat transfer analysis procedure is 

to be used in these kinds of cases. The uncoupled heat transfer analysis can be transient or 

steady state and linear or nonlinear (ABAQUS, 2004b).

When solving the uncoupled heat transfer analysis, ABAQUS/Standard uses the basic 

energy balance by Green and Naghdi, Equation 22 (ABAQUS, 2004c).

[PÙdV=[qdS + [q'dV (22)

where V

S 

P

Ù

Я

is a volume of solid material

is the surface area of the solid material

is the density of the material

is the time rate of the internal energy of the material

is the heat supplied externally into the body per unit volume

Uncoupling between the thermal and mechanical problems is achieved by making the 

internal energy of the material U depend only on the temperature of the material, and q 

and q independent of the strains or displacements. In ABAQUS/Standard, heat 

conduction is defined using the Fourier law, Equation (1). Equation (23) presents a 

variational statement of Equation (22), together with the Fourier law, obtained directly by 

the standard Galerkin approach. From ABAQUS (2004c), the solution methods for 

Equation (23) used by ABAQUS/Standard can be found (ABAQUS, 2004c).
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(23)

where ôT is an arbitrary variational field satisfying the essential

boundary conditions

In this study, the problem is solved as a steady-state analysis because the warm-up time of 

the piston is not essential. In addition, it would be difficult to calculate, because the engine 

is not driven at full load nor speed from the start. Steady-state analysis means that the 
internal energy term in Equation (23) is omitted. The problem then has no intrinsic 

physically meaningful time scale. Nevertheless, when steady-state analysis is chosen, a 

“time” increment and a “time” period for the step have to be provided. ABAQUS/Standard 

then increments through the step accordingly. In addition, all of the border conditions used 

in the model are surface heat fluxes, so in this case q' equals 0 (ABAQUS, 2004c).

The values of the thermal loads on the different surfaces of the model of the piston that 

were presented in Figures 38-41 and 45-49, are gathered into Table 4. The assigned gas 

temperature and heat transfer coefficient are not constant on the piston head, so the average 
values are presented in Table 4. The radial variations of the gas temperature and heat 

transfer coefficient on the piston head surface are presented in Figures 51 and 52.

[pÙÔTdV + l^k^-dV = ^qSTdS+^qSTdV

Gas Temperature

700

Radius (mm)

Figure 51. Radial variation of the gas temperature on the piston head surface
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Figure 52. Radial variation of the gas to surface heat transfer coefficient on the piston head

Table 4. The gas, oil or cylinder liner temperatures and the heat transfer coefficients assigned on the different 
surfaces of the model

Surface Name X (W/(m2-K)) T(°C)
Piston Head Surface 940 595
Fire Land and Lift Hole 173-0 446
Outer Cooling Gallery, Upper Surfaces 2000 80
Outer Cooling Gallery, Vertical Surfaces 1200 80
Oil Channel between Cooling Galleries 2000 90
Inner Cooling gallery, Upper Surfaces 1500 90
Inner Cooling gallery, Vertical Surfaces 500 90
Iм Compression Ring Groove, Upper Surface 365 114
1st Compression Ring Groove, Lower Surface 1175 114
V Compression Ring Groove, End Surface 81 114
2nd Compression Ring Groove, Upper Surface 588 109
2nd Compression Ring Groove, Lower Surface 1008 109
2nd Compression Ring Groove, End Surface 84 109
Oil Ring Groove, Upper Surface 435 107
Oil Ring Groove, Lower Surface 435 107
Oil Ring Groove, End Surface 46 107
Inner surfaces of The Skirt 200 90
Outer Surfaces of the Skirt 100 90
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4.2 Results

Figures 53 and 54 show the calculated temperature distribution in the piston. The highest 

temperature, 359.4 °C, is located on the edge of the combustion bowl at a radius of some 

74 mm from the centre of the piston. The lowest temperature, 85.9 °C, is located at the 

bottom of the outer cooling gallery surface. At the centre of the piston head surface, the 

temperature is 233 °C; at the outer edge of the piston head surface it is 257 °C. The largest 

temperature on the cooling gallery surface is 267 °C; this is located at some 9.5 mm from 

the point of the highest temperature of the piston. The channel that unites the cooling 

galleries has a clear cooling effect on its surroundings all the way from the piston head 

surface to the piston skirt, as can be seen from the above-mentioned Figures. Noteworthy is 

the temperature distribution in the piston ring groove area, where the temperature is fairly 

low: from 120 to 112 °C on the upper surface of the first compression ring groove and 105 

°C on the lower surface of the first compression ring groove. The higher temperature on the 

upper surface is located on the outer perimeter. The corresponding temperatures for the 

second compression and the oil ring grooves are 103 °C, 101 °C, 100 °C and 100 °C. The 

low temperatures in the ring groove area are due to effective oil cooling and the narrow 

and long passage for the heat flow from the piston head. Also the thermal load on the fire 

land is quite low. The temperatures on the ring groove surfaces are higher when going 

away from the cooling galleries. In fact, the calculated temperatures are so low, except on 

the upper surface of the first compression ring through which the heat flows from the 
cylinder liner to the piston.

In the skirt, the temperature is mostly around 90 °C, except near the inner connection. The 

highest temperature in the skirt is 163 °C. It is located on the inner connection surface far 

from the oil channel. The temperature difference between the inner contact surfaces is 

some 10 to 20 °C, depending on the location. The difference between the outer interfaces is 

much lower, only about 3 °C. No effect of the distorted elements can be seen in the skirt. 

Temperature in the bolt varies from 230 to 99 °C; on the side of the outer cooling gallery, 

the bolt is partially hotter than the top. Hence the temperature difference over the interface 

between the top and the bolt varies approximately between -7 °C and 12 °C.
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Figure 53. Temperature distribution in the piston
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Figure 54. Temperature distribution on the piston head surface

The temperature on the piston head surface is plotted against the radius in Figure 55. For 

comparison, the gas temperature on the piston head surface is also presented in Figure 55. 

The radial values are taken from the edge presented vertically in Figure 54. Figure 56 

shows the heat flux on the piston head surface against the radius based on the same surface 
temperature values used in Figure 55. The value of the heat flux was calculated from 
Equation (2). The average heat flux on the piston head surface is 286 kW/m2. Thus, the 

total heat transfer rate on the piston head surface of a whole piston is about 9.86 kW. This 

is not the exact value, since the temperature distribution is not tangentially uniform on the 

piston head surface. The heat transfer rate, according to GT-Power (8148 W), is almost 2 

kW lower. The difference may be due to uniform piston head surface temperature and 

uniform gas temperature and the heat transfer coefficient on the piston head surface in GT- 

Power.

78



Piston Head Surface Temperature

----- Piston Head Surface
Temperature

----- Gas Temperature on Piston
Head

700

600

15 500

■- 400

Radius (mm)

Figure 55. Temperature on the piston head surface along the radius
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Figure 56. Heat flux on the piston head surface along the radius
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5 Measurements

The temperature measurements of the piston were carried out in TKK/ICEL. The 

measurements were made to check the validity of the results given by the model and the 

intensity of the temperature variations in the piston head. Other interesting areas were the 

ring groove area, the cooling galleries and the contact surfaces.

5.1 Measuring equipment

The engine used in the test was a Wärtsilä 20 engine. The specifications for the test engine 

and the fuel used in the test are presented in Table 5.

Table 5. Wärtsilä 20 specifications
Bore (mm) 200
Stroke (mm) 280
Cylinders 6
Rotation Speed (r/min) 1000
Rated Power (kW) 1200
BMEP (bar) 27.8
Compression Ratio 15
Injector Nozzle Holes 8
Lower Calorific Value of the Fuel (MJ/kg) 43

The temperature in the piston was measured with Templugs. They take the form of socket 

ended screws, 4 mm long and 3 mm in diameter. The installation of Templugs requires 

drill holes with a flat base to be drilled into the components that are measured. The 

temperature measurement with Templugs is based on the known variations of hardness of 

metals at varying temperatures. The hardness is measured from the point opposite the 

indentation. The Templugs used in this study were valid for measuring temperatures in the 

range of 90 to 650 °C. The measurement accuracy of Templugs is about ± 3 % under good 

conditions and ±5 % under unfavorable conditions. The good conditions presume that the 

exposure time at maximum temperature is from 8 to 24 hours for a temperature range of 90 

to 650 °C, correspondingly 4 hours for a temperature range of 110 to 650 °C and only 1 

hour for a range of 127 to 650 °C. The ideal loading cycle for Templugs is presented in 

Figure 57.

80



Exact known time

Ideal condition
Figure 57. Ideal loading cycle

To ensure proper working conditions and working of the test engine, the ambient pressure 

cylinder pressure, brake power, rotation speed, and temperatures of i.a. lubricating oil, air 

and cooling water in various locations were measured.

5.2 Measuring points

As can be seen from the results of the model, the temperature in the ring groove area was 

calculated to be rather low. That is why it was one of the most densely measured areas. 

Temperature was also measured thoroughly in the piston head to check the validity of the 

used radial distribution of the gas heat transfer coefficient and temperature. The heat flow 

in interfaces was defined by measuring the temperature of the connecting surfaces. In 

addition, one idea was to define the tangential temperature difference on the piston head 

surface and the temperature difference between the intake and exhaust-sides.

Temperature was measured at 43 points of the piston, 39 in the top and 4 in the skirt. Half 

of them were located in the side of the piston under the inlet valves and the other half was 

located respectively in the side under the exhaust valves; in addition, there was one point in 

the centre of the piston head surface. Most of the Temp lug holes in the top were drilled 

into the piston head surface, 19 in all. The holes are situated along four different radii, two 

of them in the centre of a fuel spray and the other two between two fuel sprays. The rest of 

the measuring points in the top are located in the ring groove area, cooling galleries and in 

the contact surfaces. All four measuring points in the skirt are located in the contact 

surfaces. The numbering of the measuring points is presented in Figures 58-61.
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Figure 58. Measuring points in the intake side of the piston, in the centre of a fuel spray

Figure 59. Measuring points in the exhaust side of the piston, in the centre of a fuel spray

9) (18

31) (32) (37) (33)30) (36

Figure 60. The rest of the measuring points in the piston top, between two fuel sprays, intake side on the left
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Figure 61. The measuring points in the skirt, intake side on the left

5.3 Results

The total engine running time during the measurement was 4 h 30 min, of which 20 min 

warm-up, 4 h at full power and 10 min cooling down. Hence, the loading cycle of the 

Templugs in this case may be considered as ideal.

The results of the temperature measurements, including the error margins, are presented in 

Table 6. Since the temperature of all measuring points was over 110 °C and the loading 

cycle was ideal, the error margins for good conditions can be applied for every point. Table 

6 also contains the calculated temperatures of the nearest node or the average of the nearest 

nodes to the corresponding measuring points and the error between the calculated and 

measured temperatures.
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Table 6. Measured and calculated temperatures (°C) and the calculation error (%). X refers to failed
measurement.

Templug Measured Calculated Error
1 216±6 223 +3
2 229±7 234 +2
3 266±8 257 -3
4 285±8 288 +2
5 260±8 288 +10
6 3I6±9 305 -3
7 271+8 244 -10
8 250±8 234 -6
9 276+8 257 -7
10 294±9 288 -2
11 297±9 288 -3
12 359±11 305 -15
13 357±11 244 -32
14 263±6 288 +10
15 312±9 305 -2
16 279±8 244 -13
17 253±8 288 +14
18 X 305 -
19 X 244 -
20 151±5 119 -21
21 123±4 106 -14
22 149±4 104 -30

Templug Measured Calculated Error
23 113±3 99 -21
24 X 119 -
25 125±4 106 -15
26 163+5 104 -36
27 125+4 99 -21
28 220+7 240 +9
29 229+7 258 +13
30 244+7 256 +5
31 217+7 240 +11
32 250+8 258 +3
33 272+8 256 -6
34 153+5 110 -28
35 137+4 110 -20
36 152+5 178 +17
37 175+5 178 +2
38 128+4 96 -25
39 134+4 96 -28
40 139+4 140 +1
41 130+4 140 +8
42 122+4 90 -26
43 117+4 90 -23

When measuring the above-mentioned operational parameters, the part of the cycle on full 

load was divided into five parts. During each of the five parts, the operational parameters 

were measured during 20 working cycles. The average values of the most important 

measured values are presented in Table 7.

Table 7. The most important measured operational parameters
Rotation Speed (r/min) 999
Rated Power (kW) 1201
Fuel Consumption (g/kWh) 242.2
Charge Air Pressure (bar) 3.6
Intake Air Temperature (°C) 22.3
Charge Air Temperature (°C) 72.5
Exhaust Gas Temperature before Turbine (°C) 519.5
Lubrication Oil Temperature (°C) 68.4
Ambient Pressure (bar) 1.00
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Figure 62 shows the average of the measured cylinder pressure curves with the modeled 

cylinder pressure curves.

Cylinder Pressure

160

5 120
----- Modelled
----- Measured

180
Crank Angle

Figure 62. The modeled and the average of the measured cylinder pressure cylinder pressure curves
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6 Development of new boundary conditions

The measured operational parameters indicate that the measurement was conducted under 

normal ambient circumstances and that the operational target values were reached. The 

measured cylinder pressure curve matches very well the modeled one. However, the FE- 

model does not correspond well enough to the measurement results, as can be seen from 

Table 6. The calculation error varies between -36 and +17 %. Therefore, the model had to 

be developed to be more exact. In addition, the results of the measurement show that the 

exhaust side of the piston is significantly hotter than the intake side and the tangential 

temperature variation is significant. These phenomena are also taken into account in the 

developed model.

6.1 Comparison of the calculated and measured temperatures

The largest difference between the results of the FE-model and the measurements is that 

the measured temperature is notably higher in the ring groove and outer contact areas than 

calculated. The calculated temperature in the piston head is mostly between the measured 

values in the intake and exhaust sides. In the inner contact surfaces, the results match well 

when comparing the measured values in the exhaust side.

In the piston head area, the largest calculation error is -30 % at measuring point 13 (Figure 

59). The point is located in the exhaust side of the piston in the centre of a fuel spray. The 

value of point 13 is very high when compared to the values of the other two relative points 

7 (Figure 58) and 16 (Figure 60) on the outer perimeter. The difference in temperatures 

between the neighboring points 12 and 13 is very small compared to the difference 

between the corresponding points 6 (Figure 58) and 7 and 15 (Figure 60) and 16. 

Therefore, it may be assumed that the result of point 13 is not valid. The temperature 

difference between the corresponding points in the intake and exhaust sides of the piston is 

significant, some 40 to 10 °C if point 13 is not considered.

Regardless of the fact, that the measurement was successful at only four points between the 

fuel sprays (14-17 in Figure 60), it is obvious that there is a large tangential temperature 

difference in the piston head. Also, the measured temperatures at points 28-33 (Figure 60) 

that were inserted to the piston head from the underside indicate a large tangential 

difference. The measurement at point 31 can be called into question, since the value is
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smaller than the corresponding value in the intake side. The measured temperatures along 

the radii in the centre of one fuel spray are 7 to 47 °C higher than the corresponding ones 

along the radii between two fuel sprays.

Figure 63 shows the calculated and measured radial piston head temperatures at the 

measurement points. In addition, the measuring point numbers are presented in Figure 63. 

The measured temperatures in the centre of, and between, fuel sprays are presented 

separately. The value of point 13 is corrected by multiplying the value of point 12 by the 

quotient of the values of points 7 and 6. The values of points 18 and 19 are defined in the 

same way, using the values of points 15, 6 and 12 for point 18 and 16, 7 and 13 (the 

corrected value) for point 19. The new values for points 13, 18 and 19 are 308 °C, 275 °C 

and 246 °C, in that order. In addition, the temperatures at points 30 and 33 are plotted in 

the curves of the calculated temperature and the measured temperature between two fuel 

sprays. Points 30 and 33 are located less than 4 mm from the piston surface, although they 

are drilled from the underside of the piston.

Piston head temperature

In Centre of Fuel Spray 
Between Fuel Sprays 

Calculated

Radius (mm)

Figure 63. The calculated and measured piston head temperatures and the measurement point numbers, 
negative values of radius present the exhaust side.

In Figure 63, the effect of the wall separating the inner and outer cooling galleries can be 

seen, except from the curve presenting the measured temperature between two fuel sprays.
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The first part of the aforementioned curve is almost straight at first, since there were no 

measuring points between fuel sprays at small radius. The wall is located approximately 

44-56 mm from the centre of the piston, in the direction of the radius. The temperatures 

rise constantly when going away from the centre of the piston head until the midpoint of 

the radius is passed. After that, the temperatures decrease slightly due to the effect of the 

outer cooling gallery. Then, about 65 mm from the centre of the piston head, the 

temperatures rise quickly to the peak values, located some 80 mm from the centre of the 

piston. After that, the temperatures decrease rapidly when approaching the edge of the 

piston head, except for the measured temperature between two fuel sprays, which starts to 

rise again after about 90 mm from the centre of the piston head. This turn cannot be seen in 

the curve of measured temperature in the centre of a fuel spray, since the temperature was 

not measured there.

As mentioned before, according to the calculations, the peak temperature on the piston 

head surface is located some 74 mm from the centre of the piston head. The fact that the 

locations of the calculated and measured peak temperatures are different is most probably 

due to the simple fact that the temperature was not measured at the location of the 

calculated peak temperature. Hence, the rise to the peak temperature is likely a lot steeper 

and it is reached sooner than in Figure 63. It cannot be seen even from the curve of 

calculated temperature of Figure 63, because the calculated temperatures are plotted only 

at the points corresponding to the measuring points. The radial variation of the calculated 

temperature on the surface of the piston head was shown in Figure 55.

The shapes of the measured and calculated temperature curves are quite similar, but there 

are some obvious differences. The calculated temperature in the centre of the piston head is 

slightly above the 3 % error limit. The curve of the measured temperatures rises more 

steeply on both sides than the calculated. In the intake side, the effect of the outer cooling 

gallery is more efficient than the calculated, but, in the exhaust side, the shapes of the 

curves are almost equal, except for the rise to the peak temperature. The rise to the peak 

temperature is much steeper in all measurement cases than calculated. All measurement 

cases also show that the temperature in the outer perimeter is clearly higher than was 

calculated. An interesting fact can be seen in the curve of the measured temperature 

between two fuel sprays. The temperature is actually higher in the outer perimeter than 5 

mm nearer the centre of the piston head.
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The measured temperature in the ring groove and outer contact area is substantially higher 

than calculated. The effect of the outer cooling chamber can be seen from some 20 °C 

higher measured temperatures in the outer perimeter (points 20, 22 and 26 in Figure 60) 

than near the cooling gallery (points 21, 23, 25, 27 in Figure 60 and point 35 in Figure 59). 

The computation error is higher at points 20, 22 and 26 than at points 21, 23, 25, 27 and 

35. The measured temperatures are higher in the exhaust side of the piston, also in the ring 

groove area, apart from point 34 (Figure 58). The value of the point in question is 16 (°C) 

higher than the relative value on the exhaust side (point 35) and also higher than the 

neighboring points 20 and 21. Hence, the measurement at point 34 was unlikely to be 

successful. What is surprising is that the measured temperature in the outer contact area of 

the piston top is about 10 to 15 °C higher than in the lower parts of the ring groove area.

The tangential temperature differences in the piston head and the temperature difference 

between the intake and exhaust sides of the piston are so large that these differences had to 

be considered in the developed model. The reasons for the differences are clear. As 

mentioned before, according to Tiainen et al. (2004), the heat flux in the centre of a fuel 

spray may be 4 times as high as between two fuel sprays. From the results of the 

operational parameters in Table 7, it can be seen that the temperature difference between 

the charge air and exhaust gas was 447 °C. In addition, the radial variation of the heat flux 

on the piston head surface had to be modified near the location of peak temperature and 

near the centre of the piston head.

The other significant difference between the calculation and the measurement was in the 

ring groove and outer contact area. It is most probably due to the thermal load on the fire 

land being higher than was assigned to the model. The fact that the measured temperature 

in the outer perimeter of the piston head is higher than calculated, favors the assumption of 

higher thermal load on the fire land. The relatively high measured temperatures between 

the first and second compression rings (points 26 and 22) indicate that the effect of the 

blow-by gases is high in the area. Based on the relatively high temperatures in the outer 

contact area, it can be assumed that the blow-by gases have a significant effect even after 

the compression rings and that the oil temperature is most probably significantly higher 

than 90 °C in the region. It seems that the cooling on the vertical surfaces of the outer 

cooling chamber is more efficient than was assumed, because in the ring groove area the 

calculation error in the outer perimeter is significantly higher than near the cooling gallery.

89



6.2 Creation of the developed model

To be able to model the difference between the intake and exhaust-sides, the size of the 

model was grown to one half of the whole piston. The top part was partitioned to be able to 

probe the calculated values along the radii in the centre of the fuel sprays nearest to the cut 

edge. The parts formed by the partitioning are meshed separately in ABAQUS/CAE, so the 

values of the surface nodes of the different parts can be easily probed. First, the top of the 

piston was partitioned into three parts, upper and two lower parts. Then the upper part of 

the top was partitioned into three parts. So, the piston top is formed of five parts. The two 

partitions in the upper part were made in the direction of the radius, 22.5 and 157.5 degrees 

central angle of piston head surface. The new 3D-model of the piston and the lines along 

which the partitions were made are presented in Figure 64.

i-------

Figure 64. The new 3D-model of the piston, exhaust side on the left
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6.3 The modified thermal loads

For the developed model, the thermal loads on the piston head surface, on the fire land and 

on the vertical surfaces of the outer cooling gallery were modified. In addition, a new 

surface was created on the ring groove area. On the other surfaces the thermal loads were 

left unchanged. The modifications were made to make the model coincide better with the 

measurement results. Hence, the modifications were based only on the differences between 

the measurements and the original model. The only exception was the tangential variation 

of the heat flux on the piston head surface, which was modeled using the results of Tiainen 

et al. (2004). The simplest modification concerned the vertical surfaces of the outer cooling 

gallery, where the heat transfer coefficient was changed from 1200 to 1800 W/(m2 K). The 

other modifications are explained more exactly in the following chapters.

6.3.1 Piston head surface

The values of the average gas temperature and heat transfer coefficient on the piston head 

surface were not changed for the developed model. The modification concerned only the 

distribution of the thermal load on the piston head surface. The gas temperature difference 

under intake and exhaust valves and the tangential variation of the heat flux on the piston 
head surface were modeled.

The difference in the gas temperature under the intake and exhaust valves was modeled 

using the hyperbolic tangent. In the model, the exhaust side is located on the positive side 

of coordinate 2 (see the triad in Figure 64). Hence, the intake side is on the negative side of 

coordinate 2. The temperature difference was modeled using Equation (24).

Tg (y) = (1 + 0.07 • tanh(l00 • y)) ■ Tgave (24)

where Tg is the gas temperature on the piston head surface

y is coordinate 2

Tg,ave is the average gas temperature on the piston head surface

According to the measurements, the temperature difference between the intake and exhaust 

sides is significant already near the centre of the piston head and the temperature on the 

exhaust side of the piston head is some 10 to 15 % higher than on the intake side.
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Therefore, in Equation (24), the value of coordinate 2 was multiplied by 100 and the value 

of the hyperbolic tangent was multiplied by 0.07. The gas temperature calculated using 

Equation (24) is presented in Figure 65.

Average Gas Temperature
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Figure 65. Average gas temperature according to Equation (24), negative values of radius present the 
exhaust side

The tangential variation of the heat flux on the piston head surface was modeled using 

Function (25).

4gas ЫН-C{rp )• cos(8/?)J. qgas {rp ) (25)

where qgas

C

rp=y¡x2+y2 

where x

ß = arccos
f \
Z
\rp;

is the heat flux on piston head surface 

is explained later

is the radius of piston head surface 

is coordinate 1

is the central angle of the piston head surface

(26)

(27)
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In Equation (25), the tangential variation is based on the cosine of ß. The model contains 

only a half of the piston, so ß varies between 0 and 180 degrees. The heat flux reaches its 

maximum value at intervals of 45 degrees of ß, since there are four fuel sprays over the 

modeled piston head surface area. Therefore, to reach the four maximum values, ß was 

multiplied by 8 in Equation (25). The radius at 0 degrees central angle is between two fuel 

sprays, so there the heat flux reaches its tangential minimum value. Therefore, the 

multiplier of the cosine in Equation (25) is negative.

The amplitude C of the cosine function in Equation (25) was transformed from R, which 

is the ratio of the heat fluxes along the radii in the centre of a fuel spray and along the radii 

between two fuel sprays, according to Tiainen et al. (2004). The amplitude C describes the 

difference between the heat fluxes along the radii in the centre of a fuel spray and along the 

radii between two fuel sprays in proportion to 1. For example, C approaches 1 as R 

approaches infinity and C approaches 0 as R approaches 1. Hence, if C equals 0, it 

means that the heat fluxes in the centre of a fuel spray and between two fuel sprays are 

equal and, if C equals 1, it means that heat flux equals 0 between two fuel sprays. The 

transformation was made using Equation (28).

R = 1+ C 
1 -C

=>C = R-1 
Ä + 1

(28)

Ratio R, and therefore also ratio C, are functions of the radius of piston head surface. The 

ratios are presented in Figure 66. From Figure 66 can be seen that, according to Tiainen et 

al. (2004), the heat flux near the centre of the piston is slightly higher along the radii 

between two fuel sprays than in the centre of a fuel spray. Therefore, in these parts, the 

value of C is negative and the value of R is less than 1.
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Heat Flux Ratio

------Heat Flux Ratio (R)
------Transformed Ratio (C)

Radius (mm)

Figure 66. Ratios of the highest and the lowest values of the heat flux on the piston head surface

The radial variation of the gas to piston head surface heat transfer coefficient was 

modified. The values near the piston centre were lowered and the values near the location 

of the peak temperature were raised. The decrease of the heat transfer coefficient near the 

centre of the piston head was heavy. After the modification, the average value of the heat 

transfer coefficient is the same as in the original model. The original and the modified 
radial variations of the heat transfer coefficient on the piston head surface are presented in 

Figure 67.
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Gas to Surface Heat Transfer Coefficient

------Original Model
------Developed Model

5" 1100

Radius (mm)

Figure 67. The original and the modified radial variations of heat transfer coefficient on the piston head 
surface

Figure 68 shows the effects of the tangential variation according to Equation (25) and the 
modified radial variation to the heat flux.

Figure 68. The effects of the tangential variation and the modified radial variation to the heat flux
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6.3.2 Fire land

In the original model, the thermal load on the fire land was heavily underestimated. 

Therefore, the heat transfer coefficient was increased significantly on the whole surface. 

The heat transfer coefficient on the fire land was set to vary linearly in the vertical 

direction from 588 W/(m2-K), which is 66 % of the value on the edge of the piston head 

surface, to 303 W/(m2-K). The gas temperature assigned on the fire land was the same as 

on the outer edge of the piston head surface.

6.4 New surface

The new surface and the thermal load on it are presented in Figure 69. The thermal load 

was set to be equal on the whole surface. The value of the heat transfer coefficient was the 

same as on the lower edge of the fire land. The temperature was the same as on the edge of 

the piston head.

Lambda - 303 W/(m* • K)
T- 478 -41S °C

Figure 69. The gas temperature and the gas to surface heat transfer coefficient the new surface

6.5 Meshing

The developed model, like the original model, was meshed with the second-order 

tetrahedral elements. Due to the partitions in the piston head, the seed size was changed to 

4.25 mm to avoid analysis warnings. In the piston skirt, the seed size was changed to 7.5 

mm and, in some of its edges, a seed size of 1.5 mm was used to reduce the number of 

analysis warnings. Because the bolt is whole in the developed model, the seed size had to 

be changed to 9 mm to avoid analysis warnings. Meshing the developed model with these 

seed sizes led to a total of 68967 elements, of which 38825 were in the top, 29711 in the 

skirt and 431 in the bolt. Fifty-nine elements in the skirt caused an analysis warning. The 

meshed model is presented in Figure 70.
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Figure 70. The meshed model

6.6 Results

The highest temperature, 438.7 °C (359.4 °C in original model), is located some 74 mm 

from the centre of the piston head surface, in the exhaust side and in the centre of a fuel 

spray. The lowest temperature at the same distance from the centre of the piston head 

surface is 298.8 °C. It is located in the intake side, between two fuel sprays. For 

comparison, temperatures in different locations of the original and the developed model are 

presented in Table 8. Figures 71-73 show the calculated temperature distribution in the 

piston. From Figure 72, it can be seen that the tangential temperature variation is very large 
on the piston head surface. Figure 73 shows that the tangential temperature variation 

extends to the whole fire land. The higher temperature in the side of the piston under the 

exhaust side is clearly shown in Figures 71, 72 and 73.
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Table 8. Temperatures in different locations of the original and the developed model (°C)
Location Original Developed

Bottom of the Outer Cooling Gallery (lowest) 86.3 85.9
The Centre of the Piston Head Surface 233 225
Outer Edge of the Piston Head Surface 257 258-311
The Highest Temperature on the Cooling Gallery Surface 267 309
V1 Compression Ring Groove, Upper Surface (Intake/Exhaust) 112-120 136-159/146-173
V Compression Ring Groove, Lower Surface (Intake/Exhaust) 105 124-136/131-143
2nd Compression Ring Groove, Upper Surface (Intake/Exhaust) 103 122-136/128-144
2nd Compression Ring Groove, Lower Surface (Intake/Exhaust) 101 123-138/129-147
Oil Ring Groove, Upper Surface (Intake/Exhaust) 100 128-137/134-146
Oil Ring Groove, Lower Surface (Intake/Exhaust) 100 133-144/153-141
The Highest Temperature in the Skirt 163 144
The Bolt 99-230 96-207
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Figure 72. Temperature distribution on the piston head surface, exhaust side below
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Figure 73. Temperature distribution on the outer surface of the piston, exhaust side on the right
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The temperature difference between the hottest point in the piston and the point of the 

outer cooling gallery nearest to it is some 127 °C. The distance between these points is 

only 9.5 mm, thus the thermal gradient is very large between the points. Figure 74 shows 

the cutaway picture of the hottest cross -section in the piston head.

NTll

1
 +4.387e+02 
+4.093e+02 
+3.800e+02 
+3.506e+02 
+3.212e+02 
+2.919e+02 
+2.625e+02 
+2.331e+02 
+2.037e+02 
+1.744e+02 
+1.450e+02 
+1,156e+02 
+8.626e+01

Figure 74. The hottest cross-section of the piston head

The temperature on the piston head surface along coordinate 2 and along the radii at 22.5 

and 157.5 degrees central angle of piston head surface is presented in Figure 75. From 

Figure 75, it can be seen that the largest temperature difference between the points in 

centre of the fuel spray and between the fuel sprays in the exhaust side on the piston head 

surface is some 100 °C. The distance between these points is some 28.9 mm. Hence, the 

temperature gradient is clearly larger in the piston head than on the piston head surface.

Piston Head Surface Temperature

------In Centre of a Fuel Spray
’------Between Fuel Sprays

Radius (mm)

Figure 75. Temperature on the piston head surface along radius, negative values of radius present the 
exhaust side.
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The heat flux on the piston head surface is very difficult to define due to the tangential 

differences in the gas temperature and heat transfer coefficient on the piston head surface 

and in the piston head surface temperature. Most probably the average heat flux does not 

differ much from the value calculated using the results of the original model, since the 

average gas temperature and the average heat transfer coefficient were not changed for the 

developed model. The heat fluxes on the fire land and on the new surface are so significant 

in the developed model that they have to be considered when calculating the total heat 

transfer rate to the piston.

The average heat flux rate on the fire land was calculated using the values of the calculated 

fire land surface temperature and the gas temperature and heat transfer coefficient on the 

fire land surface. The variations of the above-mentioned values in the direction of 

coordinate 3 were considered, but the tangential variations were averaged using the values 

on the fire land where coordinate 2 equals 0. There the gas temperature is 447 °C and the 

heat transfer coefficient varies linearly along coordinate 3 from 588 to 303 W/(m2 K). The 

surface temperature of the fire land where coordinate 2 equals 0 is presented in Figure 76 

and coordinates 2 and 3 were presented in the triad of Figure 64.

Fire Land Surface Temperature

-18

160 180 200 220 240
Temperature (°C)

Figure 76. Surface temperature of the fire land where coordinate 2 equals 0
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According to Equation (2), the average heat flux on the fire land is 104 kW/m2. So, 

according to the developed model, the heat transfer rate to the whole piston through the fire 

land is about 2.2 kW. The value is relatively high, being over 20 % of the heat transfer rate 

through the piston head surface, according to the original model.

On the new surface, the average temperature is 141 °C on the surfaces between the rings 

and 154 °C on the surface under the oil ring. The gas temperature is 447 °C and the heat 

transfer coefficient is 303 W/(m2 K) on the whole surface. Hence, the average heat flux on 

the surfaces between the rings is 93 kW/m2 and 89 kW/m2 on the surface under the oil ring. 

Thus, the total heat transfer rate through the new surface for the whole piston is 0.9 kW. 

The heat transfer rate through the piston head surface is 9.86 kW according to the original 

model. Therefore, the total calculated heat transfer rate from the gases to the whole piston 

is about 13 kW, which is 6.5 % of the engine power per cylinder.

With Equation (18), the heat transferred to the cooling oil in the cooling chamber can be 

calculated. The studied piston consists of two pieces, so, according to Griffiths & Cantow 

(1995), C3 = 0.025 and C4 = 1.

Q0 =0.025 1 ^^-----^------ 43-106 —-200kW = 11997-= 12kW (29)
1200 3600 kWs kg s

The result corresponds with the calculated heat transfer rate to the piston, because most of 

the heat transferred from the gases to the studied piston flows out through the cooling oil. 

As was mentioned before, the heat outflow through cooling oil in the cooling chambers of 

a composite piston is 86-92 % of the total heat input to the piston. On the basis of the 

correspondence of the result of Equation (29) and the calculated heat transfer rate to the 

piston, it can be said that the thermal loads used in the model are close to the real ones.

It is possible that a temperature distribution in the piston similar to the one presented in 

Figure 71 could have been reached using different boundary conditions. The boundary 

conditions could not, however, be very much different from the ones that were used in the 

model. For example, the most significant thermal loads were attached on the piston head 

surface and in the cooling galleries. If the thermal loads on these surfaces were raised or 

lowered significantly, the thermal gradient between the surfaces would be higher or lower 

accordingly, because the thermal conductivity of the piston head material would be the 

same in all cases. Hence, it would be possible to achieve the same temperature distribution
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in a layer of the piston head, but not in the whole piston head. The same logic is valid 

between all the other surfaces of the model.

6.7 Comparison of the results

Table 9 presents the measured temperatures and the calculated temperatures according to 

the developed model.

Table 9. Measured and calculated temperatures (°C) and the calculation error (%). X refers to failed or 
presumably failed measurement. Figures in parenthesis are based on the original model and the temperatures 
in brackets are the corrected values.

Templug Measured Calculated Error
1 216+6 217 0(+3)
2 229+7 224 -2 (+2)
3 266+8 241 -9 (-3)
4 285+8 266 -7 (+2)
5 260+8 270 +4 (+10)
6 316+9 320 1 (-3)
7 271+8 266 -2 (-10)
8 250+8 240 -4 (-6)
9 276+8 264 -4 (-7)
10 294+9 295 0 (-2)
11 297+9 303 +2 (-3)
12 359+11 362 +1 (-15)
13 [308+9] 297 -4 (-17)
14 263+6 264 0 (+10)
15 312+9 297 -5 (-2)
16 279+8 272 -3 (-13)
17 253+8 239 -6 (+14)
18 [275+8] 265 -4 (+11)
19 [246+7] 242 -2 (-1)
20 151+5 153 +1 (-21)
21 123+4 124 +1 (-14)
22 149+4 130 -13 (-30)

Templug Measured Calculated Error
23 113+3 117 +4 (-21)
24 X 167(119) -
25 125+4 131 +5 (-15)
26 163+5 136 -17 (-36)
27 125+4 122 -2 (-21)
28 220+7 227 +3 (+9)
29 229+7 239 +4 (+13)
30 244+7 240 -2 (+5)
31 X 247 (240) -
32 250+8 263 +5 (+3)
33 272+8 268 -1 (-6)
34 X 134(110) -
35 137+4 143 +4 (-20)
36 152+5 156 +3 (+17)
37 175+5 166 -5 (+2)
38 128+4 111 -13 (-25)
39 134+4 115 -14 (-28)
40 139+4 127 -9 (+1)
41 130+4 123 -5 (+8)
42 122+4 99 -19 (-26)
43 117+4 97 -17 (-23)

From Table 9, it can be seen that the calculation error of the modified model is between -9 

and +5 % and, at 13 out of 37 successfully measured points, the error is within the ±3 % 

limit. In the original model, the corresponding figures were -36 and +17 % and 11 out of 

37. The average of the absolute value of the calculation error in the developed model is 5.4 

% and in the original model 11.9 %. From these figures, it can be seen that the changes 

made to the developed model were successful.
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Because the modifications of the thermal loads focused mostly on the piston head surface, 

the fire land and the ring groove area, the largest changes between the models can be seen 

in these areas. In the piston head, the calculated temperatures after the modifications are, 

on average, lower than the measured. The largest calculation error in the piston head is -9 

%, but mostly the calculation error is between ±4 %. The calculated and measured radial 

piston head temperatures at the measuring points are presented in Figure 77.

Piston head temperature

Measured in Centre of Fuel Spray 
Measured between Fuel Sprays 
Calculated in Centre of Fuel Spray 
Calculated between Fuel Sprays

1 \ 11 T

Radius (mm)

Figure 77. The calculated and measured piston head temperatures and the measurement point numbers, 
negative values of radius present the exhaust side

The calculated and measured temperature curves match well with each other, except for the 

region over the inner cooling gallery in the intake side. There, the measured temperature is 

clearly higher than the calculated. In the corresponding region under the exhaust side, the 

calculated temperature is also lower than the measured, but the difference is smaller. 

Above the outer cooling gallery, the calculated temperatures are higher in the centre of the 

fuel sprays, except for the outermost points, and, between fuel sprays, lower than the 

measured.

The calculated temperatures in the fire land and in the ring groove area correspond 

significantly better with the measured temperatures after the modifications to the model. 

The calculation error is small throughout the ring groove area apart from points 22 and 26,
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which are located between the first and second compression rings on both sides of the 

piston. At these points, the calculated temperatures were much lower than the measured.

According to the measurements, the temperature is higher near the outer contact (points 38 

in Figure 58 and 39 in Figure 58) than in the lower parts of the ring groove area (points 23 

and 27). In the model, the difference between the points is reversed. Therefore, the 

calculation error in the whole developed model is greatest in the outer interface. There, the 

calculation error is between -13 and -19 %. In the inner interface, the error is between -9 

and +3 %. The error is positive in the intake side and negative in the exhaust in the crown.

The fact that the calculated temperatures in the piston head are mostly lower than the 

measured (Figure 77 and Table 9) might be due to too effective oil cooling or too weak an 

average heat flux on the piston head surface in the model. The differences are mostly very 

small, so the error might also be in the measurements. The only exception is the region 

over the inner cooling gallery in the intake side where the differences are so great that they 

are not near the ±3 % error limits. The bigger difference in temperatures over the inner 

cooling gallery in the intake side than in the exhaust side might be caused by too big a 

difference in the modeled gas temperature between these sides. The low calculated 

temperatures in the region over the inner cooling gallery might be due to the same reasons 

as mentioned above for the whole piston head. However, the results at points 28, 29 and 31 

presented in Table 9 do not support this assumption. The points are located over the inner 

cooling gallery, but unlike the other points in the region, along the radii between two fuel 

sprays. At these points, the calculated temperature is higher than the measured. Hence, the 

differences are presumably due to higher tangential variation of the heat flux on the piston 

head surface on that region than in the model. In fact, from Figure 66, it can be seen that 

the ratio starts to decrease after some 22 mm of radius. Without this drop in the curve the 

calculation errors would even out to some extent.

According to Figure 77, the only difference in the part of the piston head above the outer 

cooling gallery is that the calculated temperatures are higher in the centre of the fuel 

sprays, except for the outermost points, and lower between the fuel sprays than the 

measured. This is clearly due to too high a tangential variation in the heat flux on that area. 

Hence, the largest tangential temperature difference on the piston head surface is smaller 

than the calculated 100 °C. The calculated difference was shown in Figure 75. At the
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outermost points, the calculated temperature is lower than the measured. The heat flux on 

the fire land has a strong effect on the temperature of these points. Hence, the heat flux 

might be a little higher on the upper part of the fire land than the modeled.

Figure 77 shows that the modification to the radial variation of the gas to piston head 

surface heat transfer coefficient made the temperature rise to the peak value steeper than 

was measured. In the centre of the piston head, the heat transfer coefficient was lowered 

notably. However, as can be seen from Figure 77, the calculated temperature in the centre 

of the piston is higher than the measured, unlike in other parts over the inner cooling 

gallery. Therefore, it is possible that the heat transfer coefficient is even lower near the 

centre of the piston head.

The increase in the thermal load on the fire land was successful according to the calculated 

temperatures over the first compression ring. However, in the ring groove area, the thermal 

load seems to be higher than the modeled. This can be seen from the large calculation 

errors in the temperatures between the compression rings in Table 9. The cooling effect of 

the first compression might be smaller and more evenly distributed to the upper and lower 

ring groove surfaces. This may very well be true, since the effects of the friction and the 

in-cylinder gases on the groove surfaces were not considered. Table 9 shows that, in the 

ring groove area near the outer cooling chamber, the calculated temperatures are higher 

than the measured, but between the compression rings they are much lower than the 

measured. Therefore, it may be assumed that raising the heat transfer coefficient for the 

developed model on the vertical surfaces of the outer cooling chamber was too moderate. It 

might also mean that the cooling effect of the piston rings is higher than modeled.

The substantially higher measured than calculated temperatures in the outer contact area 

indicate that the thermal load is also higher in the lower parts of the ring groove area than 

modeled. The thermal load on the new surface was too low in the developed model and the 

cooling effect of the oil ring might be too high.

In the inner interface the calculated temperatures of the original model match better than 

the ones of the developed model with the measured temperatures. This is due to the raising 

of the heat transfer coefficient on the vertical surfaces of the outer cooling gallery for the 

developed model. More effective cooling causes a larger temperature difference between 

the points, because the measuring points were located 4 mm from the contact surfaces.
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Because only a half of the piston is modeled, the effect of the other cooling oil channel 

between the cooling galleries is not considered. As can be seen from Figure 64, in the 

model, the oil channel is located in the exhaust side. It might have caused the calculation 

error in the crown to be positive in the intake side and negative in the exhaust side. The 

calculation error in the interfaces was bigger in the skirt than in the crown, which 

presumably means that the thermal resistance in the interfaces was lower than assumed.
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7 Conclusions

An FE-model for calculating the temperature distribution in the piston of a Wärtsilä 20 

medium-speed diesel engine was created in this study. Calculation of the strains due to the 

temperature variations was not considered. As intended, some results of related studies 

were used in the creation of the model. The FE-model was created using ABAQUS and the 

boundary conditions were assigned in the model as FORTRAN code. The 3D-models of 

the parts were drawn with I-deas.

First, a quarter of the piston was modeled. The thermal loads assigned to the model were 

defined partly using the results of other studies and partly by calculations made by the 

author. Some computer programs such as GT-POWER and MATLAB were used in the 

calculations. Most attention was paid to the thermal loads on the surfaces of the piston top, 

especially on the piston head surface, although it was somewhat simplified. Hence, the 

tangential variation of the heat flux on the piston head due to fuel sprays was averaged. 

Some other thermal loads were defined rather approximately.

As planned, the results of the model were used when choosing the measuring points. For 

example, according to the results, the temperature in the ring groove area was fairly low, 

therefore the temperature was measured densely in the ring groove area. Temperature in 

the piston head was also measured comprehensively. The measuring points in the piston 

head were chosen so that the radial and tangential variations of the heat flux on the piston 

head surface and the temperature difference between the sides of the piston under the 

exhaust and intake valves could be defined. Temperature near the contact surfaces was also 

measured.

The results of the temperature measurements showed that the model needed modifications. 

The average of the absolute values of the calculation errors was 11.9 %. The measured 

temperature in the ring land and the outer interface was clearly higher than that calculated. 

The measurements proved also that the temperature variation in the piston head is 

significant tangentially and between the intake and exhaust sides, although the temperature 

measurement was unsuccessful at two relatively significant points, considering the 

tangential variation. The radial temperature variation in the piston head, according to the 

model, corresponded reasonably well with the measured variation. The calculated 

temperatures were mostly between the tangential variations of the measured temperatures.
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Because the calculated temperatures differed considerably from the measured, the model 

had to be developed. The size of the model was grown to a half of the piston to make it 

possible to model the differences between the intake and exhaust-sides. The tangential 

variation of the heat flux on the piston head surface was assigned according to Tiainen et 

al. (2004). The rest of the modifications to the model, which mostly concerned the fire land 

and the ring groove area, were based on the differences between the measurements and the 

original model.

The results of the developed model were significantly better than the results of the original 

model. By means of the developed model, the average of the absolute values of the 

calculation errors was reduced to 5.4 %. The temperature distribution in the piston head 

was modeled fairly well with certain exceptions. The largest calculation errors were in the 

outer contact area and in the ring groove area between the first and second compression 

rings. Otherwise the modeling of the temperature distribution in the ring groove area was 

successful. However, it has to be kept in mind that correcting the above-mentioned errors 

would possibly have a significant influence in the results of the whole ring groove area.

One objective of this study was to specify the areas of the studied piston and the thermal 

loads on them that need more research. On the grounds of the calculation errors, it can be 

said that the ring groove area is the area that needs the most research. After all, the heat 

flow to the locations where the calculation error was the greatest happens through the 

surfaces of the ring groove area. The measurements showed that the heat inflow to the 

piston through the ring groove area is significant. Therefore, modeling only the heat 

outflow from the piston through the piston rings, as was done in the original model, is not 

enough to achieve accurate results.

The temperature in the ring groove area depends also substantially on the heat flux on the 

fire land and the oil cooling in the outer cooling gallery. In this study, the heat flux on the 

fire land was defined using the gas temperature and a fraction of the gas-to-surface heat 

transfer coefficient assigned on the edge of the piston head surface. Hence, no separate 

calculations were made when defining the heat flux. Because of this, the heat flux on the 

fire land was badly underestimated in the original model. In the developed model, this 

error was successfully corrected, but the correction was based only on the measurements. 

Hence, no theoretical research was carried out.
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In the present study, the definition of the heat transfer coefficients on the cooling gallery 

surfaces was based on results of another study. The distribution of the heat transfer 

coefficient on different surfaces of the cooling galleries was defined very coarsely. In 

addition, the oil temperature was estimated on the basis of the measured oil temperature 

after the oil cooler. Even so, considering the whole modeled volume, the calculated 

temperatures matched surprisingly well with the measured temperatures already in the 

original model. Therefore, only one modification was made for the developed model 

concerning the heat flux on the cooling chamber surfaces. Anyway, the oil cooling is so 

effective in composite pistons that defining its intensity accurately is very decisive. 

Therefore, there could be a small possibility that the heat fluxes on the piston head and on 

the cooling gallery surfaces were both under- or overestimated equally and the modeled 

temperature distribution in the piston matched that measured by pure luck. However, in 

this study, this possibility can be ruled out, since the value of the calculated heat transfer 

rate to piston is reasonable.

On the basis of the calculations, together with the measurements and methods used in this 

study to calculate the thermal loads, it can be said that the ring groove area, the cooling 

galleries and the fire land are the areas that need the most additional study if accurate 

results are desired. The definition of the heat flux on the piston head surface is also very 

important, since most of the heat flows into the piston through it. Also, the highest 

temperatures and the largest temperature differences are located in the piston head. Some 

assumptions of the causes of the calculation errors are presented in Chapter 6.7. These can 

be used as a starting ground for a possible further study.

All in all, it can be stated that the objectives of this study were achieved, since a functional 

FE-model of the studied piston was created and the problematic areas were defined with it. 

In addition, by means of the model, a lot of interesting information about the heat transfer 

in the piston was discovered. For example, the heat transfer rate to the piston could be 

calculated using both models. The large amount of heat transferred through the fire land 

was somewhat surprising. Another significant result was that the tangential variation of the 

heat flux on the piston head surface caused very large temperature differences in the piston 

head surface. However, according to the model, the largest temperature gradient was 

between the hottest point of the piston head surface and the cooling gallery surface under 

it.
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