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Abstract

This work was done as part of the LuxTurrim5G project funded by the participating
companies and Business Finland. The objective was to design a compact liquid
cooling heat sink for electronics. Two different flow geometries for an aluminum heat
sink for liquid cooling were designed and numerically analyzed with computational
fluid dynamics (CFD) using a conjugate heat transfer (CHT) model. In one geometry,
guiding vanes at the inlet were used to decrease maldistribution of the fluid in the
heatsink, and an empty, large opening in the other. Both geometries were studied
with two different flow rates of the cooling liquid, corresponding to inlet Reynolds
numbers of 4171 and 15641. For the modeling of turbulence, the standard k-epsilon
model was used. Water was used as the heat transfer fluid in all simulations. The
heat applied to the heatsink was set to 1600W, which is considered a worst case
scenario. The highest allowed surface temperature to assure proper functionality of
the electronics was set to 338K. The inlet water temperature was set to 300K. With 2
L/min flow rate, the surface temperature was noted to reach levels of 346.7K without
the guiding vanes and 341.9K with the guiding vanes. With 7 L/min flow rate the
surface temperatures were noted to reach levels of 332.7 without the guiding vanes
and 326.4 with the guiding vanes. The effect of the guiding vanes and the flow rate
of the cooling liquid were observed to be significant. In addition, the heat transfer
enhancement in the entrance region of a developing laminar flow was observed to
be of great importance. The reliability of the results obtained with the k-epsilon
model was assessed by comparing the results to large-eddy simulation (LES). The
comparison revealed similarities in the flow field within decent accuracy. The CHT
solver used in this thesis was also validated against an analytic solution of a laminar
flow between heated infinite parallel plates. The numeric results were observed to be
in good agreement with the analytic solutions.
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Tiivistelmä

Tämä työ on tehty osana LuxTurrim5G-projektia osallisten yritysten sekä Business
Finlandin rahoittamana. Työn tarkoitus oli suunnitella kompakti nestejäähdytyselementti elektroniikan jäähdyttämiseen. Kaksi toisistaan poikkeavaa virtausgeometriaa
alumiiniselle jäähdytyselementille suunniteltiin ja arvioitiin numeeristesti käyttäen
apuna konjugaattilämmönsiirtomallia laskennallisessa virtausmekaniikassa. Toisessa geometriassa käytettiin virtauksen ohjureita sisäänvirtauksessa vähentääkseen
virtauksen epätasaista jakautumista jäähdytyselementissä, ja toisessa geometriassa
ei. Molemmat geometriat analysoitiin kahdella eri jäähdytysnesteen virtausmäärällä, jotka vastasivat sisääntulon Reynoldsin lukuja 4171 ja 15641. Turbulenssin
mallintamiseksi käytettiin k-epsilon turbulenssimallia. Kaikissa simulaatioissa jäähdytysnesteenä käytettiin vettä. Jäähdytyselementtiin johdettu lämpöteho asetettiin
1600W tasolle, joka edustaa pahinta tapausta. Korkein sallittu pintalämpötila oli
asetettu 338K tasolle. Sisäänvirtaavan veden lämpötila oli 300K. 2 L/min virtaamalla
jäähdytyselementin korkeimmat pintalämpötilat olivat ilman virtauksen ohjureita
346.7K, ja virtauksen ohjureilla 341.9K. 7 L/min virtaamalla ilman ohjureita korkein pintalämpötila oli 332.7K ja ohjureilla 326.4K. Kehittyvän virtauksen alueella
tapahtuva lämmönsiirron tehostuma huomattiin merkittäväksi. Turbulenssimallilla simuloitujen tulosten luotettavuutta arvioitiin vertaamalla tuloksia suurten pyörteiden
(LES) menetelmään. Vertailu osoitti yhdenmukaisuuksia virtauskentän tuloksissa
riittävällä tarkkuudella. Työssä käytetty konjugaattilämmönsiirtoratkaisin validoitiin
myös vertaamalla sen ratkaisua analyyttiseen ratkaisuun laminaarista virtauksesta
kahden lämmitetyn, äärettömän levyn välissä. Numeeristen ratkaisujen huomattiin
vastaavan analyyttistä ratkaisua hyvin.
Avainsanat Laskennallinen virtausmekaniikka, konjugaattilämmönsiirto,

nestejäähdytys, Nusseltin luku, kehittyvä virtaus
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Symbols and abbreviations
Symbols
Latin
A
cp
E
Dh
d
g
h
k
l
L
m
N
Nu
Pr
P
p
Q
q ′′
q ′′′
Re
T
t
U
u
u
v
V

Area
Specific heat in constant pressure
Energy
Hydraulic diameter
Spacing of plates
Gravitational acceleration
Convective heat transfer coefficient
Turbulent kinetic energy
Length, thickness
Characteristic length
Mass
Number of channels, Number of cell faces
Nusselt number
Prandtl number
Perimeter
Pressure
Heat
Heat flux
Volumetric heat source
Reynolds number
Temperature
Time, thickness
Bulk velocity
Velocity vector
Velocity x component
Velocity y component
Volume

viii

Greek
α
δ
ϵ
θ
κ
µ
ν
ρ
τ
Φ
ϕ

Thermal diffusivity
Boundary layer thickness
Dissipation of turbulent kinetic energy
Thermal resistance
Thermal konductivity
Dynamic viscosity
Kinematic viscosity
Density
Stress tensor
Rate of viscous dissipation
Flow variable

Abbreviations
CFD
Computational Fluid Dynamics
CHT
Conjugate Heat Transfer
FVM
Finite Volume Method
LES
Large Eddy Simulation
PISO
Pressure Implicit with Splitting Operators
RANS
Reynolds Averaged Navier-Stokes equations
SIMPLE Semi-Implicit Method for Pressure Linked Equations
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1

Introduction

The present thesis belongs to the research field of computational fluid dynamics
(CFD) design of heat exchangers. In particular, the purpose is to use a conjugate
heat transfer (CHT) analysis to design a compact heat sink for liquid cooling. This
work was done as part of the LuxTurrim5G project funded by the participating
companies and Business Finland.
The growing concern about climate change in addition to the increasing population
and energy demand in cities are making energy efficiency a crucial challenge for
urban societies. A smart city concept could be used to improve energy utilization
and efficiency in future cities [1]. The purpose of the smart city ecosystem is to
develop an infrastructure for digital services to improve security, energy efficiency,
transport optimization, air quality and general quality of living as well [2]. However,
the increasing number of mobile network users and digital services are making current
mobile networks insufficient already in a few years. A 5G network would provide
sufficient capacity for the future mobile networks. [2, 3]

1.1

Motivation

The key issues with a 5G mobile network is that small cell 5G radio frequency
technology and higher frequencies require a dense network of antennas [4]. To create
a dense network of antennas in a city environment, the size of the antennas should
be relatively small. The decreased size of the antennas create problems involved
with the cooling of the radio transmitters. The power of a single antenna containing
4 electronic circuits with radio transmitting components is estimated to be 800W.
In other words, 800W excess heat needs to be transferred from the electronics to a
heat transfer fluid. Conventional air cooling demands a large size for the heat sink,
and hence, the cooling should be based on liquid cooling [5]. In addition to the size
limitation of the heat sink, the space available for the connecting pipes of the cooling
fluid is limited. This is likely to result in changes in the flow field in the heat sink,
which results in higher temperature non-uniformity.

1.2

LuxTurrim5G

LuxTurrim5G is a smart city ecosystem project driven by Nokia Bell Labs [6, 7]. To
overcome the challenges created by the necessity of the dense network of antennas,
LuxTurrim5G develops a 5G network infrastructure based on smart light poles. Such
light poles would include integrated antennas, base stations, sensors, screens, and
other devices. [2] The smart light poles provide, among other things, digital services,
new business opportunities, and machine-to-machine communication to enable an
internet of things [3]. A representative figure of the antenna network is shown in Fig.
1.

2

Figure 1: A schematic of the antenna network with the LuxTurrim5G light poles.

1.3

Liquid Cooling

The most widely used liquid cooling heatsinks involve microchannels or cylindrical
pin-fins to increase the total area of the heat transfer surface. In the following, results
of some numerical and experimental studies with microchannel or pin-fin heatsinks
are presented.
The term microchannels refers to flow channels inside the heatsink which increase the
surface area available for heat transfer compared to a single channel. The concept
of involving microchannels in a heat sink was first introduced by Tuckerman and
Pease [8]. They used a heat sink with microchannels of 50 µm width and 50 µm wall
thickness. A 790 W/cm2 heat dissipation rate was reached with a 71◦ C temperature
rise between the heated surface and the incoming fluid. Such a high power intensity
application has relevance to the present study where local heat sources generated by
the radio transmitting components need to be cooled sufficiently.
An experimental study comparing a microchannel design to a single channel design
was performed by Harms et al. [9]. The experiments were performed for Reynolds
numbers within the range of 173 to 12900. The results revealed better heat transfer
performance with the microchannel system with developing laminar flows compared
to a turbulent single channel design. The effect of the entrance region on higher heat
transfer performance was also observed numerically with a laminar CHT model with
CFD by Qu et al. [10].
Lee and Kafai [11] compared a microchannel heat sink to jet impingement cooling.
Optimal conditions were used for each cooling system since the operating conditions
are largely different. The results showed that the microchannel system performs
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better for smaller cooling areas (0.07 x 0.07 m). Jet impingement was observed to
be competitive for larger areas if the spent flow is treated correctly.
Lee et al. [12] performed an experimental study to examine the validity of available
classical correlations. The width of the microchannels in the experiments ranged
between 194 µm and 534 µm with the Reynolds numbers within 300 to 3500. The
experimental results showed a mismatch between the experiments and the classical
correlations due to the differences in the initial and boundary conditions. In addition
to the experiments, a full CHT and a simplified thin wall model with CFD were
numerically analyzed. The numeric results showed similarities with the experimental
data within decent accuracy, indicating that such models could be used for the
predicting of the heat transfer behavior within this dimensional range.
Toh et al. [13] performed a numerical study on laminar flows with CFD in microchannels, the width of which ranged from 62 µm to 169 µm, to validate against
numerical data. The results were observed to be in good agreement. Mudawar and
Qu [14] performed an experimental and a numerical study on pressure drop and heat
transfer in microchannels. The numerical study was based on a laminar CHT analysis
with CFD. The width of the microchannels was 231 µm and the Reynold number
ranged from 139 to 1672. The results revealed better heat transfer performance with
higher Reynolds number and a good agreement between the experiments and the
corresponding numerical study.
Chiu et al. [15] studied experimentally and numerically the effect of the aspect ratio
of the microchannels and the cross-sectional porosity of the heat sink on the heat
transfer performance. The numerical method was based on a laminar flow with CFD.
The aspect ratio of the microchannels varied from 1.67 to 14.29 and the porosity
varied from 25% to 85%. The results revealed that the optimal aspect ratio depends
on the pressure drop, however, the pressure drop has a smaller effect on the thermal
performance with higher aspect ratios. The porosity was found to have little or no
effect between 53% and 75%, but higher or lower porosity was observed to increase
thermal resistance. The effect of the entrance region on the Nusselt number was
found to be higher for the channels with lower aspect ratio.
Gao et al. [16] observed a decrease in the Nusselt number when decreasing the
microchannel size. The width of the microchannels varied from 1mm to 0.1mm, and
the results revealed a significantly lower Nusselt number compared to theoretical
values in channels with width below 0.4mm. Gamrat et al. [17] performed a numerical
study based on a laminar CHT model with CFD on the same geometries, however,
the simulations revealed no size effect on the Nusselt number.
An experimental study on the shape of the microchannels was performed by Zhang et
al. [18]. They experimented with parallel, serpentine and spiral microchannels of 200
µm width. The results revealed a much higher flow rate, and hence a better thermal
performance with the parallel microchannels on a given pressure drop. Rubio-Jimenez
et al. [19] studied Y and Ψ shaped microchannels with bifurcations numerically using
a steady state CHT model for a laminar flow with CFD. The Ψ shaped channel
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performed better in comparison, however, the increase in the thermal performance
is mainly due to the increased heat transfer surface area. In addition, the results
showed that adding bifurcations increased the thermal performance by disrupting
the flow field.
In some electronic circuits, it is needed to target the cooling mostly to the hotspots
rather than on the entire circuit. A hybrid design of microchannels with pin-fins
located on the hotspots was numerically evaluated with a laminar CHT model with
CFD by Ansari and Kim [20]. The results showed a 30.6% lower temperature rise
at a Reynolds number of 200 with pin-fins on the hotspots compared to a design
with uniform microchannels. The same temperature rise was obtained with uniform
microchannels with a Reynolds number of 900, which results in 28 times higher
pressure drop. Al-Waaly et al. [21] studied the effect of implementing subchannels
on the hotspots in a microchannel heat sink experimentally and numerically. The
numerical method was based on a laminar CHT model with CFD. The results revealed
a 20% lower thermal resistance with 11% higher pumping power with the design
with subchannels compared to the design without subchannels. Hotspot-targeting
microchannel cooling by relocating the inlet and outlet channels was numerically
studied by Sharma et al. [22]. The numerical method was based on CFD with a
laminar CHT analysis with porous media. Up to 61% better temperature uniformity
was obtained by locating the inlet flow on the hotspots and outlet on the background.
Alfieri et al. [23] tested numerically with a steady state laminar CHT model with
CFD the heat transfer performance of microchannels and pin-fins on 3D chip stacks.
The results revealed 20% higher thermal performance with pin-fins compared to
microchannels. The effect of vortex shedding on heat transfer performance was
experimentally studied by Renfer et al. [24]. The vortex shedding was triggered by
increasing the Reynolds number. Up to 230% better heat transfer performance was
obtained by the influence of vortex shedding compared to a steady flow.
Local pin-fin clustering at hotspots was studied experimentally and numerically with
CHT by Lorenzini et al. [25] and experimentally by Sarvey et al. [26]. Both groups
studied the clustering of the smaller pin-fins on the hotspot only, and spanning the
whole channel width. Sarvey et al. [26] found that spanning the smaller pin-fins on
the whole channel width showed better thermal performance due to the spreading
of heat around the hotspots and the diversion of the flow around the local pin-fin
cluster. The increased thermal performance was also observed by Lorenzini et al.
[25], however, the improvement was very small with an increase in the pressure drop,
indicating that the diversion of the flow around the clusters is negligible.
In summary, the presented literature survey shows that several numerical and experimental studies on liquid cooling heat sinks have been previously carried out. The
results of the most numerical studies have been compared against experimental data
with good agreement. The vast majority of the presented numerical studies used a
CHT analysis with CFD. However, based on the survey, it is noted that there is a
research gap on the topic of turbulent CHT analysis with CFD on liquid cooling in
the dimensional range considered in this thesis.
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The motivation of this thesis is to design and numerically analyze a compact geometry,
which involves the liquid cooling heat sink and the connecting inlet and outlet. The
cooling system should result in a sufficient cooling of the hotspots with the most
uniform temperature within the heatsink. Computational fluid dynamics (CFD)
simulations are performed for the analysis of the heatsinks using OpenFOAM. In
particular, the following goals are of interest in this thesis:
1. design a heat sink for liquid cooling
2. study the effect of the flow geometry and the mass flow rate on the thermal
performance of the heat sink numerically
3. validate the used solver against an analytical solution
4. compare the steady state results to large eddy simulations (LES)
In this thesis, a heat sink with parallel flow channels is designed and numerically
evaluated. Due to the large area of the electronic circuit to be cooled, the channels
used are of the size of multiple millimeters rather than microsize. The larger size of
the channels also ease the possibility of 3D printing the designed heatsinks. In the
following, in Chapter 2, the fundamental physics and numerical techniques involved
in the simulations are presented. In Chapter 3 the details of the geometries and the
numerical set-up are presented. Validation of the used solver against an analytical
solution, and the results of the simulations of the liquid cooling are presented in
Chapter 4. Concluding remarks are discussed in Chapter 5.

2

Theory

In the concept of liquid cooling, an understanding of fluid dynamics and heat transfer
is of importance. The behavior of the fluid due to the geometry of the flow system
affects the heat transfer performance significantly. The flow field must be taken into
a detailed consideration when designing the cooling system. In this chapter, the
fundamentals of fluid dynamics and heat transfer are briefly discussed. In addition
to the fundamental physics, the numerical methods used in this thesis are described.

2.1

Fluid Dynamics

The governing equations in fluid dynamics consist of conservation of mass, momentum
and energy [27, 28]. In addition to the conservation equations, the concept of boundary
layers and turbulence must be taken into consideration.
The conservation of mass in fluid dynamics is described with the continuity equation
∂ρ
+ ∇ · (ρu) = 0
∂t
where ρ is the density, t is time and u is the velocity of the fluid. [27, 28]

(1)
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The conservation of momentum is described with the Navier-Stokes equations
∂u
1
+ u · ∇u = − ∇p + g + ν∇2 u
∂t
ρ

(2)

where p is pressure, g is gravity and ν is the kinematic viscosity of the fluid. The
conservation of the kinetic energy of the fluid is described with the mechanical energy
equation
∂E
+ ∇ · (uE) = ρu · g + u · (∇ · τ )
(3)
∂t
where E is the mechanical energy and τ is the stress tensor. [27]
When a flowing fluid encounters a solid body, the fluid creates a boundary layer
surrounding the body. The velocity of the fluid exactly at the surface of the body is
zero and reaches the free stream velocity at some distance from the surface. This
distance is the thickness, δ, of the boundary layer. One definition for this distance is
the point, where the boundary layer velocity reaches 99% of the free stream velocity,
i.e. u(δ) = 0.99U . Other ways to describe the boundary layer thickness are the
displacement thickness, δ ∗ , and the momentum thickness, Θ. [27]
A flowing fluid can be characterized as either laminar, turbulent, or a mixture of
these two. A laminar flow is where the fluid flows in parallel layers that do not mix
with each other, whereas a turbulent flow is dominated by chaotic fluctuation in the
velocity and pressure. A non-dimensional number that describes whether the flow is
laminar or turbulent, is the Reynolds number
Re =

UL
ν

(4)

where U is the mean velocity and L is the characteristic length of the flow geometry.
The critical Reynolds number, i.e. the Reynolds number where the flow changes its
type from laminar to turbulent, depends on the flowing configuration. [27, 28]
In fluid flow inside a duct, an important phenomenon is the development of the flow.
The region in which the flow is developing is called the entrance region. The entry
length is the length of the entrance region, which is the distance between the duct
inlet and the point where the boundary layers created by the walls of the duct meet.
The entry length is proportional to the Reynolds number and the hydraulic diameter
of the duct and for a laminar flow (Re ≲ 2300) it is
lentry ≈ 0.05ReDh

(5)

where Dh is the hydraulic diamter. For a turbulent flow (Re ≳ 2300), the entry
length is
lentry ≈ 10Dh
(6)
and is fairly independent on the Reynolds number. [29]
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2.2

Heat Transfer

The most fundamental ideas in heat transfer, are the first and second laws of
thermodynamics. According to the first law of thermodynamics, the total energy of
a closed system is constant. Energy can transform into another type of energy, but
it cannot be created or destroyed. [27, 30]
The second law of thermodynamics states that the entropy of a closed system in a
spontaneous phenomenon increases. It means that the entropy of a closed system in
equilibrium is at maximum. Entropy is often interpreted as a disorder, however, the
most comprehensive interpretation would be dispersion of energy. The most obvious,
and in the context of this thesis the most important interpretation of the second law
of thermodynamics is that heat always transfers spontaneously from hot to cold, i.e.
from higher to lower energy. [27, 30]
There are three different types of heat transfer: conduction, convection, and radiation,
from which the latter will not be discussed in this thesis. The amount of heat
transferred in all types of heat transfer can be calculated with the following equation
Q = mcp ∆T

(7)

where Q is the amount of heat, m is the mass of the system, cp is the specific heat of
the system and ∆T is the change of the temperature of the system. However, for
practical heat transfer calculations, additional equations are needed. [29]
Conduction is the transferring of heat due to the vibrations of stationary atoms or
molecules. Mathematically, in equilibrium, it is described by the Fourier law
q ′′ = −κ∇T

(8)

where q ′′ is the heat flux, κ is the thermal conductivity of the material, and ∇T is
the temperature gradient. The shape of the temperature distribution in conduction
in equilibrium is linear in the direction of the heat flux. [29]
In fluids, the dominating way of heat transfer is convection. Forced convection is
a combination of advection and diffusion. Advection is the migration of atoms or
molecules due to a bulk motion, whereas diffusion is due to the local temperature
gradients. Instead of the bulk motion of the fluid, natural convection occurs due to
the changes in the density in the fluid due to the changes in the temperature. The
density of the heated fluid increases, making it lighter and rise above cooler, denser
fluid in a gravitational field. Convection is mathematically described simplest with
Newton’s law of cooling
q ′′ = h(T − T∞ )
(9)
where h is a heat transfer coefficient which depends on the flow conditions, T is the
temperature of the cooled object and T∞ is an arbitrary temperature, for example
the temperature of the fluid far away from the object. The heat flux is the same as
in Fourier’s law. [29]
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The convective heat transfer coefficient can be also described as a dimensionless
number, the Nusselt number
hL
Nu =
(10)
κ
where L is the characteristic length and κ is the thermal conductivity of the fluid.
The Nusselt number is the ratio between convection and conduction, i.e. it reveals
how much more heat is transferred due to the motion of the fluid compared to
stationary conduction. [29]
The distribution of heat in a system can be described with a differential equation
called the heat equation
(

ρcp

∂T
+ u∇T − ∇ κ∇T
∂t
)

(

)

= µΦ + q ′′′

(11)

where µ is the dynamic viscosity, Φ is the rate of viscous dissipation and q ′′′ is
the volumetric heat source. This equation is applicable for both, conduction and
convection. [27]
Similar to the velocity boundary layer, when a fluid encounters a body of different
temperature, a thermal boundary layer is developed surrounding the body. In this
thesis, the most important aspect of the thermal boundary layer, is the thermal
entrance region. Similarly to the viscous entrance region, the thermal entry length
is the length between the inlet and the point where the thermal boundary layers
meet. In the thermal entrance region, heat transfer is enhanced due to the greater
temperature gradients. The frequently used estimation for the thermal entry length
for a laminar flow is
lentry,th ≈ 0.05ReDh P r
(12)
where P r is the Prandtl number. For a turbulent flow the thermal entry length is
often estimated as
lentry,th ≈ 10Dh
(13)
and is nearly independent on Reynolds number or Prandtl number. [29]
For analyzing the performance of a heat sink, the thermal resistance is a factor to be
noted. In the case of a heat sink, the thermal resistance is
θ = ∆T /Q

(14)

where θ is the thermal resistance of the heat sink, Q is the amount of heat and ∆T is
the temperature difference between the highest surface temperature in the heatsink
and the inlet temperature. [29]

2.3

Conjugate Heat Transfer

Conjugate heat transfer (CHT) is the transfer of heat in a solid and the fluid where
both, convection and conduction are taken into consideration. At simplest, CHT is
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calculating the heat distributions in both solid and fluid domains simultaneously by
implementing a common boundary condition at the solid-fluid interface. [31]
A simple example of CHT is conduction through a wall separating outdoor and
indoor air. In equilibrium, the heat fluxes at different parts of the system must be
equal, since otherwise the heat would cumulate at some parts and the system would
not be in equilibrium. Mathematically this heat balance can be described as
q1′′ = q2′′ = q3′′

(15)

where q1′′ is the heat flux from the indoor air to the wall, q2′′ is the heat flux inside
the wall and q3′′ is the heat flux from the wall to the outdoor air, assuming indoor
air is warmer than outdoor air. By substituting the equations for convection and
conduction we obtain
hi (Ti − Tsi ) = κ

Tsi − Tso
= ho (Tso − To )
l

(16)

where l is the thickness of the wall, hi and ho are the heat transfer coefficients at
the indoor and outdoor surface, respectively, Ti and To are the indoor and outdoor
temperatures, respectively, and Tsi and Tso are the wall surface temperatures at the
indoor and outdoor sides, respectively.

2.4

Numerics

In numeric computation, the governing differential equations must be discretized,
i.e. divided into discrete parts. The basic discretization methods are finite difference
method (FDM), finite volume method (FVM) and finite element method (FEM),
from which the latter is not used in this thesis. In FDM, the continuous derivative is
discretized to represent the difference of the flow variable between neighboring cells.
FDM is used for the time derivatives in the simulations of this thesis. In particular,
a second order backward scheme is used. Backward difference is an implicit scheme
where the difference of the flow variable is taken from the current and the previous
time step. For a second order accuracy, 2 previous time steps are taken into account
in the difference. [32, 33]
In FVM, the computational domain is divided into smaller control volumes where
the discretized equations express the conservation of the relevant properties. The
discretization is done to the integral form of the differential equations, i.e.
(

)
N
1 ∫ ∂ϕ
∂ϕ
1 ∫
1 ∑
=
ϕi Ai
dV =
ϕdA ≈
∂x
∆V V ∂x
∆V A
∆V i

(17)

where ϕ is a flow variable, V is the control volume, A is the area of a face of the
control volume and N is the number of faces in the control volume. FVM with
second order accuracy is used for the discretization of the spatial derivatives in this
thesis. [32, 33]
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In the simulations of this thesis, the OpenFOAM solvers chtMultiRegionFoam and
chtMultiRegionSimpleFoam are used. ChtMultiRegionFoam is a transient solver for a
turbulent flow and solid heat conduction with CHT, whereas chtMultiRegionSimpleFoam is the steady-state solver of the same type. The solvers are essentially based on
the Pressure Implicit with Splitting of Operators (PISO) and Semi-Implicit Method
for Pressure Linked Equations (SIMPLE) algorithms. The steady state solver uses
SIMPLE, and the transient solver uses PIMPLE, which is a combination of PISO
and SIMPLE. [34, 35]
SIMPLE algorithm is basically a guess-and-correct way of calculating the results.
First, a pressure field is guessed, which then is used to calculate the momentum
equations for a flow field corresponding to the guessed pressure field. Second, the
pressure correction equation is used to calculate the correct pressure field. Third,
the correct flow field corresponding the correct pressure is calculated. Fourth, other
transport equations are calculated, such as turbulence properties or temperature.
Finally, the residuals are checked. If the residuals are below the tolerance, the
solution is converged and the calculation is finished. If, however, convergence is not
reached, the calculations are performed again using the calculated fields from the
previous step as the guessed fields. [33]
PISO algorithm is a method used for unsteady flows. In PISO, the operators are split
into an implicit predictor and explicit corrector steps. The pressure field is predicted,
which is used to calculate the velocity field. The pressure correction equation is
solved, and the velocity components are corrected corresponding to the corrected
pressure. The correction step is performed a predefined number of times, after which
the algorithm is repeated for the next time step. [36, 37]
The most interesting part of the used solvers is the solid-fluid interface, or more
precisely, how the boundary condition is applied. However, there is very little
literature available on the details.

3

Case Set-up

The objective is to cool a 10cm by 20cm electronics circuit with heating components.
In this study, the circuit consists of 16 components, the configuration of which is
seen in Fig. 2. Each component provides a maximum of 100W heat source, adding
up to 1600W of heating power. The size of a single component is 1.5cm x 2cm. The
temperature of the components should not exceed 65◦ C to assure proper functionality
with minimal degradation.
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Figure 2: The configuration of the heat sources in the demo case electronic circuit to
be cooled.
The thermal properties of the heatsink and the cooling fluid resemble those of
aluminum and water, respectively [38, 39, 40, 41].
Table 1: The thermal properties used in the simulations.
Thermal property
Density [ρ]
Thermal conductivity [κ]
Specific heat capacity [cp ]
Dynamic viscosity [µ]
Prandtl number [Pr]

Fluid
1000 kg/m3
0.606 W/mK
4182 J/kgK
9.59E-4 P a · s
6.62

Solid
2700 kg/m3
209 W/mK
900 J/kgK
-

The temperature is assumed to change little enough to keep all the thermal properties
independent on the temperature. However, it is to be noted that the changes in the
thermal properties due to the changes in the temperature can be significant. The
drop in the kinematic viscosity of water in a temperature range of 300K to 340K is
≈49% [42]. The decrease in the kinematic viscosity increases the Reynolds number,
which could change the results of the simulations. Hence, the effect of the Reynolds
number on the results must be considered. The differences in the specific heat within
the studied temperature range is not significant. The change in the specific heat of
water within a temperature range of 300K to 340K is ≈0.2% [43].
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3.1

Motivation for laminar flow in liquid cooling

Firstly, we consider a case where water flows past the electronics circuit in a single
smooth rectangular duct of the same width as the electronics circuit. The height of
the channel is 5mm, which is much smaller than the width, i.e. the flow is assumed
to behave as a flow between infinite parallel plates. In addition, we assume that the
flow is fully developed. A schematic of this kind of a flow geometry is seen in Fig. 3.

Figure 3: A schematic of a single channel heatsink.
According to Newton’s law of cooling, the cooling power by convection is
Q = hA(Ts − T∞ )

(18)

Where the convective heat transfer coefficient can be solved from the Nusselt number
N u = hDh /κ. The analytic Nusselt number for a laminar flow between parallel plates
with constant heat flux from one side is N u = 5.39 [29]. With the assumption of the
infinite parallel plates, the hydraulic diameter is Dh = 2d, where Dh is the hydraulic
diameter and d is the height of the channel. Hence, with a constant heating power
of Q = 1600W the temperature difference between the fluid and the surface is of the
order of Ts − T∞ = Q/hA ≈ 250K, where A is the surface area of the plate with
heat flux. If the flow is initially at 300K temperature, this means that the surface
would reach 550K temperature before equilibrium is reached. This flow system is
not nearly sufficient for cooling. In addition, in these conditions, the cooling water
would be boiling.
Since the heating power is constant, the parameters that can affect the temperature
difference are the surface area, or the convective heat transfer coefficient, i.e. the
type of the flow. The latter can be controlled with the mass flow rate of the cooling
water. The surface area is increased by implementing fins on the heated surface. This
is done the simplest by dividing the rectangular duct into many smaller channels
where the walls between the channels act as fins. In this thesis, 16 fins are added on
the heated surface, i.e. the channel is divided into 17 sub-channels, width of which is
4mm. The thickness of the fins is 2mm to assure a possibility for 3D-printing. The
heat sink is illustrated in Fig. 4.
The analytic Nusselt number for a single channel in this case would be N u = 3.664
[44]. In this case, due to the heat transfer fins, it is assumed that the heat is
conducted uniformly in the aluminum, i.e. heat is transferring from the aluminum
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to the water from all the walls. The hydraulic diameter for a channels of 4mm
width and 5mm height is Dh = 0.0044m. With Newton’s law of cooling, we obtain
Ts − T∞ = Q/hA ≈ 52K temperature difference between the surface and the fluid.
The area here is the total surface area of the 17 channels. This temperature difference
would be sufficient if the flow is initially at 286K temperature. However, the flow
was assumed to be fully developed. In reality, the entrance region is found at the
beginning of each channel, which enhances the heat transfer rate. Due to the effect of
the entrance region, it is assumed that the heat sink with 17 sub-channels is sufficient
for the cooling purpose studied in this thesis.

Figure 4: A schematic of a heatsink with 17 sub-channels.

3.2
3.2.1

Geometries
case 1: Without guiding vanes

The first case is the geometry without guiding vanes. The geometry of the fluid and
solid domains are shown in Fig. 5. The inlet of the fluid is longer than that of the
solid to ensure the solid wall does not affect the inlet boundary condition. The outlet
of the solid is symmetrical to the inlet, however, it is assumed that the shape of
the outlet has no significant effect on the results of the simulations. As seen in the
figure, the base plate of the solid domain is thicker than the top plate. The reason
for this is to diffuse the conducted heat from the surface of the base plate to a larger
area than the heated surface to increase the area of the solid-fluid interface with a
temperature difference.
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(a) Fluid domain

(b) Solid domain

Figure 5: case 1 geometry. i: inlet, ii: diffuser, iii: micro channels, iv: outlet, v: fins,
vi: base plate.
Detailed measures of the geometry can be seen in a cut-plane at the center of the
fluid domain in Fig. 6. The detailed measures of the geometry are presented in Table
2. The thicknesses of the domains in all cases can be seen in Fig. 7. The height of
the fluid domain (i) in all cases is 5mm and the height of the solid domain is 17mm.
The thickness of the base plate (ii), i.e. the thickness between the heated surface
and the fluid domain is 10mm. The thickness of the top wall (iii) is 2mm.
A detail to be noted from Fig. 6 is the large opening from the inlet to the heatsink
in the diffuser. The angle of the opening is due to the size limitations of the flow
geometry. The space available in the LuxTurrim5G light pole between the tube that
circulates the cooling water and the heatsink is roughly ≈5cm. The diameter of the
tube is 1cm and the width of the heatsink is 10cm. Hence, the opening angle is
roughly ≈45◦ . However, the angle of the diffuser should not exceed 14◦ to completely
prevent flow separation [45]. To keep the opening angle less than 14◦ , the length of
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the diffuser needs to be larger than ≈40cm, which is significantly longer than the
available 5cm. This problem is discussed further in the following chapter.

Figure 6: Detailed geometry of a z-normal cut-plane. i: inlet diameter, ii: solid wall
thickness, iii: flow channel width, iv: fin thickness, v: diffuser length, vi: base plate
length, vii: base plate width.

Table 2: The measures of the geometry in case 1 shown in Fig. 6.
Measure
i
ii
iii
iv
v
vi
vii

Distance (mm)
10
2
4
2
50
200
100

Figure 7: A figure of the inlet side of the domain in case 1. i: thickness of the fluid
domain, ii: thickness of the base plate, iii: thickness of the top wall.
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3.2.2

Case 2: With guiding vanes

The second case differs from the first case by having guiding vanes in the inlet diffuser.
The necessity for the use of the guiding vanes arise from the problem introduced in
the previous chapter about the opening angle of the diffuser. The geometry of the
fluid and solid domains are shown in Fig. 8. As seen from the figures, the guiding
vanes are located at the very beginning of the diffuser.

(a) Fluid domain

(b) Solid domain

Figure 8: case 2 geometry. i: inlet, ii: guiding vanes, iii: diffuser, iv: flow channels,
v: outlet, vi: guiding vanes, vii: fins, viii: base plate.
The detailed measures of the guiding vanes in the diffuser can be seen in a cut-plane
in Fig. 9 and the values are listed in table 3. The purpose of the guiding vanes is
to guide the fluid more uniformly into the heat transfer channels and to prevent
flow separation. The angles of the guiding vanes is based on decreasing the opening
angles enough to prevent flow separation. The detailed locations are based on the
mass flow rates in flow field and are decided based on trial and error.
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Figure 9: Detailed geometry of the guiding vanes of the diffuser in a z-normal cutplane at the center of the fluid domain. i: minimum distance between the vanes,
ii: guiding vane thickness, iii: distance between the first and the second guiding
vane, iv: distance between the first and the third guiding vane, v: length of the first
guiding vane, vi: horizontal width of the third guiding vane, vii: horizontal width of
the second guiding vane.

Table 3: The measures of the guiding vanes shown in Fig. 9.
Measure
i
ii
iii
iv
v
vi
vii

3.3

Distance (mm)
0.75
2
8
15
30
9
5.1

Meshes

The meshes consist of hexagonal cells. The sizes of the cells are larger in the solid
domain than in the fluid domain, since the conduction of heat in equilibrium is linear
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and hence, it does not require a fine mesh. The base size of the cells in the solid
domain is 1mm and 0.25mm in the fluid domain. The cells within each domain are
mostly isotropic and of uniform size, however, the cells are smaller in the proximity
of the boundaries. In addition, in the fluid domain, a prism layer mesh is created
near the solid walls to increase the computational accuracy near the walls. The
thickness of the prism layer is 0.3mm and consists of 3 layers with a grading of 1.2.
The meshes were created with STAR-CCM+ software.
An example of the mesh from a cut-plane from the inlet channel is presented in Fig.
10. The cells in the solid domain in the figure are automatically triangulated in the
visualization software ParaView, and thus, do not resemble hexagonal cells. As one
could notice from the figures, the cells in the fluid domain are mostly of uniform size,
and the solid mesh is significantly coarser with finer cells near the boundaries. The
number of cells in the case without guiding vanes are 8.6M and 2.6M in the fluid and
solid domains, respectively. Hence, the total number of cells in the computational
domain is 11.3M. In the case with guiding vanes, the number of cells are 8.6M and
2.7M in the fluid and solid domains, respectively. The total number of cells in the
computational domain is 11.3M. A grid convergence study for these geometries is not
performed due to the complex geometry of the cases. The complex geometries make
it difficult to make the current meshes either coarser or finer without implementing
skewness that could prevent the cases from converging.

Figure 10: An example of the mesh from a cut-plane of the inlet channel. i: solid-fluid
interface.
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3.4

Boundary and initial conditions

Both cases are simulated with two different volumetric flow rates, 2 L/min and
7 L/min, which correspond to 0.4 m/s and 1.5 m/s inlet mean flow velocities,
respectively, as the inlet diameter is 1cm. The thermal properties used in are listed
in Table 1. The initial temperature of the whole computational domain and the
inlet flow is 300K, which is slightly higher than common room temperature. The
inlet Reynolds numbers for these cases are 4171 and 15641, which are in a turbulent
region [46].
Since the flow is in turbulent regime, additional modeling equations are needed. The
turbulence model used in these simulations is the standard k-ϵ-model, which is the
most commonly used model. The model is based on solving the Reynolds Averaged
Navier-Stokes Equations (RANS) with two equations; one for the turbulent kinetic
energy, k, and one for the dissipation of turbulent energy, ϵ. In two dimensions the
equations are
∂k
∂k
∂ νT ∂k
∂ νT ∂k
∂k
+u
+v
=
+
+P −D
∂t
∂x
∂y
∂x σk ∂x
∂y σk ∂y

(19)

∂ϵ
∂ϵ
∂ νT ∂ϵ
∂ νT ∂ϵ
ϵ
∂ϵ
+u
+v
=
+
+ (Cϵ1 P − Cϵ2 D)
∂t
∂x
∂y
∂x σϵ ∂x
∂y σϵ ∂y
k

(20)

(

(

)

)

(

(

)

)

where u and v are the x and y velocity components, respectively, νT is the eddy
viscosity, P is the production term, D is the destruction term and Cϵ1 , Cϵ2 , σk and
σϵ are adjustable constants. The turbulent kinetic energy is defined as
1
k = u′i u′i
2

(21)

and the rate of dissipation of turbulent kinetic energy as
ϵ = νT

∂u′i ∂u′i
∂xj ∂xj

(22)

where i, j = 1, 2, 3, u′ is the fluctuating velocity and the bar represents an average.
The heat equation becomes
((
)
)
∂T
+ u∇T = ∇ α − αT ∇T
∂t

(23)

where α is the thermal diffusivity and αT is the turbulent thermal diffusivity. [33]
The fluid domain consists of three different boundaries: inlet, outlet and the fluidto-solid interface. The types of the boundary conditions of each flow parameter
for each boundary are presented in Table 4. The fixed value and fixed gradient
boundary condition types mean that a uniform value or gradient for the parameter is
implemented at the boundary. Calculated boundary condition type is not evaluated,
but the value is taken from the calculated field. The no-Slip and zero gradient
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conditions make the value or the gradient of the parameter zero at the boundary. The
mapped value boundary condition means that the value is taken from a neighboring
cell, i.e. in this case from the solid domain. [47] The wall functions mean that these
parameters near the walls are calculated with the law of the wall, which divides
the turbulent boundary layer into linear and logarithmic layers according to the
corresponding dimensionless distance, y + , from the wall. The wall functions provide
a damping effect for more accurate calculations of the governing equations near the
walls when using a turbulence model. [27, 48].
Table 4: Boundary condition type for each flow parameter in the fluid domain. u is
velocity, p is pressure, T is temperature, νT is eddy viscosity, αT is turbulent thermal
diffusivity, k is turbulent kinetic energy and ϵ is the rate of dissipation of turbulent
kinetic energy.
Flow parameter
u
p
T
νT
αT
k
ϵ

inlet
fixed value
fixed gradient
fixed value
calculated
calculated
fixed value
fixed value

outlet
zero gradient
fixed value
zero gradient
calculated
calculated
zero gradient
zero gradient

fluid-to-solid interface
no-Slip
fixed gradient
mapped value
wall function
wall function
wall function
wall function

The solid domain consists of three boundaries: the heated surface, external walls,
and the solid-to-fluid interface. The only modeled parameter in the solid domain is
the temperature. The locations of the heat sources can be seen in Fig. 11. The total
area of the heat sources is 0.0048m2 , and hence, the heat flux is 333333.3W/m2 . The
boundary condition is implemented as the temperature gradient, which based on the
Fourier law is then ∇T = q ′′ /κ ≈ 1595K/m. A zero gradient boundary condition is
implemented on the external walls with no heat sources. A similar mapped boundary
condition is used at the solid-to-fluid interface.

Figure 11: A figure of the bottom surface of the base plate involving the heated
surfaces. The heated surfaces are shown in red.
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4

Results

Before presenting the actual results of the simulations, the solver is to be validated.
In computational fluid dynamics, validation means comparing the simulation results
to experimental results, or to a well-known analytic solution [33]. In this chapter,
the results for the simulations, and for the solver validation are presented.

4.1

Solver validation

The chosen case for the validation is a laminar flow between infinite parallel plates
with a uniform heat flux. This case is chosen since a simple analytic solution is
available [44]. The spacing between the plates is selected as d = 5cm and the
thickness of the plates as t = 2.5cm. The length of the domain is chosen based on the
thermal entry length, since the analytical solution can be compared to the numerical
data only in the fully developed region. The uniform inlet velocity of the fluid is
U = 0.01 m/s and the thermal properties of the fluid are those in Table 1. Hence,
the Reynolds number is Re ≈ 1000, which is in laminar region [46]. Since the flow is
laminar, no additional turbulence model is used. The thermal entry length in this
case is thus lentry,th ≈ 17.2m and hence, the length of the domain is chosen as 50m
to ensure the length of the fully developed region in the domain is long enough.
The velocity of the fluid on the walls is zero, and hence, the no-slip condition is used
to solve the velocity distribution. The velocity distribution in the fully developed
region, derived from the Navier-Stokes equations is
u(y) =

1 ∂p y 2
+ C1 y + C2
µ ∂x 2

(24)

∂p
where µ is the dynamic viscosity and ∂x
is the pressure gradient. By substituting
the boundary conditions u(−d/2) = u(d/2) = 0 we obtain

1 ∂p 2 d2
u(y) =
y −
2µ ∂x
4
(

)

(25)

The mean velocity is defined as
1∫
um =
udA
A A

(26)

and by substituting the velocity distribution into the definition of the mean velocity,
we obtain
d2 ∂p
um = −
(27)
12µ ∂x
and further

∂p
12µ
= − 2 um
∂x
d

(28)
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By substituting the pressure gradient into the velocity distribution, we obtain
y
3
u(y) = um 1 −
2
d/2
(

(

)2 )

(29)

The heat equation for a steady state 2-dimensional case gives
∂ 2T
ρcp ∂T
u
=
2
∂y
κ ∂x

(30)

where ρ, cp and κ are the density, specific heat capacity and thermal conductivity of
the fluid. By substituting the velocity distribution to the heat equation we obtain
∂ 2T
y
ρcp 3
um 1 −
=
2
∂y
κ 2
d/2
(

(

)2 )

∂T
∂x

(31)

By integrating twice with respect to y we obtain
y 4 ∂T
y2
ρcp 3
um
− 2
+ C1 y + C2
T (x, y) =
κ 2
2
3d ∂x
(

)

(32)

The mean temperature and temperature at the walls in the fully developed region, are
w
linear functions of x [29], and hence ∂T
= dTdxm = dT
= constant. The temperature
∂x
dx
at the walls is T (x, y = −d/2) = T (x, y = d/2) = Tw (x), which is still unknown. The
temperature distribution is then
ρcp 3
y4
y 2 5d2 dTm
T (x, y) = Tw −
um
−
+
κ 2
3d2
2
48 dx
(

)

(33)

The definition for the cup-mixing temperature, i.e. the mean temperature, is
∫

T udA
A udA

Tm = ∫A

(34)

from which by substituting the temperature distribution we obtain the wall temperature
17 ρcp d2 um dTm
Tw (x) =
+ Tm
(35)
35 4κ
dx
The mean temperature is [29]
Tm (x) = Tmi +

q ′′ P
x
ṁcp

(36)

where q ′′ is the wall heat flux, P is the perimeter of the wetted surface and Tmi is
the mean temperature at the inlet. The change in the mean temperature in respect
to x is then
dTm
q ′′ P
=
(37)
dx
ṁcp
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Subtituting these into the temperature distribution, we obtain the final solution for
the temperature distribution of the fluid
T (x, y) = Tmi −

3q ′′ y 4
17 dq ′′ q ′′ P
y 2 5d2
+
+
+
x
−
κd 3d2
2
48
70 κ
ṁcp
(

)

(38)

The temperature distribution in the solid as derived from Fourier’s law is
T (x, y) = Tw (x) +

q ′′ y
κs

(39)

where κ is the thermal conductivity of the solid material and y is a coordinate
referenced to the solid-fluid interface, i.e. 0 < y < t.
The mean Nusselt number is defined as
N um =

q ′′ Dh
κ(Tw − Tm )

(40)

The analytical solution for the mean Nusselt number is N um = 8.23 for uniform heat
flux [44].
The case is simulated with various grid resolutions to assure grid convergence. The
mesh in the first case is the finest and coarser in cases B and C. In addition, the
length of the cells in the fluid and solid domains are not the same in cases B and C,
i.e. the edges of the cells in the fluid and solid domains do not match. The total
number of cells are 46800, 28800 and 12840 in cases A, B and C, respectively. The
meshes are shown in Fig. 12.
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(a) case A

(b) case B

(c) case C

Figure 12: The meshes of the validation cases. The figure shows the changes in the
grid resolution between the cases.
The results for the temperature distribution on various cross-sections of the domain
can be seen in Fig. 13. As seen from the figures, the results match the analytic
solution with good accuracy, there is only a slight difference in the solid temperatures.
However, the analytic solution is for fully developed flow, and hence, the viscous
and thermal entries developing simultaneously cause small differences in the results.
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Nevertheless, the results are in good agreement with the analytic solution.
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Figure 13: temperature distribution in various cross sections of the domains in all
validation cases compared to the corresponding analytic solution. The figure shows
good agreement between the simulated and the anayltical results.
The results for the local Nusselt number can be seen in Fig. 14. As seen from the
figure, the local Nusselt number is higher in the thermal entrance region and reaches
the analytic solution approximately at the thermal entrance length (≈ 17m). Based
on Figures 13 and 14 one can say that the model predicts the heat transfer behavior
in the fluid and the solid in a channel flow within decent accuracy, and can be used
with confidence.
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Figure 14: The Nusselt number as a function of the distance from the inlet. The
figure shows a higher value of the simulated Nusselt number in the developing region
near the entrance, and a good agreement with the analytical result in the fully
developed region.

4.2
4.2.1

Steady state simulations
Case 1a: No guiding vanes

The steady state flow field in a cut-plane at the center of the fluid domain can be
seen in Fig. 15. Due to the large opening of the diffuser, a jet occurs which results
in a significantly larger flow velocity in the central channels compared to the other
channels. This is not a desired phenomenon, since the flow velocity affects the heat
transfer coefficient significantly, i.e. the surface temperature of the solid increases in
the channels of slower flow velocities. In addition, the stability of the flow decreases
as the difference in the local velocities increase.
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Figure 15: Steady state flow field in a cut-plane at the center of the fluid domain
in case 1a. Dimensions in m/s. i: jet impingement, ii: higher flow velocities in the
central channels. The figure shows significant maldistribution in the flow rate within
the heatsink.
The temperature field in a cut-plane at the center of the fluid domain can be seen in
Fig. 16. The temperature of the fluid is significantly larger at the channels where
the flow velocity is lower, which is to be assumed due to the smaller flow rates.

Figure 16: Steady state temperature field in a cut-plane at the center of the fluid
domain in case 1a. Dimensions in K. i: higher fluid temperature in the areas of
slower fluid velocity.
The temperature field at the bottom surface of the fluid domain can be seen in Fig.
17. In this figure, it is clear that se temperatures near the walls are significantly lower
at the central channels where the flow velocities are higher. The highest temperatures
in the fluid domain can be found at the walls in the channels near the heat sources,
and the maximum temperature is 62.4◦ C, which is already alarmingly high. To
decrease the temperature non-uniformity, the flow rates in these particular channels
should be higher.
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Figure 17: The temperature field at the bottom surface of the fluid domain in case
1a. Dimensions in K. The figure shows that the highest wall temperatures are at the
locations of the heat sources in the downstream of the flow.
The temperature field at the surface of the base plate of the solid domain can be seen
in Fig. 18. The temperatures are the highest at the outer surface of the base plate
at the locations of the heat sources, which is expected. The temperatures of the
electronics components can be assumed to be approximately the same as the surface
temperatures at the heat sources in the base plate. The highest surface temperature
in the base plate is 73.5◦ C, which is higher than the highest allowed temperature of
the electronics components. This means that the electronics components are likely
to experience degradation or failure. The thermal resistance is θ = 0.029K/W .
According to the Fourier law, the temperature drop from the surface of the base
plate to the bottom surface of the fluid would be dT = q ′′ l/κ ≈ 16K, where l is
the thickness of the base plate and κ the thermal conductivity of the aluminum.
Taking a closer look at the temperature scales in Figures 17 and 18 reveals that the
difference between the highest temperatures is 15K, which is very close to the value
predicted by the Fourier law.
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Figure 18: The temperature field at the surface of the base plate in contact with
the heat sources case 1a. Dimensions in K. i: the locations of the heat sources. The
figure shows that the highest surface temperatures are at the level of 347K and are
located at the heat sources in the downstream of the flow.
The local Nusselt number in each flow channel of the geometry can be seen in Fig.
19. The figure presents the heat transfer distribution in each channel of the geometry.
The numbering of the channels is from the bottom most to the top most channel in
reference to Fig. 18.
As seen in Fig. 19, there are significant differences in the curves. The curves have
been divided based on the Reynolds numbers inside the channels, since the Reynolds
number indicates the nature of the flow. The highest values for the Nusselt number
is where the Reynolds number is the highest, which is expected. However, the flow
is in the laminar region in each channel. An interesting note in the figure is that the
Nusselt number at the end of the channels with the lowest Reynolds numbers, goes
negative. This means that at these locations the heat transfers back from the fluid
to the solid. This is obviously an unwanted feature, since it deteriorates the total
power of heat transfer. Another interesting notation is that the Nusselt numbers
in the channels with the lowest Reynolds numbers reach the analytic solution of
N u = 3.664 [44]. This occurs since the entry lengths corresponding these Reynolds
numbers are smaller than the length of the channels, and hence, the flows develop
fully. However, the analytical solution is for uniform heat flux, and in this case the
the heat flux is not uniform but local. Nevertheless, the analytic solution can be
used as a comparison.
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Figure 19: Local Nusselt number in each flow channel at various cross-sections in
case 1a. The highest Nusselt numbers are in the center-most channel and the lowest
are in channels 4-6 and 12-14. The figure shows that the Nusselt numbers in the
channels with the lowest Reynolds numbers approach the analytic solution and go
negative in the downstream of the fluid after the heat sources.
The flow velocities and the corresponding Reynolds numbers are listed in Table. 5.
The magnitudes of the velocities reveal that the flow rate in the central channel is
22.72 times higher than in the channel with the lowest flow rate. Since the magnitudes
of the Reynolds numbers are lower than 2300, it can be deduced that the flow is in
laminar regime in each channel [46].
It is noted that the flow velocities in the channels at the edges of the geometry is
higher than in the middle channels between the center and the edges of the geometry.
This can be explained by the increased pressure loss due to the heat transfer fins.
The tips of the fins interfere with the fluid, making it flow perpendicular to the fins
towards the edges of the geometry, where the walls of the geometry turn the flow
back to the direction of the fins. The bending of the fluid at the tips of the heat
transfer fins is also visible in Fig. 15.
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Table 5: Flow velocities and the corresponding Reynolds numbers in the flow channels
in case 1a.
Channel
1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16
17

mean velocity (m/s)
0.080
0.069
0.044
0.021
0.016
0.022
0.080
0.257
0.365
0.256
0.080
0.021
0.016
0.022
0.045
0.069
0.080

Reynolds number
373
321
206
100
75
100
372
1190
1692
1187
370
100
74
100
206
321
373

The total power of heat transfer added to the domain as a boundary condition is
1600.10W, and the calculated net heat transferring from the solid to the fluid is
1594.72W. The error of the calculated heat flux to the boundary condition is 0.3%.
The temperature difference in the fluid between the inlet and the outlet if all the
heat implemented as a boundary condition is transferred to the fluid according to
Eq. 7 is ∆T = 12.18K. The cup-mixing temperature of the outlet calculated from
the simulations is 312.27K, and hence, the temperature difference is ∆T = 12.27K.
The error in the temperature differences between the simulation and the analytic
solution referred to the analytic solution is 0.74%.
4.2.2

Case 1b: No guiding vanes

The steady state flow field in a cut-plane at the center of the fluid domain can be
seen in Fig. 20. Similar to case 1a, there is a jet impingement due to the large
opening of the diffuser. The color scale of the figure reveals even greater differences
in the flow velocities between the channels compared to case 1a. Taking a closer look
at the area before the heat transfer fins reveals the formation of vortices due to the
jet colliding with the tips of the heat transfer fins. The effect of these vortices to the
flow rates in the channels is discussed later in this chapter.
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Figure 20: Steady state flow field in a cut-plane at the center of the fluid domain in
case 1b. Dimensions in m/s. The figure shows significant maldistribution in the flow
rate within the heasink.
The steady state temperature field of a cut-plane at the center of the fluid domain
can be seen in Fig. 21. As seen from the color scale in the figure, the temperatures
are significantly lower compared to case 1a due to the higher flow rate of the cooling
water. However, the temperature non-uniformity is higher, which is not a desired
feature.

Figure 21: Steady state temperature field in a cut-plane at the center of the fluid domain in case 1b. Dimensions in K. The figure shows significantly higher temperatures
of the water in the channels with lower velocities.
The temperature field at the bottom surface of the fluid domain can be seen in
Fig. 22. As expected, the highest temperatures in the fluid domain are close to the
walls at the locations of the heat sources. The maximum temperature in the fluid
domain is 48.57◦ C. A closer examination of the figure reveals heat convection in
reverse to the bulk flow in the middle channels between the center and the edges
of the geometry. This is due to the cooling water flowing in reverse direction in
these channels, the cause of which will be discussed later in this chapter. In the
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channels with reverse flow, it can be seen from the color scale in the figure that the
temperature of the fluid is higher at the entrance and lower at the exit, i.e. the bulk
temperature of the fluid decreases. This means that the heat transfers from the fluid
to the aluminum, which is not a desired phenomenon.

Figure 22: The temperature field at the bottom surface of the fluid domain in case
1b. i: heat transfer in reverse to the bulk flow. The figure shows that the fluid in the
channels with reverse flow is warmer at the entrance and cooler at the exit, indicating
heat transfer from the fluid to the aluminum.
The temperature field at the surface of the base plate of the solid domain can be
seen in Fig. 23. The highest temperature at the surface of the base plate is 59.56◦ C.
The thermal resistance is θ = 0.020K/W .

Figure 23: The temperature field at the surface of the base plate in contact with
the heat sources in case 1b. Dimensions in K. The figure shows that the highest
surface temperatures are at the level of 335K and are located at the heat sources in
the downstream of the fluid.
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The local Nusselt numbers in each flow channel can be seen in Fig. 24. The curves
are grouped based on the Reynolds number. The viscous entry length for a turbulent
flow is independent of the Reynolds number and is ≈ 0.044m in this case. Since
the entry length is shorter than the length of the channels, the flow reaches fully
turbulent conditions. It can be seen from the figure that the Nusselt numbers in
channels with a fully turbulent flow reach very high values. However, the difference
in the Nusselt numbers between the channels with turbulent flow is not significant
even though the Reynolds number in these channels varies from 5447 to 8274 as seen
in Table 6. The changes in the Nusselt number due to the changes in the Reynolds
number are more significant in the laminar regime. When comparing the turbulent
channels to the channels with laminar flow, it can be seen that the decrease in the
Nusselt number from the beginning of the channel is relatively smaller. This is due
to the viscous and thermal entrance regions behaving differently in a turbulent flow.
As in case 1a, the flows in the channels with the lowest Reynolds numbers develop
fully, and hence, the Nusselt numbers in these channels reach the analytical solution.
The curves from the channels with reverse flow are to be noted. These curves
seem chaotic and unstable which results from the very small temperature differences
between the bulk fluid and the wall compared to the heat flux. The absolute values of
the Nusselt numbers at various locations reach very high values, and the net direction
of heat transfer is from the fluid to the solid. However, the power of heat transfer in
these channels is very low due to the low flow rates. The calculated total power of
heat transfer in these channels is 33.52W, which is utterly insignificant compared to
the 1600.1045W power implemented as the boundary condition.
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Figure 24: Local Nusselt number in each flow channel at various cross-sections in
case 1b. Dimensions in K. The highest Nusselt numbers are in channels 8-10 and
the lowest without the reverse flow are in channels 3, 6 and 15. The figure shows
that the Nusselt number in the channels with the lowest Reynolds numbers are close
to the analytical solution.
The mean flow velocities and the corresponding Reynolds numbers in each channel
are listed in Table. 6. The Reynolds numbers in the central channels reach values
above 4000, which means that the flow is completely turbulent [46]. In these channels,
the rate of heat transfer is significantly higher than in the channels with laminar
flow.
In some of the channels, as mentioned previously, the flow is in reverse direction.
This occurs due to the pressure levels at the inlets of these channels decreasing. The
fluid always flows from higher pressure area to a lower pressure area. The decreased
pressure occurs due to the formation of the vortices, which increase the velocity at
the inlets of these channels. The increase in the velocity of the fluid decreases the
local pressure.
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Table 6: Flow velocities and the corresponding Reynolds number in the flow channels
in case 1b.
Channel
1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16
17

mean velocity (m/s)
0.235
0.164
0.061
-0.017
-0.056
0.016
0.406
1.309
1.785
1.175
0.343
-0.016
-0.075
-0.026
0.047
0.183
0.268

Reynolds number
1093
761
282
80
261
75
1881
6066
8274
5447
1589
74
346
122
219
848
1243

The calculated heat power from the solid to the fluid in this case is 1600.25W.
The error compared to the boundary condition is 0.009%. For this flow rate, the
temperature difference between the inlet and the outlet based on Eq. 7 is ∆T =
3.325K. The difference between the calculated cup-mixing temperature of the outlet
and the initial temperature at the inlet is ∆T = 3.20K. Hence, the error in the
temperature difference is 1.64%.
4.2.3

Case 2a: With guiding vanes

The steady state flow field of a cut plane at the center of the fluid domain in case 2a
can be seen in Fig. 25. In this case, the guiding vanes in the diffuser are making
the velocity distribution more uniform, which can be seen from the color scale of the
figure. The color field at the end of the channels reveal that there is still a higher
flow rate in the central channels, however, the distribution of the flow between the
channels is significantly more uniform compared to case 1a.
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Figure 25: Steady state flow field in a cut-plane at the center of the fluid domain in
case 2a. Dimensions in m/s. The figure shows an increase in the flow uniformity due
to the use of the guiding vanes.
The steady state temperature field of a cut-plane at the center of the fluid domain in
case 2a can be seen in Fig. 26. The temperatures at the outlets of the channels are
significantly more uniform compared to case 1a, which is solely due to the use of the
guiding vanes in the diffuser.

Figure 26: Steady state temperature field in a cut-plane at the center of the fluid
domain in case 2a. Dimensions in K. The figure shows an increase in the temperature
uniformity due to the use of the guiding vanes.
The temperature field at the bottom surface of the fluid domain in case 2a can be
seen in Fig. 27. The highest temperatures, as expected, are near the walls at the
locations of the heat sources. The highest temperature in the fluid domain is 55.97◦ C.
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Figure 27: The temperature field at the bottom surface of the fluid domain in case
2a. Dimensions in K. The figure shows that the highest temperatures at the walls
are in the downstream of the flow at the locations of the heat sources.
The temperature field at the surface of the base plate of the solid domain can be
seen in Fig. 28. The highest temperatures are at the surface of the base plate, at
the locations of the heat sources. The highest temperature at the surface is 68.72◦ C,
which is still higher than the highest allowed temperature. However, it is ≈5◦ C
lower than in case 1a, which is due to the effect of the guiding vanes. The thermal
resistance is θ = 0.026W/K.

Figure 28: The temperature field at the surface of the base plate in contact with
the heat sources in case 2a. Dimensions in K. The figure shows that the maximum
temperatures are at the level of 342K and are located at the heat sources in the
downstream of the fluid.
The local Nusselt numbers in the channels can be seen in Fig. 29. Compared to
Fig. 19, it is obvious that the heat transfer distribution is significantly more uniform
amongst the channels. The curves are grouped based on the Reynolds number. There
is still variation in the Nusselt number due to the change in the Reynolds number,
however, the differences are not as significant.
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Figure 29: Local Nusselt number in each flow channel at various cross-sections in
case 2a. The highest Nusselt numbers are in channels 8 and 10, and the lowest are
in channels 1-5 and 13-17. The figure shows an increase in the uniformity of the
Nusselt numbers between the channels due to the use of the guiding vanes.
The mean velocities and the corresponding Reynolds numbers are listed in Table 7.
The flow in each channel is in laminar regime, since the Reynolds numbers are all
lower than 2400 [46]. An interesting note is that the flow rate in the center-most
channel is slightly lower than those of the neighboring channels. The reason for this
is that the guiding vanes in the diffuser are located in such a way, that there is no
direct path from the inlet of the domain to the center-most channel. This means
that no fluid particle will flow to the center-most channel without changing its path
due to a collision with an object.
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Table 7: Flow velocities and the corresponding Reynolds number in the flow channels
in case 2a.
Channel
1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16
17

mean velocity (m/s)
0.060
0.066
0.066
0.067
0.073
0.094
0.123
0.156
0.125
0.156
0.124
0.096
0.074
0.068
0.067
0.066
0.061

Reynolds number
279
304
308
313
340
437
570
723
581
724
576
444
344
315
310
306
281

The calculated heat flux from the solid to the fluid is 1594.00W. The error compared
to the boundary condition is 0.38%. The analytic temperature difference is the same
as in case 1a, since the bulk flow rate is the same. The calculated temperature
difference between the cup-mixing temperatures of the outlet and the inlet in the
simulation is ∆T = 12.184K. The error compared to the analytic solution is 0.017%,
which is extremely low.
4.2.4

Case 2b: With guiding vanes

The steady state flow field of a cut-plane at the center of the fluid domain in case
2b can be seen in Fig. 30. Compared to Fig. 25, the velocity magnitudes in the
central channels are relatively larger. However, compared to Fig. 20, the velocity
distribution is significantly more uniform.
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Figure 30: Steady state flow field in a cut-plane at the center of the fluid domain in
case 2b. Dimensions in m/s. The figure shows decent flow distribution within the
heatsink.
The steady state temperature field of a cut-plane at the center of the fluid domain in
case 2b can be seen in Fig. 31. The temperature of the fluid is lower in the central
channels, as expected, however, the differences are relatively small.

Figure 31: Steady state temperature field in a cut-plane at the center of the fluid
domain in case 2b. Dimensions in K. The figure shows small nonuniformity in the
temperature distribution between the channels.
The temperature field at the bottom surface of the fluid domain can be seen in Fig.
32. The highest temperatures are again near the walls at the locations of the heat
sources. The highest temperature in the fluid domain is 39.97◦ C.
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Figure 32: The temperature field at the bottom surface of the fluid domain in case
2b. Dimensions in K. The figure shows that the highest temperatures are in the
downstream of the fluid at the locations of the heat sources.
The temperature field at the surface of the base plate of the solid domain can be
seen in Fig. 33. The hot spots are at the surface of the base plate at the locations of
the heat sources. The highest temperature is 53.28◦ , an the thermal resistance is
θ = 0.017.

Figure 33: The temperature field at the surface of the base plate in contact with the
heat sources in case 2b. Dimensions in K. The figure shows a relatively low level of
the maximum temperatures at the surface even at the locations of the heat sources.
The local Nusselt number in each flow channel can be seen in Fig. 34. The curves
are grouped based on the Reynolds number, and as expected, the channels with the
highest Reynolds number have also the highest Nusselt numbers. Compared to Fig.
24, the heat transfer distribution is more uniform, however, there is still significant
variation.
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Figure 34: Local Nusselt number in each flow channel at various cross-sections in
case 2b. The highest Nusselt numbers are in channels 8 and 10, and the lowest are in
channels 3-4 and 14-15. The figure shows decent uniformity in the Nusselt numbers
between the different channels.
The mean velocities and the corresponding Reynolds numbers are listed in Table 8.
The Reynolds numbers are the highest in the central channels, however, since the
values are lower than 4000, the flow in these channels is considered not to be fully
turbulent, but in a transition regime [46].
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Table 8: Flow velocities and the corresponding Reynolds number in the flow channels
in case 2b.
Channel
1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16
17

mean velocity (m/s)
0.205
0.194
0.158
0.141
0.216
0.349
0.547
0.752
0.622
0.747
0.552
0.376
0.231
0.142
0.157
0.196
0.211

Reynolds number
949
899
733
655
1003
1619
2535
3487
2884
3460
2559
1742
1072
657
726
911
976

The calculated heat flux from the solid to the fluid is 1598.96W. The error compared
to the boundary condition is 0.07%. The analytic solution for the temperature
difference between the inlet and the outlet is the same as in case 1b. The calculated
difference in the simulation is ∆T = 3.26K. The error of the temperature difference
compared to the analytic solution is 0.41%.

4.3

Discussion

The results reveal significant differences in the heat transfer performance in each
case. In the following, the main observations are discussed.
4.3.1

The effect of the guiding vanes

The plotted temperatures at the outlets of the sub-channels can be seen in Fig. 35.
The increase in the temperature uniformity by involving the guiding vanes with both
mass flow rates is significant. The increase in the temperature uniformity reveals an
improvement in the heat transfer performance since the heat transfer coefficient is
inversely proportional to the temperature difference between the fluid and the heated
surface.
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Figure 35: Cup-mix temperature (K) distribution in the fluid at the end of the
channels. The figure shows significant increase in the temperature uniformity due to
the use of the guiding vanes.
The velocity distributions in the flow channels are plotted in Fig. 36. The distribution
of the flow in the channels is significantly more uniform in the flow systems with
the guiding vanes than without them. As it is seen from the results previously
in this chapter, the maldistribution of the flow results in deterioration of the heat
transfer performance. This can be seen from the differences in the highest surface
temperatures of the base plate when comparing the cases with the same volumetric
flow rates of the cooling water.
A key issue with the cases without the guiding vanes is the flow rates in the middle
channels between the center and the edges. The significance of these channels is
revealed by taking a closer look at the locations of the heat sources in Fig. 11. The
most heat sources are located in the proximity of these channels, and hence, these
channels should contribute to the heat transfer the most. However, the results in
Figures 19 and 24 reveal that these channels are actually the ones contributing the
least in the cooling in the cases without the guiding vanes. In case 1a at the end of 5
channels the heat even begins to flow back from the heated fluid to the aluminum.
Furthermore, in case 1b the flow is in reverse in 5 channels, making the net power
of heat transfer in these channels negative, i.e. heat transfers from the fluid to the
aluminum. The reason for the negative heat transfer is that in the channels with
reverse flow, the flow is circulated from channels with flow in the bulk direction.
The cooling water entering the channels with reverse flow are already warmed up
and the bulk temperature is warmer than the surface temperature of these channels.
In an ideal case the heat would transfer vertically from the hotspot to the cooling
fluid, however, in case 1b, the heat is transferring more in horizontal direction from
the hotspots to the closest channels with decent flow rate. The peaks in Fig. 36
compared to Figures 19 and 24 reveal that in cases 1a and 1b the central channels
are contributing to the heat transfer the most. This makes the heat transfer more
horizontally increasing the bulk temperature of the heatsink. With a higher bulk
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temperature, a malfunction in the flow system could increase the surface temperatures
suddenly and cause a failure in the electronic components.
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Figure 36: Velocity (m/s) distribution inside the channels. The figure shows significant increase in the uniformity of the flow rate due to the use of the guiding
vanes.

4.3.2

The effect of the mass flow rate

The mass flow rate of the cooling liquid has an obvious effect to the thermal performance since the heat transfer rate is directly proportional to the mass flow rate
according to Eq. 7. In addition, the increased mass flow rate increases the Reynolds
number of the fluid, which changes the behavior of the flow. The results of the
maximum surface temperatures reveal that the cooling is not sufficient with the lower
mass flow rate in either of the geometries, but both geometries would be sufficient
with the higher mass flow rate.
The changes in the temperature field in the fluid in a cut-plane at the center of the
fluid domain can bee seen in Fig. 37. The temperature scale is the same for all
the cases in the figure. The figure reveals that the increase in the mass flow rate
compared to the use of guiding vanes has a more significant effect on the temperature
levels in the domain, however, the use of guiding vanes has a greater influence on
the temperature uniformity.
In addition, the increase in the mass flow rate has a more significant effect to
the surface temperatures in the geometry with the guiding vanes. The surface
temperatures of the base plate in the same temperature scale can be seen in Fig. 38.
The drop in the surface temperatures is significant with the increase in the mass flow
rate of the cooling fluid. This can be clearly seen from the color scale in the figure.
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(a) No guiding vanes with 2 L/min (up) and 7 L/min (below) flow rates

(b) With guiding vanes with 2 L/min (up) and 7 L/min (below) flow rates

Figure 37: The change in the temperature field of the fluid in a cut-plane at the
center of the fluid domain due to the increase of the mass flow rate. The figure shows
a significant decrease in the temperatures due to the increase of the mass flow rate
of the cooling water.
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(a) No guiding vanes with 2 L/min (up) and 7 L/min (below) flow rates

(b) With guiding vanes with 2 L/min (up) and 7 L/min (below) flow rates

Figure 38: The change in the surface temperature of the base plate, i.e. the surface
in contact with the heat sources, due to the increase of the mass flow rate. The
figure shows a significant decrease in the surface temperatures of the base plate due
to the increase in the mass flow rate of the cooling liquid.
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4.3.3

Heat transfer performance

The Nusselt numbers averaged over all channels in each geometry at various crosssections are plotted in Fig. 39. Based on the curves, cases 1a, 1b and 2a are quite
similar in terms of heat transfer, whereas case 2b is superior compared to the other
cases. However, in case 1b the Nusselt numbers in the channels with a fully turbulent
flow reach the highest values. The maximum performance could be reached with
having a fully turbulent flow in all channels, however, with an increase in the pumping
cost. Nevertheless, even though the flow in case 2b is not fully turbulent in any of
the channels, and most of the channels are in completely laminar region, the Nusselt
number averaged over all the channels is the highest.
The Nusselt number in a fully developed laminar flow is a constant, which in this
case would be N u = 3.664 [44]. When comparing the Nusselt number curves of the
cases 2a and 2b, there is a clear difference even though most of the channels are
in fully laminar regime. This difference is due to the viscous and thermal entrance
regions. The difference in the simulations to the analytic solution is that the flow
is not fully developed in any of the channels in cases 2a or 2b. The thermal entry
length is proportional to the Reynolds number of the flow, i.e. the channels with the
highest Reynolds numbers in the laminar regime, have the longest thermal entrance
regions. In addition to the enhanced heat transfer in the thermal entrance region,
the viscous entrance region enhances heat transfer as well [29]. In the cases in this
thesis, there is simultaneous thermal and viscous development. This results in higher
values of the Nusselt numbers at the very beginning of the channels, and a rapid
decrease. Since the Reynolds numbers in case 2b are higher than in 2a, the entrance
region is longer and the the region with the most enhanced heat transfer due to
the flow development is longer as well. In cases 1a and 1b the flow in the channels
with the lowest Reynolds numbers develop fully, and the Nusselt numbers reach the
analytic solution, which is in good agreement with the theory.
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Figure 39: Nusselt number averaged over all channels at various cross-sections in
each geometry. The figure shows significantly higher values of the Nusselt number in
case 2b.
The Nusselt numbers in each channel averaged over the length of the channel,
compared to the corresponding Reynolds number of the channel can be seen in Fig.
40. The data in the figure is taken from each channel in all the cases. From the figure
it can be clearly seen that the Nusselt number increases rapidly with the increase of
Reynolds number in the laminar regime, until the flow reaches the transition regime.
The change in the Nusselt number due to the changes in the Reynolds number is
less significant in the fully turbulent region. However, it is to be mentioned that
the Nusselt numbers are averaged over the entrance region as well, and may not be
compared to an analytical solution. The rapid changes in the Nusselt number in the
laminar regime give reason to believe an optimal thermal efficiency is reached in the
laminar regime, since increasing the Reynolds number from this point increases the
needed pumping power more significantly [28], which decreases the total efficiency
of the cooling system. The rapid increase in the Reynolds number in the laminar
regime is due to the entrance region.
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Figure 40: Nusselt number averaged over the length of the domain in each channel
compared to the corresponding Reynolds number of the channel in all the cases. The
figure shows that the Nusselt number increases as the Reynolds number increases.
With the assumptions made in this thesis, it can be speculated what the results
would be with different inlet water temperatures. It was assumed that the material
properties are independent of the temperature, and thus, the flow field is independent
on the inlet temperature. Hence, according to the classical theories, the temperature
difference between the solid and the fluid should remain the same independent of
the inlet temperature, i.e. by decreasing the inlet temperature the temperatures in
the solid should decrease as well. In other words, the thermal resistance is assumed
not to be dependent on the absolute value of the inlet water temperature, but the
difference between the inlet temperature and the solid temperature.
The thoretical temperature levels of the surface and the outlet as functions of the
inlet temperature with these assumption can be seen in Fig. 41. The theoretical
maximum surface temperatures are calculated from the simulation points according
to Eq. 14 and the outlet temperatures are based on Eq. 7. The simulation points
are shown in the figure. Based on the figure, the surface temperature is kept below
the limit of 65◦ C in all the cases if the inlet temperature is below 290K. However, a
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∼10K rise in the inlet temperature would cause the surface temperature to exceed
the limit with any of the cases. This could occur due to a malfunction in the cooling
of the recirculated water, which is not considered in this thesis. The theoretical
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Figure 41: The theoretical levels of the maximum surface temperatures of each case
and the theoretical outlet temperatures of different flow rates as functions of the
inlet temperature for the design case with 1600W applied heat. The figure shows
that with proper inlet temperature control the maximum surface temperatures can
be kept lower than the highest allowed temperature with both geometries and flow
rates.
The effect of the applied power to the results can be speculated similarly to Fig. 41.
The results are obtain with the assumption that the applied heat does not affect the
flow field in the heatsink. This is a justified assumption due to the distribution of
the flow in the diffuser being unaffected by the applied heat. The heat is applied in
the downstream of the flow from the inlet and does not affect the behavior of the
fluid at the inlet diffuser.
The results for the theoretical maximum surface temperature levels of each case and
the theoretical outlet cup-mixing temperatures corresponding the different mass flow
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rates of the cooling water as a function of the applied power are presented in Fig. 42.
The theoretical values are calculated from the simulation points based on Equations
7 and 14. It can be noted from the figure, that the maximum surface temperatures
are more sensitive to the changes in the applied heat with the lower mass flow rate
of the water. In addition, the maximum surface temperature levels in the geometry
without the guiding vanes is more affected by the applied heat. The changes in the
outlet cup-mixing temperature with the higher mass flow rate is insignificant. These
results indicate that the heatsink with the guiding vanes and the higher mass flow
rate, i.e. case 2b, is the most robust. It the least likely cooling system to cause
failure to the electronic circuit due to unexpected changes in the working conditions,
such as rise in the surrounding temperatures, a peak in the applied power or a failure
in the cooling of the circulating water.
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Figure 42: The theoretical levels of the maximum surface temperatures of each case
and the theoretical outlet temperatures of different flow rates as functions of the
applied power with the inlet water temperature at 300K. The figure shows that the
cooling system with lower mass flow rate of the cooling water is more sensitive to
the changes in the applied power.
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4.3.4

Short summary of the important results

The most important findings from the results of the simulations are listed in Table 9.
In cases 1a and 2a the maximum temperature exceeds the highest allowed temperature
of 65◦ C, making them insufficient for the cooling purpose studied in this thesis. The
surface temperature at the base plate was decreased the most effectively with the
increase in the mass flow rate of the cooling liquid.
The temperature and flow rate uniformity are the highest in case 2a. The maldistribution of the flow was the highest in case 1b, however, the temperature uniformity is
the lowest in case 1a. The increase in the temperature uniformity by using guiding
vanes is significant.
The average Nusselt number was the highest in case 2b. The differences in the
Nusselt numbers are significant. By using the guiding vanes to increase the flow
uniformity, the Nusselt number increased by 24.8% and by 114.3% with 2 L/min
and 7 L/min flow rates, respectively. By increasing the mass flow rate, the average
Nusselt number increased by 47.4% and by 153.0% without and with the guiding
vanes, respectively. The increase in the mean Nusselt number by increasing the mass
flow rate is more significant with the guiding vanes. The reason why the Nusselt
number does not scale similarly without the guiding vanes is the occurrence of the
reverse flow when the Reynolds number is increased. This reverse flow deteriorates
the heat transfer performance, and hence, the increase in the mass flow rate without
the guiding vanes does not result in desired performance.
The thermal resistance is proportional to the difference between the maximum surface
temperature and the inlet temperature. Hence, in case 2b where the maximum surface
temperature is the lowest, the thermal resistance is the lowest as well. The decrease
in the thermal resistance by the use of guiding vanes was 10.2% with 2 L/min flow
rate and 19.2% with 7 L/min flow rate. The difference is considered significant. By
increasing the flow rate the thermal resistance decreased by 29.9% without guiding
vanes and by 36.9% with guiding vanes.
Table 9: The important results of the simulations. Ts,max is the maximum surface
temperature at the base plate, ∆Tm is the temperature difference between the
highest and lowest cup-mixing temperatures at the outlet of each channel, θ is the
thermal resistance of the heatsink, um,min and um,max are the lowest and highest
mean velocities in the channels, N um is the average Nusselt number averaged over
the entire domain.
Case
1a
1b
2a
2b

Ts,max (◦ C)
73.5
59.6
68.7
53.3

∆Tm,out (◦ C)
11.5
8.5
1.7
3.0

θ (W/K)
0.029
0.020
0.026
0.017

um,min (m/s)
0016
-0.075
0.060
0.141

um,max (m/s)
0.365
1.785
0.156
0.757

N um
13.3
19.6
16.6
42.0
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4.4

Model assessment

Since the inlet Reynolds numbers in the simulations of this thesis were in the turbulent
regime, the simulations were calculated with a turbulence model, the k-ϵ model.
However, it was noted that the most of the fluid flow in the heat transfer channels
was in the laminar regime, and hence, it is to be assessed whether the results obtained
with the turbulence model are within decent accuracy. The assessment is done by
comparing the results from RANS to results obtained without turbulence modeling,
for which LES is used.
4.4.1

Large-eddy simulation

LES is a technique for simulating turbulent flows. Instead of solving averaged
equations, LES solves the temporary fields including the turbulent fluctuations.
However, in LES, the small eddies, i.e. the swirls in the turbulence, are approximated
and the large eddies are treated exactly. In other words, the small scale phenomena
in the turbulence is filtered and the rest is calculated accurately. The filtering of the
small eddies is justified since the small eddies scale more universally independent of
the flow geometry, and have no significant effect on the results from the engineering
point of view. This technique is more accurate compared to solving RANS, however
it demands more computational effort. [33, 49]
Due to the large computational effort demanded by LES, only one case in this thesis
is simulated with it. In the following, the results are presented and compared to
the steady state results calculated with the k-ϵ model. The execution time for the
simulations was ∼120 hours with 240 cores, which resulted in ∼2 seconds in the
simulations. This time range is not nearly sufficient for calculating steady state
results.
The instantaneous velocity field of a cut-plane at the center of the fluid domain can
be seen in Fig. 43. It can be seen in the figure that the flow fluctuates at the inlet and
in the diffuser, however, it becomes laminar in the channels. The difference compared
to Fig. 25 is clear. In RANS, the fluctuations in the turbulence are averaged, whereas
in LES the fluctuations are calculated exactly. A more comprehensive comparison
between RANS and LES is to compare the field calculated with RANS to a field
calculated with LES, which is averaged over the simulation time. Such a comparison
can be seen in Fig. 44. However, it is to be noted, that the mean field from LES is
not taken over a long enough period of time for the fluctuations to be damped. This
would take a significant computational effort, which is why LES is not commonly
used for simulating steady state results. However, from the figure it can be seen that
the mean field within the time range of this simulation with LES has similarities to
the field calculated with RANS. The similarities indicate that the results calculated
with RANS are within decent accuracy for the purpose of this thesis.
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Figure 43: The instantaneous velocity (m/s) field of a cut-plane at the center of the
fluid domain in case 2a. The figure shows that there is turbulence in the inlet and
the diffuser, but the flow becomes laminar in the heat transfer channels.

Figure 44: The mean velocity (m/s) field of a cut-plane at the center of the fluid
domain in case 2a from RANS (above) and LES (below). The figure shows similarities
within good agreement.
The instantaneous temperature field of a cut-plane at the center of the fluid domain
can be seen in Fig. 45. It is to be noted that the flow in the downstream of the
channels is laminar. Hence, there is no purpose for calculating a mean field for
the temperature since there is no heat transfer in the turbulent region. From the
instantaneous field it can be seen by comparing to Fig. 26 that the heat is not fully
transferred to the fluid, i.e. the level of convergence of the results with LES at this
point is poor. The growth rate of the thermal boundary layers in the channels is
minimal and the temperature levels do not correspond the equilibrium temperatures.
This is due to the computational effort demanded by LES compared to the simulation
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time. The figure reveals that the use of LES in this case in inefficient and demands
a significantly larger computational effort compared to solving RANS.

Figure 45: The temporary temperature (K) field of a cut-plane at the center of the
fluid domain in case 2a. The figure shows minimal growth in the thermal boundary
layers, indicating poor convergence of the results.
Since the flow in case 2a was noted to be mostly laminar, the value of the turbulent
kinetic energy from RANS simulations should approximate zero in most regions.
In addition, the turbulent kinetic energy calculated from the fluctuations from the
results of LES according to Eq. 21 should be similar to RANS. The main difference
is that in RANS the turbulence is modeled and in LES it is calculated. Fig. 46 shows
the turbulent kinetic energy from RANS and LES. The figure shows that there is
turbulence in the inlet diffuser, but the flow is mostly laminar. The intensity of
the turbulence is higher in the results calculated with LES. Nevertheless, the figure
reveals that the turbulence modeled by the k-ϵ model is similar to the turbulence
calculated with LES, which indicates that the use of the turbulence model has little
impact on the reliability of the results.
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Figure 46: Turbulent kinetic energy of a cut-plane at the center of the fluid domain
in RANS (above) and LES (below). The dimensions are in J/kg. The Figure shows
that the flow is mostly in the laminar regime in both simulations.

4.4.2

Main findings

The results between RANS and LES were compared to assess the reliability of the
results obtained with RANS. The results showed dissimilarities in the flow fields
mainly in the small scale details, however, the similarities in the overall fields were
noted to be within good agreement.
Based on the results seen in Figures 44 and 46, it is noted that the flow field is
not greatly affected by the use of the turbulence modeling, i.e. the modeled and
calculated turbulence are similar. However, the convergence rate of the heat transfer
was noted to be poor, and hence, the results of LES for the heat transfer may not be
used to assess the reliability of the results obtained with RANS. Nevertheless, the
results for the flow field indicate that the simulations with RANS are within decent
accuracy for the purpose of this thesis.

5

Conclusions

2 different geometries with 2 different flow rates, adding up to 4 cases, were simulated.
The results revealed a significant difference in the heat transfer performance by
altering the flow field. The flow field was altered either by changing the geometry
or increasing the inlet velocity. The cases with the same volumetric flow rates were
compared to each other to analyze the effect of the uniformity of the flow field within
the channels.
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The implementation of the guiding vanes to increase the uniformity of the flow rates
within the channels decreased thermal resistance by 10.2% and 19.2% with 2 L/min
and 7 L/min flow rates, respectively. In addition, the temperature field within the
fluid domain was significantly more uniform, which results in a higher heat transfer
performance.
The increase in the mass flow rate decreased thermal resistance by 29.9% without the
guiding vanes and by 36.9% with guiding vanes. The improvement in the thermal
performance of the cooling system by increasing the mass flow rate of the cooling
water is more significant when using the guiding vanes to decrease the maldistribution
of the flow. However, a comparison of the surface temperatures at the base plate in
all cases reveal that the lower flow rate is not sufficient for cooling in either of the
studied geometries.
The Nusselt numbers in the channels of the heat sinks reveal a significance in the
flowing conditions. The increase in Nusselt number with the increase in Reynolds
number is more rapid below the critical Reynolds number. This effect is mostly
due to the dependency of Reynolds number in the viscous and thermal entrance
regions in laminar flow. The increase in the Reynolds number beyond the critical
point shows no significant improvement in the heat transfer performance, but would
increase the needed pumping power [28].
The most significant effect in the heat transfer performance of a single channel was
observed to be the entrance region in a laminar flow. Since the pumping power is
lower with a laminar flow than with a turbulent flow, it is to be considered whether a
cooling system of this size based on developing laminar flows would be more efficient
than a system based on turbulent flows.
In this thesis, it was assumed that the thermal properties are independent of the
temperature. It was pointed out that the specific heat of the materials within the
considered temperature range change little and would have no significant effect on
the final results. However, the viscosity of the fluid decreases significantly as the
temperature increases. The decrease in the viscosity results in the increase in the
Reynolds number. The effect of the Reynolds number was studied by increasing the
mass flow rate of the cooling water. The flow uniformity of the flow distribution
decreased by the increase in the Reynolds number in both cases, with and without
the guiding vanes. This indicates that the decrease in the viscosity by the effect of
the temperature rise would in fact decrease the flow uniformity within the heatsink.
This would result in lower heat transfer performance. However, the heating of the
fluid occurs downstream from the inlet diffuser. Hence, the decreased viscosity of
the warmed fluid would not affect the flow distribution since the flow is already
distributed in the channels. Nevertheless, the Nusselt number was shown to correlate
with the Reynolds number, i.e. the decrease in the viscosity would increase the local
Nusselt number. This would result in an increase in the heat transfer performance.
The effect of the use of a turbulence model on the results was assessed by comparing
the steady state results obtained with a turbulence model to LES. The comparison
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revealed similarities between the simulations of the flow fields within decent accuracy.
The most differences were noted to be in the small scale details of the calculated
fields. Hence, for the purpose of this thesis, the results for the flow fields calculated
with the turbulence model are within decent accuracy. However, the heat transfer
was noted not to have reached convergence, and hence, the results of LES may not
be used for assessing the results obtained with RANS for the heat transfer.
The pressure drops between the inlet and the outlet in each case were small enough
compared to the heating power not to be taken into closer examination in this thesis.
Since the results in this thesis are based on simulations, experimental validation would
be of importance. For future work, experimental research on the same geometries is
of importance. In addition, simulations on the effect of the temperature dependency
of the material properties and the inlet temperature are of interest.
The use of the guiding vanes resulted in a significantly more uniform flow rates
within the channels, however, there is still a variety in the flow distribution. For
future work, in a system involving guiding vanes, the angles and the length of the
vanes should be further optimized to reach better uniformity in the flow field with a
more compact size of the system. As an alternative to guiding vanes, to make the
cooling system even more compact, the use of inlets and outlets perpendicular to the
bulk flow direction in the heat sink is to be studied. The location of such an inlet or
an outlet is of interest. In addition, since a significance in the entrance region was
observed, a system based on a developing laminar flow compared to a system with
fully turbulent flow in each channel it to be studied for comparison.
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