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In this thesis, a novel hydraulics system, direct driven hydraulics (DDH), with a
sizing error is investigated. The system consists of two separate gear type pumps
which are jointly connected to a servomotor via a common axis and gearbox.
The sizing error is caused by a mismatch in the ratio of the pump nominal size
and flow rate of each cylinder chamber. This mismatch causes excess pressure to
form in the B-chamber of the cylinder, which reduces the energy efficiency and
reliability of this system.

A hydraulic accumulator implemented between the B-side pump and cylinder is
proposed as a solution to this issue. A Matlab/Simulink model is created, which
is utilized for finding the optimal accumulator parameters for the highest energy
efficiency. The friction forces of the cylinder is measured in order to get accurate
position estimates. Since the DDH system is valveless, the leakage through the
pumps greatly effects the pressure levels in this system. In order to get accurate
pressure estimation, this leakage is measured and a linear model that fits the data
is estimated.

Based on the simulation results, a hydraulic accumulator with the nominal size
of 0.7 liters and precharge pressure of 10 bar is selected and installed into the
system. The energy efficiency of this system is measured at temperatures ranging
between -10◦C and +20◦C. The results shows that the accumulator is a viable
solution and that energy efficiency is improved. The greatest efficiency is found
at room temperature, and for this reason the ability of this system to internally
heat the oil is measured. These results indicate that waste heat is not generated
sufficiently fast. Finally, different sizing errors are simulated with the Simulink
model in order to investigate the negative impact of different errors. These results
indicate that a sizing error of 2-5 % causes no excess pressure. An error larger than
this can be mitigated by implementing the hydraulic accumulator, as suggested
by this thesis.
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Övervakare: Professor Matti Pietola

Handledare: TkD Tatiana Minav

I detta arbete undersöks ett nytt hydrauliskt system, direkt driven hydraulik
(DDH), med ett dimensioneringsfel. Detta system best̊ar av tv̊a kugghjulspumpar,
som är direkt kopplade till en servomotor via en gemensam axel och växell̊ada.
Dimensioneringsfelet orsakas av en obalans i kvoten av de nominella pumpstor-
lekarna i jämförelse med det förväntade flödet fr̊an respektive cylinderkammare.
Denna obalans ger upphov till ett högre tryck i cylinderns B-kammare, vilket
leder till försämrad energieffektivitet och stabilitet.

För att förminska detta problem implementeras en hydraulisk ackumulator, vars
syfte är att absorbera det överflödiga trycket, mellan B-sidans pump och cylin-
derkammare. En simuleringsmodell konstrueras i Matlab/Simulink för att finna
de optimala ackumulatorparametrarna ur en energieffektivitetssynvinkel. Cylin-
derns friktionskrafter mäts för att f̊a en träffsäker estimering av cylinderkolvens
position. Pumparnas interna läckage mäts, och en regressionsmodell körs för att
erh̊alla en mer träffsäker modell över tryckbildningen i detta system.

Baserat p̊a simuleringsresultaten väljs en hydraulisk ackumulator vars nominel-
la storlek är 0,7 liter med ett förladdningstryck p̊a 10 bar. Denna installeras
till systemet, vars energieffektivitet utvärderas vid temperaturer fr̊an -10◦C till
+20◦C. Resultaten fr̊an denna mätning indikerar att effektiviteten är som störst
vid rumstemperatur. Därför utförs ytterligare experiment ang̊aende systemets
förmåga att internt uppvärma olja med överloppsvärme. Resultatet fr̊an detta
visar att denna överloppsvärme inte är tillräcklig.

Slutligen undersöks effekten av olika dimensioneringsfel med hjälp av simulerings-
modellen. Slutsatsen av detta är att ett fel p̊a 2-5% inte orsakar nämnvärda pro-
blem. Fel större än detta kan åtgärdas med hjälp av en hydraulisk ackumulator,
vilket detta arbete visar.

Nyckelord: direkt driven hydraulik, energieffektivitet, hydraulisk acku-
mulator

Spr̊ak: Engelska
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Abbreviations and Acronyms

AC Alternating current
AMAPE Adjusted mean average percentage error
CAD Computer assisted design
DAQ Data acquisition
DDH Direct driven hydraulics
NBR Nitrile Butadiene Rubber
ODE Ordinary differential equation
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Nomenclature

AA Area of piston head [m2]
AB Area of piston rod-side [m2]
Ao Area of orifice [m2]
B(p) Bulk modulus model [pa]
Beff Effective bulk modulus [pa]
Bliq Bulk modulus of liquid [pa]
Bmin Minimum value for bulk modulus [pa]
BNykänen Nykänen bulk modulus model [pa]
Cq Discharge coefficient [-]
Cturb Turbulent discharge coefficient [-]
D Orifice diameter [m]
DP Displacement of pump (general) [m3/rev]
DPA Displacement of pump A [m3/rev]
DPB Displacement of pump B [m3/rev]
Eelec Electrical energy [J]
Ehydr Hydraulic energy [J]

Êmotor Energy consumed by servomotor (estimated) [J]
Eshaft Shaft energy [J]
F Force (general) [N]
F⊥ Perpendicular force [N]
F⊥cyl Perpendicular cylinder force element [N]
Fc Coloumb friction [N]
Fcyl Cylinder force [N]
Fend End force [N]
Fi Force element i [N]
Fr Friction force [N]
Fs Static friction [N]
Ii Current in phase i [A]
J Moment of Inertia [kg · m2]
Kend End force constant [N/m]
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KL Laminar leak flow coefficient [m3/(s · pa)]
Ks Hard stop contact pressure coefficient [pa/m3]
M Static torque (general) [Nm]
MΘ Torque acting on joint Θ [Nm]
N Polytropic constant [-]
Q Orifice flow (general) [m3/s]
Rtr Transition Reynolds number [-]
T Oil temperature [K]
Ti Torque at sensor i [Nm]
Tloss Torque loss due to friction [Nm]

T̂motor Servomotor torque (estimated) [Nm]
Tn Number of observations [-]
Tpump Pump torque [Nm]
TpumpA A-Pump torque [Nm]
TpumpB B-Pump torque [Nm]
Treq Required pump torque [Nm]
Tshaft Shaft torque [Nm]
Ttheoretical Theoretical pump torque [Nm]
Ui Voltage in phase i [V]
V Volume (general) [m3]
V0,A Dead volume of A-chamber [m3]
V0,B Dead volume of B-chamber [m3]
VA Volume of A-chamber [m3]
VAcc Accumulator nominal size [m3]
VB Volume of B-chamber [m3]
Vfluid Volume of fluid in accumulator [m3]
Vgas Volume of gas in accumulator [m3]
Vhose Volume of hose [m3]
X Displacement of compressed spring [m]
X0 Relative amount of free air in fluid [-]
bend Dampening end force constant [N · s/m]
d1 Piston head diamater [m]
d3 Piston rod diameter [m]
ft Simulated value at time t [-]
g Gravitational constant [m/s2]
m1 Mass of first boom segment [kg]
m2 Mass of second boom segment [kg]
mi Mass element i [kg]
mload Mass of load [kg]
n Rotational speed (general) [r/s]
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nP Rotational speed of pump (general) [r/s]
p Pressure (general) [pa]
p0 Initial pressure [pa] [pa]
pA A-chamber cylinder pressure [pa]
pB B-chamber cylinder pressure [pa]
pfluid Pressure of fluid in accumulator [pa]
pgas Pressure of gas in accumulator [pa]
pHS Hard stop contact pressure [pa]
ppre Precharge pressure of accumulator [pa]
ptr Transition pressure [pa]
q Flow (general) [m3/s]
qAcc Flow into the accumulator [m3/s]
qB Flow out of the B-chamber [m3/s]
qBT Proportion of B-side flow to tank [m3/s]
qcyl Flow to cylinder [m3/s]
qL Laminar leakage flow [m3/s]
qLpump Internal or external leakage of pump [m3/s]
qout Pump output flow [m3/s]
qpump Flow produced by pump [m3/s]
qtheoretical Theoretical pump output flow [m3/s]
qv Flow trough orifice [m3/s]
r Radius (general) [m]
r1 Distance to first mass segment [m]
r2 Distance to second mass segment [m]
rc Ratio of cylinder chamber volumes [-]
rcyl Distance to cylinder force [m]
rcylL Distance to cylinder lower fastening point [m]
rcylU Distance to cylinder upper fastening point [m]
ri Distance element i [m]
rload Distance to load [m]
rp Ratio of pump displacement [-]
s Piston stroke [m]
t Time or simulated time [s]
v Relative velocity of surfaces [m/s]
vs Stribeck velocity [m/s]
x Piston displacement [m]
xtot Current cylinder and piston length [m]
yt Measured value at time t [-]
z Average deflection of bristles [m]
α Angle between cylinder and boom (see Figure

3.10)
[rad]
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α0 Regression intercept [m3/s]
β Angle between cylinder and boom (see Figure

3.10)
[rad]

β0 Initial angle of β [rad]
β1 Regression coefficient [m3/(s · pa)]
β2 Regression coefficient [m3/(s · pa0.5)]
β3 Regression coefficient [m3/(s · K)]
γ Adiabatic constant [-]
∆Epot Change of potential energy [J]
∆p Pressure difference [pa]
ε Regression error term [m3/s]
η∆potential Efficiency with respect to change of potential

energy
[-]

ηfreq+motor Efficiency of servomotor and frequency con-
verter

[-]

ηgearbox Gearbox efficiency [-]
ηhm Hydro-mechanical efficiency [-]
ηpump Pump efficiency [-]
ηsystem Total system efficiency [-]
ηtot Total pump efficiency [-]
ηv Volumetric efficiency [-]
θ Angle of boom [rad]
θs Shaft rotation angle [rad]
ν Kinematic viscosity of fluid [m2/s]
ρ Density of fluid [kg/m3]
σ0 Average stiffness of bristles [N/m]
σ1 Average dampening of bristles [N/(m/s)]
σ2 Viscous friction coefficient [N/(m/s)]
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1. Introduction

The general trend in the world is currently towards more energy efficient
solutions driven by cost savings and ways of limiting the negative effects of
climate change. The field of hydraulics is no exception to this trend, in fact,
much recent research has been aimed towards increasing the energy efficiency
of hydraulic systems and machinery. In traditional valve controlled hydraulic
systems, one or more pumps constantly run and generate the required pres-
sure level for the system. This pressure level is controlled by a pressure relief
valve which opens if the pressure exceeds the set value. This kind of system
suffers from a poor overall efficiency as a large part of the generated energy
is dissipated in the pressure relief valve [1], [2]. The energy efficiency of this
kind of system is at its lowest when it is at standby and energy is not being
utilized for useful work since all of the fluid is directed through the relief
valve.

An alternative solution is to utilize a pump controlled system, in which the
pumps are run only on demand. This can be implemented by use of a vari-
able displacement pump, variable speed motor or a combination of these two.
One implementation for this system is the hydraulic cylinder, which provides
a linear output force in proportion to the cylinder pressure and piston area.
Hydraulic cylinders are preferred over competing electro-mechanical alter-
natives in many applications due to its superior power-to-weight ratio [1],
[3].

Several studies have been implemented on pump controlled cylinder systems
during the last 20 years [2]. One application which has received special
attention is the use of electro-hydrostatic actuators (EHA) in aircraft control
systems [3], [4], [5]. The EHA system consists of a single symmetrical cylinder
which is directly driven by an electric motor and pump [5] (see Figure 1.1
for an example of an EHA application). Each aircraft control surface (such
as flaps or landing gear units) is controlled by a separate EHA unit, which
reduces the need for a centralized hydraulic network. This can greatly reduce
aircraft weight, increase efficiency and mitigate the effects of system failure,
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Chapter 1: Introduction

as each unit works independently of the others [4], [5].

controller

M

Figure 1.1: Example of electro-hydrostatic actuator application [5]

Aside from aircraft implementations, direct driven pump controlled systems
have also been considered for applications such as trains [6], wind turbines [7]
and injection molding machines [8]. In general, it provides the most benefits
for applications that are not used continuously and that do not require an
immediate response. The most recent research in pump controlled systems
has been focused on the symmetrical cylinder, due to the matching flow
rates from each cylinder chamber, which facilitates the system design. The
drawback of this is that the symmetric cylinder requires more space than
the differential cylinder alternative for the same power output. On the other
hand, differential cylinders have non-symmetrical flows out of each cylinder
chambers, which create problems of its own. Quan et al. [2] provide an
overview of research into pump controlled differential cylinder systems, out
of which a few of the considered system layouts are presented in Figure 1.2.
Quan et al. [2] also claim that 80 % of all cylinder applications utilize the
differential cylinder due to its lower space requirement.

2



Chapter 1: Introduction

Figure 1.2: Diffential cylinder flow compensation methods [2]

This thesis presents an additional solution for compensating for the uneven
flow rates. The simplified layout of this is presented in Figure 1.3. This
system consists of two constant displacement pumps connected to a common
axis, and driven by the same alternating current (AC) servomotor. The
dimensioning of the pumps is chosen ensuring that the displacements of the
pumps almost correspond to the flow rates of the cylinder chambers. There
is, however, a sizing mismatch in this system, which will be described in more
detail in the following section.

1.1 Problem statement

Consider again the case presented in Figure 1.3. In an ideal case, the flow
rate out of each cylinder chamber would be perfectly matched by the nominal
flow produced by each pump. In other words, the ratio of the flows of each

3



Chapter 1: Introduction
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Figure 1.3: Simplified illustration of setup

cylinder chamber should equal the ratio of the pump displacements. The
ratio of the flows in the cylinder chambers, rc, can be calculated as:

rc =
AB
AA

=
π
4
(d2

1 − d2
3)

π
4
(d2

1)
, (1.1)

where AB and AA are the areas of each cylinder chamber, d1 is the piston
head diameter, and d3 is the piston rod diameter. Substituting the diameters
shown in Figure 1.3 into Equation 1.1 gives a result for the cylinder chamber
ratio of rc = 0.75. The corresponding ratio of the pump displacements is
calculated as:

rp =
DPB

DPA

, (1.2)

where DPA and DPB is the respective nominal displacements of the pumps.
In this setup, these values are: DPA = 22.8 cm3/rev and DPB = 14.4 cm3/rev,
which yields: rp = 0.63. This ratio is not equal to the cylinder chamber ratio
calculated earlier, in fact, it is approximately 16 % smaller than the ideal
value.

This ratio mismatch leads to excess fluid being trapped in the cylinder B-
chamber during lifting operations, which results in a rapid increase of pres-
sure. This rise of pressure leads to excess heat and leakage losses in this
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Chapter 1: Introduction

system, as well as the risk of damaging the components. In order to mitigate
this problem, care should be taken when dimensioning this kind of direct
driven pump system to ensure that the ratios are equally matched. However,
this is not always possible due to the limited availability of pump sizes.

The purpose of this thesis is to investigate if this ratio error can be mitigated
with the current components. The suggested improvement to this system is
presented in Figure 1.4, in which a hydraulic accumulator is added between
the B-chamber and the B-side pump. Its purpose is to absorb the excess pres-
sure, thereby increasing overall system efficiency and stability. The criteria
for the selection of this hydraulic accumulator are:

• The efficiency of the system should be the highest possible

• The accumulator should not interfere with the required working pres-
sure

In order to solve this problem, a Matlab/Simulink model is created that ef-
fectively tracks the behavior of this system. Care is taken to ensure that
the effects of the rise of pressure is accurately captured. Different hydraulic
accumulator sizes and parameters are simulated, and the efficiencies are cal-
culated for each case. A hydraulic accumulator is chosen based on the simu-
lation results and installed into the system. The characteristics of this system
are measured for different working conditions, including variable loads and
temperatures.

5



Chapter 1: Introduction
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Figure 1.4: Proposed improvement to the setup

1.2 Outline of the thesis

The following chapters will be structured as follows:

• Chapter 2 describes the current physical setup and its included com-
ponents.

• Chapter 3 concerns the construction of the Simulink model with the
underlying equations presented or derived.

• Chapter 4 presents the results obtained from measurements and a brief
discussion.

• Chapter 5 contains the conclusions.

6



Chapter 1: Introduction

1.3 List of publications

During the course of writing this thesis, a scientific article has been published
on the subject of this setup. The recent publication concerning this work is:

1. Alexander Järf, Tatiana Minav and Matti Pietola. Nonsymmetrical
Flow Compensation Using Hydraulic Accumulator in Direct Driven
Differential Cylinder Application. Proceedings of the ASME 2016 9th
FPNI Ph.D. Symposium on Fluid Power, 2016
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2. Setup description

In this chapter the individual DDH components are presented in greater
detail to give the reader a clearer picture of the working principle of this
system. Equations describing the energy consumption of each component
will be introduced where applicable and in the end of this chapter these will
be utilized to derive the energy efficiency of the individual components and
the system altogether.

The research setup consists of a hydraulic system built around a mobile boom
crane platform (see Figure 2.1). The angle of the boom is controlled by a
cylinder, which is fastened to the upper arm extension of the crane. The
flow to the cylinder chambers is supplied by two pumps, each working in
a direction opposite of the other. This means that when the first pump
supplies fluid into one cylinder chamber, the other attempts to remove a
corresponding amount from the other chamber.

The pair of pumps are mechanically connected to each other on a common
axis, which is connected to a servomotor via a T-gearbox. There are no flow
control valves in this setup so the angle of the boom is directly a function of
the input to the servomotor. The load consists of a variable number (1-7) of
plate weights each weighing 20 kg and is connected by a chain to the far end
of the boom.

8



Chapter 2: Setup description

Figure 2.1: Picture of setup

A more detailed hydraulic schematic than the one given in the introduction
is presented in Figure 2.2 (next page) of which the working principle should
be more evident.

9



Chapter 2: Setup description
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Figure 2.2: Detailed schematic of setup. See Table 2.1 for a list of the
components in this figure
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Table 2.1: List of components in setup (see Figure 2.2)

Number Section Component
1 2.1.1 Servomotor
2 2.3.1 Frequency converter
3 2.1.2 A-side pump
4 2.1.2 B-side pump
5 2.1.3 T-gearbox
6 2.1.4 Cylinder
7 2.2.3 Torque sensor
8 2.2.1 Pressure sensor
9 2.2.2 Flow sensor
10 2.2.4 Height sensor
11 2.1.5 Hydraulic accumulator
12 2.3.3 Power analyzer
13 2.3.2 Data acquisition unit (DAQ)

2.1 Mechanical components

The mechanical and hydraulic components are introduced in this section.
These are the servomotor, pumps, T-gearbox, cylinder and hydraulic accu-
mulator.

2.1.1 Servo motor

The servo motor that provides power to the pumps is an Emerson Unimotor
FM (code: 115U2C300VACAA115190). It is a brushless alternating current
(AC) motor with a nominal torque of 8.1 Nm. The most relevant motor char-
acteristics are selected from the manufacturers datasheet [9] and summarized
in Table 2.2.

11



Chapter 2: Setup description

Table 2.2: Motor characteristics [9]

Parameter Value
Rated speed 3000 rpm
Rated torque 8.1 Nm
Stall current 5.9 A
Rated Power 2.54 kW
Resistance (phase to phase) 2.02 Ω
Inductance (phase to phase) 13.87 mH
Inertia 9.0 kgcm2

Stall torque 9.4 Nm
Peak torque 28.2 Nm

This servomotor is equipped with a 4096 pulse per revolution incremental
encoder in a quadrature track layout which provides a total positional res-
olution of 14 bits. The control signals to the servomotor is supplied by a
frequency converter, which is introduced later in this chapter (Section 2.3.1).
This control unit is able to estimate the torque that the motor produces
based on the voltage and current consumption of the motor. It is worth em-
phasizing that this torque is estimated and therefore not necessarily entirely
correct. The hat operator (for example: T̂motor), is in this thesis utilized to
distinguish between measured and estimated values. The estimated energy
consumption of the servomotor can be calculated based on its feedback as:

Êmotor =

∫ t

0

2πnT̂motor · dt, (2.1)

where n is the recorded rotational speed in rotations per second and T̂motor
is the torque estimated by the frequency converter. The t in the integral
operator is the end of period time, and is in this thesis used both as simulated
or real time depending on the situation.

2.1.2 Pump

At this point a word on notation is necessary. The pumps utilized in this
setup are from a technical point of view hydraulic motors. These are bi-
directional gear type motors and can therefore be utilized for pumping oper-
ations. Since this is the primary purpose of these units in this setup, these

12



Chapter 2: Setup description

will from here on be referred to as pumps instead of motors and in hydraulic
schematics the pump symbol is used.

Two Vivoil XM-201 [10] reversible motors with external drainage are utilized
as pumps (Figure 2.3). These have a displacement of 14,4 cm3/rev (code:
X2M4901EPPE) and 22,80 cm3/rev (code: X2M5501EPPE), respectively.
These are gear type pumps meaning that two interlocking gears entraps the
fluid between gear teeth and forces it to flow from the suction side to the
pressure side via the perimeter of the pump casing [11] .

Figure 2.3: Vivoil gear pump [10]

Leakage will occur at the radial and axial clearance between gears and cas-
ing, as well as in the intermeshed contact region of the two gears [11]. In
this pump version some of the leakage is directed back into the tank via an
external connection while the rest is directed to the low pressure side. This
internal and external leakage has a negative impact on the overall efficiency.
A measure of how efficiently a pump generates flow is the volumetric effi-
ciency (ηv). This is defined as the ratio of the pump output flow in relation
to the theoretical pump flow:

ηv =
qout

qtheoretical
, (2.2)

where qout is the actual (measured) flow and qtheoretical is the calculated (the-
oretical) flow given by:

qtheoretical = DPnP , (2.3)
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where DP is the displacement and nP is the rotational speed of the pump.
The same logic is applied to the hydro-mechanical efficiency (ηhm) of a pump
which is the actual (required) torque of a pump divided by the theoretical
torque:

ηhm =
Ttheoretical
Treq

, (2.4)

where Treq is the measured torque and Ttheoretical is the calculated torque.
The equation for the latter is:

Ttheoretical =
∆pDP

2π
, (2.5)

where ∆p is the pressure difference over the pump. The total efficiency of a
pump, ηtot, is a product of the volumetric and hydro-mechanical efficiencies:

ηtot = ηvηhm. (2.6)

An estimate of the efficiencies of the pumps are obtained by applying equa-
tions 2.2 and 2.4 using data provided in the manufacturers datasheet ([10]).
However, the results that are obtained with this method are only indicative.
The data provided is for motor mode and at a specific operating point (in
this case 1000 rpm and 100 bar). These results and other useful data about
the pumps are summarized in Table 2.3.

Table 2.3: Pump characteristics [10]

Parameter Value
Pump XV-2M/14 XV-2M/22
Displacement 14.4 cm3/rev 22.8 cm3/rev
Max. working pressure 250 bar 200 bar
Max. peak pressure 290 bar 240 bar
Max. rotational speed 3500 rpm 3000 rpm
Volumetric efficiency ηv 97.22 % 96.49 %
Hydro-mechanical efficiency ηhm 85.00% 84.99%
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2.1.3 T-Gearbox

Power is transferred from the servomotor to the pumps via a T-gearbox,
which is illustrated in Figure 2.4. In this setup a Graessner P90FL [12] with
a gear ratio of 1:1.5 is used. An efficiency of at least 98 % is claimed by the
manufacturer.

Figure 2.4: T-gearbox [12]

2.1.4 Cylinder

The cylinder is a MIRO C-10-60/30x400 A-SS-11-8 [13]. Table 2.4 sum-
marizes the most relevant data of this cylinder. Like the hydraulic pump
introduced in Section 2.1.2 the losses in a hydraulic cylinder can be cate-
gorized as flow- and mechanical losses. There are two dynamic seals in a
cylinder: one is the piston head seal and the other is the piston rod seal.
They will both cause some internal or external leakage and generate friction
losses.

The leakage through an unbroken seal is minimal and can mostly be ignored,
but the friction forces can be significant. This must be taken account in high
precision and low velocity applications [14], or in applications lacking control
feedback. For this reason the friction forces of the cylinder are measured and
the results for this are presented in Section 3.1.2.
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Table 2.4: Cylinder characteristics [13]

Parameter Value
Max. pressure 190 bar
Piston head diameter (d1) 60 mm
Piston rod diameter (d3) 30 mm
Stroke (s) 400 mm
Inlet diameter doA 11 mm
Outlet diameter doB 12 mm

2.1.5 Hydraulic accumulator

The selection of a hydraulic accumulator is a central part of this thesis. There
is a wide range of alternatives available, such as spring loaded or suspended
mass accumulators. However, for most hydraulic applications the pressurized
gas version is utilized due to its simplicity and compact design. These are
further divided into three major types: piston, diaphragm and bladder type
accumulators [15]. Out of these alternatives the diaphragm type accumulator
is selected due to its of the shelf availability and its quick response time, which
is due to its low internal friction.

Based on the simulation results in Section 4.2 a Bosch-Rexroth 0.7 liter
accumulator is selected (code: HAD0.7-250-1X/80G04A-1N111-BA) [16] and
the precharge pressure is set to 10 bar. The diaphragm material is nitrile
butadiene rubber (NBR) which according to the manufacturers datasheet
[16] can only sustain temperatures of -10 ◦C and higher, which effectively
sets this as the lowest operating temperature limit for this setup.

2.2 Sensors

The sensors implemented into this research setup are pressure, flow, torque
and piston position sensors. This section introduces these in the order stated
in the preceding sentence.

2.2.1 Pressure sensor

This research setup implements four pressure sensors located in the near
vicinity of the high-pressure and low-pressure sides of the pumps. The sensors
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utilized are GEMS 3100 series (code: 3100R0400S01E000) thin film pressure
transducers (Figure 2.5) [17]. They are rated for a pressure up to 400 bar,
making them slightly oversized for this application, as the servomotor can
only produce enough torque for about 140 bar. The 0-5 volt pressure signal
is filtered by a low pass filter with a cutoff frequency of 125 Hz.

Figure 2.5: Pressure sensor GEMS 3100 [17]

2.2.2 Flow sensor

Flow is measured with a Kracht VC1 gear type flow meter (code: VC1F1PS)
[18]. The device works in the same way as a hydraulic external gear motor
by having two intermeshing gears that are rotated by the flow of the fluid.
A magnetic sensor located on the perimeter of the gear generates a signal
when a gear tooth sweeps by. The signal is processed and converted into a
square wave signal which is sent forward to a Kracht AS8 volume counter [19].
The AS8 is programmed with the known displacement of the flow meter and
calculates the flow rate based on the frequency of the incoming pulses. The
rated flow for this specific sensor is 0.4-80 l/min and the maximal working
pressure is 400 bar.

By using the known pressure and flow the energy level in the A-side can be
calculated as

Ehydr =

∫ t

0

pq · dt, (2.7)

where Ehydr is the hydraulic energy, p is the observed pressure and q is the
flow rate. The efficiency of the A-side pump can be calculated by comparing
this energy measure to the one presented in the following section.
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2.2.3 Torque sensor

Two identical NCTE series 2000 (code: 2200-17.5-0) [20] rotary torque sen-
sors (Figure 2.6) are installed on either side of the gearbox so that the power
transferred to each pump can be observed. The sensors have a rated torque
of 17.5 Nm with a maximal permitted torque of 35 Nm. The 0-5 V output
signal is filtered through a low pass filter with a cutoff frequency of 125 Hz.
Figure 2.7 shows the physical placement of these sensors, as well as the other
mechanical components in the powertrain. These sensors provide the oppor-
tunity to calculate the efficiency of the servomotor and gearbox combination
by calculating the energy consumed as:

Eshaft =

∫ t

0

(
2∑
i=1

Ti

)
dθs
dt
· dt, (2.8)

where Ti is the shaft torque registered at each sensor and dθs
dt

is the angular
velocity of the shaft, which can be calculated from the rotational speed of
the servomotor by adjusting for the gear ratio.

Figure 2.6: Torque sensor NCTE series 2000 [20]

18



Chapter 2: Setup description

Figure 2.7: Picture of powertrain

2.2.4 Wire incremental encoder

A wire actuated encoder runs alongside the cylinder. The wire is fixed to
the same fastening points as the cylinder, making it possible to measure the
position of the piston. The sensor used is a SIKO SGI wire incremental
encoder (code: SGI-3500-0-SK-S-JA) [21], which consists of steel wire spun
around a drum. This drum is connected to a SIKO IV58M (code: SGI-
3500-0-SK-S-JA) [22] magnetic encoder. This sensor has a resolution of 0.1
millimeters.

2.3 Electrical components

The electrical components include those that were not already introduced
in the preceding section. These are the frequency converter which runs the
servomotor, the data acquisition card which records sensor data and the
power analyzer which measures the power taken from the electrical grid.
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2.3.1 Frequency converter

The servo motor driver is an Emerson Unidrive SP1406 frequency converter
[23]. It is connected to the control computer via an Ethernet cable over which
control signals are sent to the drive and rotational speed and estimated torque
are sent back to the computer.

2.3.2 Data acquisition card and control system

Data acquisition is performed using a National Instrument NI USB-6218
unit (Figure 2.8) [24]. It has 16 differential or 32 single ended analog input
channels with an analog to digital converter resolution of 16 bits, as well as 8
digital input/output channels. It is connected via an USB cable to the control
computer onto which Labview 2014 SP1 is installed. The Labview software
takes care of the signal processing and data logging as well as provides the
control signals to the servomotor drive. The sampling period utilized is 30
milliseconds which corresponds to a sampling rate of 33.33 Hz.

The servomotor can be controlled in three different ways: a preprogrammed
speed cycle, PID control or manual control with a joystick. The PID-control
has proven to be demanding as the accumulator and the presence of free air
in the oil causes non-linearities in this system.

Figure 2.8: National instrument USB-6218 [24]

20



Chapter 2: Setup description

2.3.3 Power analyzer

To measure the power this setup is taking from the electrical grid a HIOKI
3310 [25] power analyzer is utilized. The voltage and current in each phase
is measured using the 3-phase 3-wire 3-measurement (3P3W3M) in delta
configuration. The power analyzer calculates the active power and stores
this on a flash drive in order to reduce possible sources of signal noise. The
measured power is also sent to the DAQ so that the data from the flash drive
can be synchronized with the rest of the measurements. The equation for
calculating the energy consumed from the power grid is:

Eelec =

∫ t

0

(
3∑
i=1

UiIi

)
· dt, (2.9)

where Eelec is the electric energy input, Ui is the voltage and Ii is the current
observed in phase wire i [25]. Based on this initial energy, the efficiencies
of all subsequent energy consumers can be calculated with Equations 2.10 -
2.13.

η̂freq+motor =
Êservomotor
Eelec

, (2.10)

η̂gearbox =
Eshaft

Êservomotor
, (2.11)

ηpump =
Ehydr
Eshaft

, (2.12)

ηsystem =
∆Epot
Eelec

, (2.13)

where η̂freq+motor is the estimated efficiency of the frequency converter and
servomotor, η̂gearbox is the gearbox efficiency, ηpump is the A-side pump effi-
ciency and ηsystem is the total efficiency of the system in regard to change of
potential energy (∆Epot).
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3. Simulation model

This chapter introduces the simulation model that is created to track the
behavior of the physical setup. Only the hydraulic part of the setup will
be implemented, and the input to the simulation is the rotational speed
measured by the servomotor. The outputs are entities of interest, such as:
pressures in each chamber, the position of the piston, torques required by
the pumps and flow rates.

A hydraulic system can be thought of as a network of pumps, actuators,
fluid volumes and flow resistors interacting with each other [26]. Figure 3.1
illustrates this topology and can, for example, represent the A-side subsystem
consisting of a pump, hose and cylinder chamber.

Pump  Volume  Volume ActuatorFlow 
resistor

q1 p1

p1 q2

q2

p3

p3

q2

   (n)    (F)OutputInput

Figure 3.1: Simplified topological representation of parts of the system, in-
spired by [26]

The spaces between mechanical components consists of fluid volumes such as
pipes, hoses, cylinder chambers etc. In general, any space that can be occu-
pied by a fluid can be described as a fluid volume. The pressure generated
in a closed volume is given by:

dp

dt
=
B(p)

V

(∑
q − ∂V

∂t

)
, (3.1)

where B(p) is the bulk modulus of the fluid as a function of pressure, V is
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the total volume and q is a flow going in or out of the volume.

Flow resistors are any type of entities that restrict the free flow of the fluid,
examples of this include throttle valves and restrictive orifices. A simplified
mathematical representation of a restrictive (turbulent) orifice is given in
Equation 3.2.

qv = CqAo

√
2∆p

ρ
, (3.2)

where qv is the flow trough the orifice, Cq is a discharge coefficient, Ao is the
area of the orifice, ∆p is the pressure difference over the orifice and ρ is the
density of the fluid.

3.1 Cylinder model

A hydraulic cylinder can be represented as two volumes (A- and B chamber)
of varying size separated by a moving piston. The equations for the pressure
change in the chambers can be derived from equation 3.1 by making a few
simplifications [27] :

• The leakage over the piston seal is assumed to be laminar

• There is no external leakage

• The pressure is evenly distributed in the chamber

The volume in the cylinder chambers depends on the area of the piston, its
position and the dead volume. The dead volume is the minimum volume of
a cylinder chamber, which is observed when the piston is in an end position,
and it consists of the clearance between the cylinder wall and the piston head
and the volume of the inlet port. The volumes VA and VB for the cylinder
chambers are given by:

VA = V0,A + AAx, (3.3)

VB = V0,B + AB(s− x), (3.4)
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Fr

dB

qA
qB

qL

pA

pBV0,A V0,B

Fcyl

dA

s

x dead volume

Figure 3.2: Representation of a hydraulic cylinder

where V0,A and V0,B are the dead volumes, x is the current position and s is
the stroke of the piston. Refer to Figure 3.2 for a graphical illustration of
these parameters.

The equation for a laminar leakage flow is given by [27]:

qL = KL(pA − pB), (3.5)

where KL is a constant, pA and pB are chamber pressures. Combining equa-
tions 3.1, 3.3, 3.4 and 3.5 results in a model for the change of pressure in the
cylinder chambers, which is:

dpA
dt

=
B(p)

V0,A + AAx

[
qA −KL(pA − pB)− AA

dx

dt

]
, (3.6)

dpB
dt

=
B(p)

V0,B + AB(s− x)

[
qB +KL(pA − pB) + AB

dx

dt

]
, (3.7)

where B(p) is the bulk modulus. Section 3.1.5 explores this parameter in
greater detail.

The pressure difference in the cylinder give rise to a force acting out from
the piston shaft. This force is partially counteracted by the friction forces
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generated by the piston head and piston shaft seal. The net force that the
cylinder outputs, Fcyl, is given by:

Fcyl = pAAA − pBAB − Fr − Fend, (3.8)

where Fr is the friction force and Fend is the end force. This force (Fend) is
explained in more detail Section 3.1.3.

3.1.1 Modeling friction force

Friction is a complicated phenomenon to model, as it is not constant and
varies depending on the relative velocity of the contact surfaces, as well as
exhibits nonlinear properties. In addition, the force needed to overcome
the static friction is greater than the force needed to keep the system in
continuous motion. This can cause a phenomenon known as stick-slip motion,
which occurs when the velocity drops below a critical point into the static
friction region. This static friction is greater than the dynamic friction, as a
consequence, the system will come to a stop. If the force acting on the system
is constant, it will build up until the force overcomes the static friction force
and the system is again set in motion. The result of the switching between
friction regions is a jagged motion characterized by periods of zero and non-
zero velocity, in other words, stick-slip motion. [28]

The friction force has also been shown to lag behind the change of velocity
or load. When one of these factors change, there will be a delay of a few
milliseconds before the friction force matches its theoretical value. The elas-
ticity of materials leads to a pre-sliding displacement in the static friction
force region. In effect, the surface will deform elastically for a few microme-
ters and cause a minor displacement even at zero velocity as long as the force
is positive. When sufficient external force is applied, the breakaway force is
overcome and the system is set in motion. This required break-away force is
not static and depends on the length of time the system has been in rest and
the thickness of the lubricating oil film [29]. In addition to the characteristics
mentioned above, the friction force also displays hysteresis. [28]

The LuGre model [14] is utilized to implement friction in this research setup.
This model is able to capture the effects of pre-sliding displacement, frictional
lag, variable friction force and stick-slip motion. It is given as:

Fr = σ0z + σ1
dz

dt
+ σ2v, (3.9)
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dz

dt
= v − σ0z

g(v)
|v|, (3.10)

g(v) = Fc + (Fs − Fc)e−( v
vs

)2 . (3.11)

The parameters in equations 3.9 to 3.11 are summarized in Table 3.1.

Table 3.1: LuGre model parameters [14]

Symbol Explanation
1. σ0 average stiffness of bristles
2. σ1 average dampening of bristles
3. σ2 viscous friction coefficient
4. z average deflection of bristles
5. v relative velocity of surfaces
6. Fc Coloumb friction
7. Fs static friction
8. vs Stribeck velocity

Parameters 1, 2 and 4 (σ0, σ1 and z) can be explained more intuitively by
imagining the friction surface as a contact between elastic bristles (Figure
3.3) [14]. These bristles act as a spring-damper system when the system is
not in a steady-state condition. For the system being modeled, this means
that the piston seal will first bend and deform (pre-sliding displacement)
before it slips and starts to move. The rest of the parameters (3, 5-8) (σ2,
v, Fc, Fs and vs) are illustrated in Figure 3.4. The friction force depends
on the relative velocity of the contact surfaces. This force decreases starting
from the break-away friction (Fs) as a function of the relative velocity until a
certain tipping point. This point is described as Stribeck velocity (vs) which
is the point on the graph where the viscous friction takes dominance and the
total friction force increases.
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ẋẋ

σ0
σ1

z

Figure 3.3: Friction represented as contact between bristles [30]

Figure 3.4: Stribeck curve
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3.1.2 Identifying friction parameters

To identify the parameters used in the LuGre friction model, an experiment
needs to be performed. For this purpose, the cylinder is detached from the
boom and run with different constant speeds. The pressure levels in each
chamber and the velocity of the piston is recorded, from which the friction
forces can be calculated as

Fr = pAAA − pBAB − Fcyl. (3.12)

Since the cylinder is unloaded, Fcyl effectively becomes zero. The friction
force for each constant velocity is averaged over the steady-state condition in
order to remove the effects of measurement noise, as suggested by Márton et
al. [31]. The magnitude of the static friction is observed from the force peak
after a change in velocity. The Matlab function lsqnonlin [32] is utilized to
fit the Stribeck function to the measured data. The result is presented in
Figure 3.5.

       




































Figure 3.5: Measured friction and fitted data
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The constant σ0 is calculated using Hooke’s law:

σ0 =
F

X
, (3.13)

where F is the static friction force Fs and X is the displacement of the
compressed spring, which in this case is the displacement of the piston seal.
This displacement is estimated to be 0.1 millimeters. σ1 is calculated by
taking the square root of σ0 as suggested by [27]. The estimated friction
parameters are summarized in Table 3.2.

Table 3.2: Estimated friction parameters

Symbol Value
σ0 300000 N/m
σ1 547.72 Ns/m
σ2 41195 Ns/m
Fc 87.61 N
Fs 300 N
vs 0.0005 m/s

3.1.3 End force

To contain the virtual piston in the cylinder space an end force model is
required. This model is in effect when the position of the piston (x) is either
below zero or greater than the stroke (s). It is modeled as a spring-damper
system with a counteracting force proportional to the position and speed
of the piston. The purpose of this model is to create a counteracting force
when the piston moves outside of the physical boundaries of the cylinder,
thus containing the piston within it. In practice, the position will slightly
exceed the limits by a few percent, but this has no significant effect on the
end result. The force is given by:

Fend


−Kendx− bend dxdt , x < 0,

0, 0 ≤ x ≤ s,

−Kend(x− s)− bend dxdt , x > s,

(3.14)

where Kend and bend are proportional constants. The net force of the cylinder
is subtracted with this end force, which in normal operational range is zero.
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3.1.4 Cylinder inlet and outlet

The inlet and outlet ports of the A- and B-chambers act as flow resistors
since the diameter of the orifice is smaller than the hoses leading up to the
cylinder. The inlet/outlet ports of the cylinder can be simplified as a round
orifice of zero length. The equation describing a restrictive orifice was given
in Equation 3.2, but this is not applicable here. This is because of how the
ordinary differential equation (ODE) solvers simulates the behavior of the
orifice. These are unable to calculate the flow when the pressure difference
over the orifice is close to zero [33]. The reason for this is that the derivate
of the flow rate (Q) with respect to pressure (∆p) tends towards infinity
as the pressure difference tends towards zero, causing a singularity in the
simulation [34]. This problem is avoided by implementing the modified orifice
flow formula suggested by Ellman and Piché [33]. Their suggested model for
the flow rate is:

Q(∆p) =

{
CturbAo

√
2∆p
ρ

∆p > ptr
3AoνRtr

4D
(∆p
ptr

)(3− ∆p
ptr

) 0 ≤ ∆p ≤ ptr
(3.15)

ptr =
9Rtrρν

2

8C2
turbD

2
(3.16)

Q(−∆p) = −Q(∆p) (3.17)

The parameters in Equations 3.15 to 3.17 is given in Table 3.3.

Table 3.3: Parameters for the modified orifice flow formula [33]

Symbol Explanation
Cturb turbulent discharge coefficient
Ao orifice area
∆p pressure difference over orifice
ρ density of fluid
ν kinematic viscosity of fluid
Rtr transition Reynolds number
D orifice diameter
ptr transition pressure

This presented model gives the flow rate as a linear function when the pres-
sure difference is close to zero. The traditional turbulent flow rate equation,
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given in Equation 3.2, takes dominance when the pressure exceeds the transi-
tion pressure (ptr). There is an exponential smoothing function implemented
in the model to make the transition from linear (laminar) flow to quadratic
(turbulent) flow continuous.

3.1.5 Bulk modulus

The bulk modulus is a parameter describing the compressibility of fluids and
it is an important parameter in the pressure generation equation (Equation
3.1), as it effects the rate of change of pressure. The total compressibility of
the system is called the effective bulk modulus (Beff ) and takes into account
the effects of the compressibility of the liquid, gas and container [1]. The value
of this bulk modulus is mainly affected by three things: pressure, temperature
and the air content of the oil [35]. The air is present in various forms: free air
which shows itself as air pockets, entrained air which consists of air bubbles
mixed with the oil, and completely dissolved air [35].

For this simulation, numerous models for the effective bulk modulus have
been tested, out of which the simplest is:

Beff = constant. (3.18)

However, this model is found to be unsuitable for this application as it can’t
replicate the change of pressure well enough. This likely occurs as the pres-
sure levels observed in this setup under normal loads, are relatively low.
Under these conditions, the free and entrained air in the fluid is not fully
compressed, which reduces the effective bulk modulus. The pressure level
under normal conditions in the system is in the region of 0 to 30 bar.

To deal with this, a model that is dependent on pressure and air content is
necessary. Three other bulk modulus models was tested: the Nykänen [36],
Cho [37] and the extended Wylie-Yu model [38]. The common factor for
these models is that they all capture the pressure dependency and include a
term for the air content of the fluid.
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Figure 3.6: Comparison of bulk modulus models

It was found that for this application, the three models gives an almost
identical result, as these are all able to capture the pressure generation in
a satisfactory way. Therefore, the choice of model is not a critical decision
which is in line with the conclusion given in [39]. The simplified Nykänen
model, as presented in [35], is chosen for this application due to its relative
simplicity and low numbers of unknown variables. It gives the bulk modulus
as:

BNykänen =

(
(po
p

)
1
NX0 + 1−X0

)2

X0

Np
(p0
p

)
1
N + 1−X0

Bliq

, (3.19)

where p0 is the initial pressure, p is the pressure, N is the polytropic constant,
X0 is the relative amount of free air and Bliq is the bulk modulus of the liquid.
In order to make the numerical solution possible it is necessary to limit the
value of the bulk modulus to a minimum value:

Beff = max(BNykänen, Bmin), (3.20)
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where Bmin is the lower limit for the bulk modulus. A value of 0.1 % of Bliq

is found to provide reasonable results. A comparison of the bulk modulus
models introduced above is presented in Figure 3.6 for a specific test run. It
is evident from this picture that the constant model (blue line) provides a
bad replication of the measured pressure (red line). The Nykänen, Cho and
Extended Wylie-Yu model are on the other hand almost inseparable from
each other and the measured pressure.

3.2 Pump model

This section presents the equations used to simulate the behavior of the
pumps. The pumps have two major functions in this simulation: firstly, these
produce a positive or negative flow depending on the work cycle. Secondly,
the pumps require a certain torque at a given pressure to be able to produce
the requested flow. This torque required by the pumps can be calculated as
a function of the pressure difference over the pumps.

In the simulation model the rotational speed measured by the servomotor
is an input to the pumps. The output is the flow produced and the torque
required.

3.2.1 Pump flow

A general equation for the flow produced by a pump is:

qpump = nPDPηv, (3.21)

where nP is the rotational speed of the pump, DP is the rotational displace-
ment, and ηv is the volumetric efficiency introduced in Section 2.1.2. This
equation (3.21) assumes that the pump is a continuous flow source and that
the leakage is constant in respect to pressure and temperature. In reality, the
flow rate of the pump is a function of the rotational angle of the gears which
leads to a small fluctuations in the flow. Additionally, there are internal leaks
from the pressure side to the tank side and external leakage channel due to
the axial and radial clearances. The leakage through these gaps is dependent
on the differential pressure over the pump and the viscosity of the fluid, of
which the latter is known to be a function of the oil temperature [1]. These
leakage paths are illustrated in Figure 3.7.
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Figure 3.7: Leakage in an external gear pump

The small variation of the flow produced by the pump due to the gear an-
gle can be ignored for this application as the rotational speed is large which
makes the flow approximately continuous. The simplification that the leak-
age is constant is on the other hand not acceptable. The flow rates on either
side of the cylinder depend mainly on the capacity of the pumps. Since this
setup has a sizing error, pressure will build up in the B-chamber side of the
cylinder as oil is not pumped out at a matching flow rate. This rise of pres-
sure will increase the leakage trough the pump in an uneven fashion, which
makes accurate pressure estimation impossible using the general equation
introduced in this chapters introduction (Equation 3.1). Therefore, this will
be modified into:

qpump = nDP −
∑

qLpump(∆p, T ), (3.22)

where
∑
qLpump(∆p, T ) is the sum of all internal and external leaks in the

pump as a function of pressure and oil temperature. This leakage can be cal-
culated using analytical methods as suggested by [40], [41], and [42], however,
this approach would require a dismantling of the pumps to measure clear-
ances and gear tooth dimensions. An alternative approach is to measure the
leakage and to draw conclusions from the empirical data. The procedure for
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this will be described next.

The entity of interest is the internal leakage in the pumps caused by an
external pressure of different magnitude and the effects of variable oil tem-
perature. The experiment is constructed in the way outlined ahead. The
shafts of the pumps are locked to prevent rotation and the external leakage
channels are plugged. A pressure sensor is added to either side of the pumps
so that the pressure difference can be calculated. However, since the pressure
observed at the tank side reaches at most 1 bar, it is ignored and the pressure
is approximated to 0 bar throughout the measurements.

The pressure is generated by an additional pump, which is fitted with an
adjustable pressure reducing valve that sets the pressure level. The temper-
ature is measured using the external systems own sensor embedded in the oil
tank. The flow going to the pump is measured with a Kracht VC 0.2 flow
sensor. The hydraulic schematic for this experimental setup is illustrated in
Figure 3.8 and the physical setup is illustrated in Figure 3.9.

The pressure levels for the measurements is set between 7 and 130 bar. The
lower limit is due to the limitations of the pressure reducing valve. A series of
measurements is done at constant temperature, but with varying pressures.
The temperature is set to five different levels: 18, 23, 30, 40 and 50 ◦C with
an observed maximum in sample variation of 1.8 ◦C. An additional data
point is added to each series consisting of zero pressure and flow. This was
added as it makes sense from a physical point of view and it serves to pull
the estimate closer to zero when no pressure difference exists.

Based on the data obtained, a cross sectional linear regression is performed.
The regression equation has the form:

qLpump(∆p, T ) = α0 + β1∆p+ β2

√
∆p+ β3ln(T ) + ε, (3.23)

where α is the regression intercept, β1, β2, β3 are regression constants and ε
is the error term. Coefficients β1 and β2 can be interpreted as the amount of
laminar and turbulent leak flow in the pumps. The results of the regression
are shown in Table 3.4. From this table it is evident that all coefficients
are distinctly statistically significant, except for the A-side pump laminar
leakage parameter (β1) which just barely clears the 5 % significance cutoff.
The adjusted R2 value of this regression is high leading to the conclusion
that this model is feasible and is able to capture most of the trends in the
data.
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Kracht VC 0.2
flow sensor

Locked shaft

External leak
channel plugged

Gems 3100
pressure sensor

External pump

Figure 3.8: Schematic of experimental setup

Table 3.4: Regression results

Parameter Coefficient P-value † Partial R2

A-side pump α (intercept) -0.000361545 0.0000** 0.8414
(22.80 cm3/rev) β1 (∆p) -2.65548e-013 0.0480* 0.0657

β2 (
√

∆p) 4.43707e-009 0.0000** 0.5557
β3 (log(T )) 6.30177e-005 0.0000** 0.8406
Number of observations: 62
Adjusted R2: 0.95204

B-side pump α (intercept) -0.000235770 0.0000** 0.6713
(14.40 cm3/rev) β1 (∆p) 6.09061e-013 0.0000** 0.2469

β2 (
√

∆p) 1.95831e-009 0.0001** 0.1837
β3 (log(T )) 4.11706e-005 0.0000** 0.6709
Number of observations: 76
Adjusted R2: 0.94384

* Significant at 5%
** Significant at 1%
† H0: α, β1, β2, β3 = 0

H1: α, β1, β2, β3 6= 0
Units of measurements are Pascal (Pa) and Kelvin (K)
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Figure 3.9: Experimental setup for measuring leakage. The external pump
and pressure relief valve are not visible in this figure

The original measurements and the respective fitted lines are illustrated in
Figures A.1 and A.2 found in Appendix A. Note that the B-side pump clearly
has a more dominating linear trend compared to the A-pump, which is evi-
dent from the values and respective significances of these parameters. This
fitted model somewhat underestimates the effects of higher oil temperatures
on the leak rate, but otherwise it is able to provide a good in-sample re-
sult. However, it has poor out of sample properties which is made clear by
calculating the following example. If the leak flow for the A-side pump is
calculated with ∆p = 20 bar and T = 0 ◦C the resulting leak flow is -0.51
l/min which would imply that oil is leaking in from the environment. Clearly
this makes no sense and will result in unrealistic results. Therefore, there
is a need to select the measurement range so that it includes the intended
operating conditions. For this simulation model, this problem is mitigated
by limiting the leak rate to only positive values.

3.2.2 Pump torque

The torque requested by the pump is given by the general equation:
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Tpump =
∆pDP

2πηhm
, (3.24)

where ηhm is the hydro-mechanical efficiency of the pump. This equation
can be manipulated in a similar fashion as in the section above by replacing
ηhm with a more accurate model. For example, the following model could be
utilized:

Tpump =
∆pDP

2π
+
∑

Tloss, (3.25)

where
∑
Tloss is a model describing the torque losses due to friction. This

model could be based on the LuGre model introduced in section 3.1.1 but
with its linear entities replaced by angular counterparts. However, this is not
done in this thesis and instead a constant efficiency is utilized.

The total torque acting on the common shaft connected to the gearbox is
simply a sum of the two torques calculated for either pump:

Tshaft = TpumpA + TpumpB, (3.26)

where TpumpA, TpumpB are the torques at respective pumps. This can be
compared to the torque observed by the servomotor by scaling with the gear
ratio which is known to be 1:1.5.

3.3 Hose model

The hoses leading from the pumps to the cylinder chambers are described
as static fluid volumes. The pressure in these hoses in important for the
calculation of ∆p in Section 3.1.4. This pressure is calculated using Equation
3.1 and utilizes the same Nykänen bulk modulus model as was introduced in
Section 3.1.5 (Equations 3.19 and 3.20):

dp

dt
=
B(p)

Vhose
(qpump − qcyl), (3.27)

where Vhose is the volume of the hose and qcyl is the flow going in to the
cylinder. The hoses leading from the tank to the pumps is not implemented in
the simulation as these are approximately pressureless and have little impact
on the system as a whole.
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3.4 Load model

The load in this setup consists of a crane with one joint and a suspended
mass. The net force acting on the boom will result in an acceleration around
the joint (Θ). This acceleration is given by Newton’s second law for rotation:

∑
MΘ = J

d2θ

dθ2
(3.28)

where MΘ is a torque acting on the joint, J is the moment of inertia of the
boom and load and d2θ

dθ2
is the angular acceleration. A free body diagram of

the boom crane is illustrated in Figure 3.10.

r1

rcyl

r2

rload

α

β
θ

mload

m2m1

Fcylr
cylL

r
cylU

Θ

xtot

x

Figure 3.10: Free body diagram of crane

The torques acting on the boom with respect to joint Θ can be calculated
as:

M = F⊥r, (3.29)
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where F⊥ is a force perpendicular to the radius r. It should be noted that
the forces caused by the various masses are always vertical, regardless of the
boom angle. This perpendicular force can therefore be obtained by applying
some basic trigonometry:

F⊥i = Fisin(θ) = migsin(θ), (3.30)

where F⊥i is a force perpendicular to the boom, Fi is a force vector, θ is the
angle of the boom, mi is a mass and g is the gravitational constant. The
angle of the cylinder (α) is varying both in relation to the cylinder and the
absolute coordinate system. Its perpendicular force is:

F⊥cyl = Fcylsin(α), (3.31)

where Fcyl is the force that the cylinder exerts on the boom and α is the angle
between the cylinder and the boom. The angular acceleration is obtained by
combining Equations 3.28 - 3.31:

d2θ

dt2
=
gsin(θ)(−m1r1 −m2r2 −mloadrload) + Fcylrcylsin(α)

J
. (3.32)

By solving this differential equation the angle θ is retrieved which can be
used to find the angles α and β. Since β is defined around the same axis as
θ it follows that:

β = β0 +

∫ t

0

dθ

dt
· dt, (3.33)

where β0 is the angle when the cylinder is fully retracted and t is the simu-
lation time. The angle α is present in Equation 3.32 and the value for this
can be calculated with the sine rule, which yields:

sin(α) =
rcylU
xtot

sin(β), (3.34)

where rcylU is the distance to the upper fastening point of the cylinder and
xtot is the length of the cylinder plus the stroke of the piston (which was
defined as x). xtot is derived using the cosine rule:

x2
tot = r2

cylU + r2
cylL − 2rcylUrcylLcos(β), (3.35)
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where rcylL is the distance to the lower fastening point of the cylinder. The
main purpose of the load model is to receive the absolute value for the cylinder
force and return the velocity of the piston. This velocity is obtained by taking
roots on equation 3.35 and deriving with respect to time, which gives:

dx

dt
=

rcylUrcylL
dβ
dt
sin(β)√

r2
cylU + r2

cylL − 2rcylUrcylLcos(β)
. (3.36)

3.4.1 Moment of inertia

The moment of inertia is an important parameter in Equation 3.32 and,
therefore, requires accurate estimation. For this purpose, the physical di-
mensions of the boom extension is measured and replicated as a computer
assisted design (CAD) model. The CAD-software PTC Creo Parametric 3.0
is utilized for this and the two centers of mass shown in Figure 3.10 and cor-
responding radii are calculated by the software. The total moment of inertia
for the crane, weight plates, plate holder can then be calculated with:

J =
∑

mir
2
i , (3.37)

where mi is a mass and ri is the distance to mass mi from the rotational
point of origin (Θ). The CAD-model is presented is Figure 3.11, and the
estimated parameters are: m1 = 17.06 kg, r1 = 394.2 mm, m2 = 29.65 kg,
and r2 = 1109.5 mm.

Figure 3.11: CAD model of boom extension

41



Chapter 3: Simulation model

3.5 Hydraulic accumulator model

The accumulator model is similar to the cylinder model as it likewise consists
of a container with two fluid chambers that are separated by some non-
static medium. In the diaphragm type accumulator this medium is a rubber
membrane instead of a steel piston. The accumulator is connected in a
parallel configuration to the circuit with the use of a tee-fitting. The flow
through this is governed by Kirchhoff’s first law:

qB = qBT + qAcc, (3.38)

where qB is the flow out of the cylinder, qBT is the proportion of flow going
to the tank (through the pump) and qAcc is the flow into the accumulator.
This is illustrated in Figure 3.12 along with the other parameters that will
be used in this section.

qB

qBT

qAcc
Vgas

pgaspfluid

Vfluid

d A
cc

Figure 3.12: Illustration of diaphragm-type hydraulic accumulator

The volume of the accumulator can be divided into two parts:

VAcc = Vgas + Vfluid, (3.39)

where VAcc is the total volume (as specified by the manufacturer), Vgas is
the portion occupied by the gas and Vfluid is the volume of the fluid part.
Because the accumulator is in this setup mainly utilized to dampen pressure
peaks and not store energy, the heat losses out of the system can be ignored.

42



Chapter 3: Simulation model

The process taking place in the gas chamber can be simplified as reversible
adiabatic process for which the following holds:

pV γ = constant, (3.40)

where γ is the adiabatic constant (which is 1.4 for nitrogen). By expanding
Equation 3.40 the following is obtained:

pgasV
γ
gas = ppreV

γ
Acc, (3.41)

where ppre is the precharge pressure, which is the initial pressure that is set
to the accumulator. The pressure of the fluid in the accumulator can be
obtained by rearranging Equation 3.41 and noting that the gas and fluid
pressure are approximately equal:

pfluid =
ppreV

γ
Acc

V γ
gas

+ pHS, (3.42)

where pHS is the hard-stop contact pressure. However, the entity of interest
is the flow going into the accumulator (qAcc) as this will control the amount of
fluid in the hose between the cylinder, tank, and accumulator and therefore
affect the pressure. This flow can be obtained by noting that there is a re-
strictive orifice in the accumulator inlet, and by applying Ellman and Piché’s
modified orifice flow formula (Equations 3.15, 3.16 and 3.17). The input to
this is the pressure calculated in the hose model and the accumulator fluid
pressure, given above.

The hard stop contact pressure (pHS) in Equation 3.42 is a compensating
term whose purpose is to raise or lower the pressure in the accumulator if
the virtual volume of this exceeds its real, physical limits. This concept was
introduced earlier for the cylinder model in Section 3.1.3: End force. In
this case, only a constant term, proportional to the volume is applied. This
equation is given as:

pHS =

{
−KsVgas, if Vgas > 0.99VAcc,

0, otherwise,
(3.43)

where Ks is the proportional constant. Numerical stability is obtained when
this value is set to 1500 times the precharge pressure (ppre). The volume of
the gas is obtained by applying Equation 3.39 and by noting that
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Vfluid =
∫
qAcc. Additionally, it is necessary to limit the flow out of the

accumulator when the physical limitations has been broken (i.e. Vgas > VAcc).

The optimal size and precharge pressure of the hydraulic accumulator was
selected by simulation of different combinations of these. This procedure is
explained in more detail in Chapter 4.

3.6 Simulink model

The theory from the preceding sections in this chapter is used for creating
a Matlab/Simulink model of this system. This concists of multiple layers,
where each layer concists of one or more of the mathematical models derived
for each component. The top layer of the Simulink model is presented in
Figure 3.13, while selected parts of the rest, and the constant parameters
utilized, can be found in Appedix C. This simulation model is validated
against measured data from the physical setup and the results for this is
presented in Section 4.1 in the following chapter.
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Figure 3.13: Top layer of Simulink model
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4. Results and discussion

In this chapter the results for the simulations and measurements will be
presented. In the first section, the simulation model is validated against
measured data from the setup, and the accuracy of this model is evaluated.
The second section presents the methodology and results for the selection of
the hydraulic accumulator. Based on the results from this section, a suitable
accumulator is installed into the system. With this implemented, the energy
efficiency of the setup can be measured and evaluated, which is done in the
third section. These results raises the question of how well the this system is
able to generate heat during cold environments, as it is shown that hydraulic
oil at room temperature provides the greatest energy efficiency. The fourth
section investigates this, by measuring the rate of temperature increase for a
cold start and comments on the need for a heating system. The fifth section
comments on the effects of different mismatch ratios for system stability, and
the last section summarizes the findings of this chapter.

4.1 Simulation model validation

The model will be verified and validated using different measures. The ele-
ments of greatest importance are the realistic tracking of the cylinder piston
and accurate modeling of the pressure peaks. One important factor for these
is the realism of the leakage and friction models which were introduced in
the preceding chapter.

4.1.1 Leakage and friction model

The leakage of the pumps and the friction forces in the cylinder were mea-
sured in Sections 3.2.1 and 3.1.1, respectively. The accuracy of these models
are jointly evaluated in this section by measuring the slow descent of the
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boom. Since there are no valves implemented between the cylinder and the
driving pumps, the internal leakage leads to a retraction of the cylinder pis-
ton, which is partially counteracted by the friction forces of the piston seal.
The rate of descent is a function of the load (since more weight leads to more
pressure and more leakage), boom angle (the torque of the boom is greatest
when the angle is 90 ◦) and the viscosity of the oil, which is a function of
temperature.

The experiment is constructed in the following way: first, the boom is raised
to approximately 90 degrees after which the signal to the servomotor is cut.
Second, the system is left alone for one minute, during which the linear en-
coder is recording the actual position of the piston. This same procedure
is simulated using the simulation model and the two outputs are compared,
which is done by calculating the slope coefficient for the steady state descent.
This test is performed at 20 ◦C with different loads and the results are vi-
sualized in Figure 4.2. An example run of this experiment is presented in
Figure 4.1.


   






























°




Figure 4.1: Example output of rise and hold experiment

The results indicate that the methodology utilized for estimating the pump
leakage is suitable, as the general trend evident from the result is similar for
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the simulated and measured cases. However, a closer inspection of the results
in Figure 4.2 leads to the conclusion that there is some phenomena that this
model is unable to capture. The deviations from the measured descent rate
is most notable from 80 kg and higher. One potential reason to this is that
the angle of the gear wheel, and therefore the position of the gear teeth of
the pumps, can lead to different internal leakage rates.

          










































Figure 4.2: Measured and simulated slope coefficients

4.1.2 Position estimation

The ability of the simulation model to accurately track the piston movement
is evaluated in this section. For this purpose, four simulation cases are run:

• Ambient temperature 20◦C with hydraulic accumulator

• Ambient temperature 20◦C without hydraulic accumulator

• Ambient temperature -4◦C with hydraulic accumulator

• Ambient temperature -4◦C without hydraulic accumulator
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These simulations are compared to the actual piston position which was
recorded in a cold room. The load utilized in these measurements are 120 kg,
and the servomotor speed is limited to 500 rpm, for all cases. The deviation
from the actual measured value and the simulated value is calculated using
the adjusted mean average percentage error (AMAPE), which is given by
[43]:

AMAPE =
100

Tn

Tn∑
t=0

∣∣∣∣yt − ftyt + ft

∣∣∣∣ , (4.1)

where Tn is the number of observations, yt is the measured value, and ft is
the simulated value at time step t. This methods require both data vectors
to be of equal length, which is unlikely to occur as a variable-step ODE solver
is utilized. An alternative solution would be to use a fixed-step solver, but
this could potentially reduce simulation accuracy drastically. Instead, a lin-
ear interpolating procedure is used which retrieves data from the simulation
results at the same rate as the measured sampling rate. This will standardize
the vectors so that they are of equal length, without causing a significant loss
in accuracy.

A drawback with this measure is that it only calculates the vertical deviation
from the measured value. In this system, steep slopes are observed, especially
in the pressure graphs. A small lag of the simulated value (e.g. pressure) will
result in large vertical error, while the horizontal error on the other hand may
be small. Another disadvantage is that this measure will be slightly inflated
if one of the two values are consistently near zero, as is the case for the B-
chamber pressure. This is adjusted for by adding a positive constant offset
to the pressure measurements, which is chosen as the atmospheric pressure
(1.013 bar). Additionally, this measure might provide a misleading value as
there is a degree of measurement noise from the pressure sensors. The results
from the deviation calculations is reported in the next section.

Recall from Section 3.2.1 that the leak model does not accurately describe
the leakage at temperatures below 18 ◦C, since this requires extrapolation
of the fitted model. However, as shown in the resulting graphs (Figure 4.3)
this inaccuracy does not have an impact on the position estimation. The
simulation model is generally able to accurately estimate the piston position
for all loads, temperatures and servomotor speeds. However, there is an
indication of a persistent lag for the first non-zero position estimate, which
is most visible in the first, second and last graph of Figure 4.3. A possible
reason for this is that the transient friction forces are slightly misspecified,
meaning parameters σ0 and σ1. The accuracy of the pressure estimation is
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presented in the following section.
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Figure 4.3: Accuracy of simulated piston position
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4.1.3 Pressure estimation

The validation of the pressure estimation is performed using the same cases
as in the preceding section for piston position. The result for this is shown in
Figure 4.4, and the calculated deviations are presented in Table 4.1. These
results shows that the estimated leak model is accurate for room tempera-
tures, but significantly fails for lower temperatures. However, the pressure
estimate is still in the right direction, and can, therefore, be used as a suitable
proxy for evaluating this systems performance in cold environments.

The reasons for the cold temperature failures is mainly because the leakage
has not been measured for these operating conditions. The simplification
implemented in Section 3.2.1, that negative estimated leak rates is adjusted
to 0, is not an entirely accurate solution. This is strong evidence that for a
system intended for sub-zero temperatures, the leak rate must be measured
at the corresponding temperatures. This was not done in this thesis due
to the lack of an adequate cooling arrangement for the auxiliary pumping
system which was utilized in the measurements.

Another reason for the poor performance in cold temperatures is that the
effect of temperature on the bulk modulus model is not accounted for. The
value of the bulk modulus for liquids is known to increase as temperature
grows [35], which means that a greater value is warranted for lower tempera-
tures. Additionally, if the free air in the fluid approximately follows the ideal
gas law: pV = nRT , then the volume of it decreases as temperature drops
which affects the bulk modulus. This was noticed for this setup as lower
temperatures lead to a lower implied air content (X0 = 3.5-7.5 % for 20 ◦C
and X0 = 0.15-1 % for -4 ◦C).

Table 4.1: Devations of simulated and measured values

AMAPE (%)
Case Position A-chamber pressure B-chamber p.
20 ◦C, with accu 9.20 7.74 23.44
20 ◦C, without accu 13.80 6.84 20.23
-4 ◦C, with accu 18.60 28.90 35.69
-4 ◦C, without accu 14.51 33.92 29.97
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Figure 4.4: Accuracy of simulated pressure in A- and B-chamber
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4.2 Hydraulic accumulator selection

The criteria for the selection of a hydraulic accumulator for this system was
listed in the introduction and are repeated here:

1. The efficiency of the system should be the highest possible

2. The accumulator should not interfere with the required working pres-
sure

The simulation model introduced in the preceding chapter is utilized to solve
for the first criteria. A benchmark cycle is created to evaluate the impact
on energy efficiency for different accumulator parameters (Figure 4.5). The
benchmark cycle consists of two lifting and one lowering operation, of which
the latter is included so that the energy recovered in the accumulator is taken
into account. In essence, this is a weighted average for lifting and lowering,
out of which the former has a larger weight since it is of greater importance.

       























Figure 4.5: Cycle for evaluating hydraulic accumulator efficiency

The hydraulic accumulator parameters are the nominal size and precharge
pressure, out of which the former are incremented with 0.025 liter steps from
0.075 l to 0.7 l. The precharge pressure is varied from 2 to 40 bar with 2 bar
increments for a total of 520 simulations. In addition to this, different loads
(0 and 175 kg) and ambient temperatures (-10, 20, and 50◦C) are simulated
to give a good estimation of this systems behavior in various conditions. The
efficiency of each simulation case is recorded as a two data points, one for
the efficiency in relation to change in potential energy, η∆potential, and one for
efficiency in relation to hydraulic energy, ηhydr. The former is calculated as:
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η∆potential =
∆Epot
Emotor

,

and the latter as:

ηhydr =
Ehydr
Emotor

.

The results for this set of simulations is presented in the form of heatmaps
in Figure 4.7 and Figure 4.8, where a brighter color corresponds to a higher
efficiency.

An additional constraint to the choice of accumulator found in the manufac-
turers datasheet [16], is that the maximum fluid pressure in the accumulator
can be no more than four times the precharge pressure. This ratio, pmax/ppre,
is also calculated for each simulation case and the case showing the worst ra-
tios (-10◦C, 0kg) is presented in Figure 4.6. In this figure, the area under
the line titled ’4’ corresponds to a case where this criteria set by the man-
ufacturer is not fulfilled. Two other regions are included (pmax/ppre = ’3’
and ’2’) which represents safety factors that take into account the potential
inaccuracy of this simulation model.

Based on these three figures, the optimal choice of accumulator is found in
the lower right corner (0.7 liters and 2 bar precharge pressure), however this
would not satisfy the second selection criteria. The required working pressure
in the B-chamber can be deduced from the measured friction forces (Figure
3.5). A cylinder velocity of 0.05 m/s is desired for this application which
requires a force of at least 2150 N to overcome the friction. This corresponds
to a B-chamber pressure of 10 bar. The choice of hydraulic accumulator
parameters is therefore:

Nominal size: 0.7 l

Precharge pressure: 10 bar
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Hydraulic accumulator volume (l)

Figure 4.6: Worst case pressure ratios
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Figure 4.7: Simulated results for efficiency with respect to change in potential
energy
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Figure 4.8: Simulated results for hydraulic efficiency

4.3 Energy efficiency

The energy efficiency of this system is evaluated at different workloads, ser-
vomotor speeds and ambient temperatures. The workload is adjusted by
attaching 20 kg weight plates to the crane, servomotor maximum speed is
set by the frequency converter, and ambient temperatures is adjusted by the
climate control system of a cold room. Measurements are performed with 0,
60 and 120 kg loads (excluding the chain, holder and weight of the boom).
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The servomotor speed is limited to 250, 500 and 750 rpm, which ideally cor-
responds to a piston speed of 0.033, 0.066 and 0.1 m/s. However, the actual
measured speed is likely different due to friction losses and leakage. The
temperature is set to 20, 10, 5, 0, -4, and -10◦C with a one degree accuracy.
For comparison, each measurement is performed with the accumulator acti-
vated and deactivated (via a separate manually controlled shut-off valve). In
summary, 90 different measurements are performed, which provides a good
overview of this systems performance in various conditions.

The test cycle consists of a single lifting operation, aiming towards a full
stroke of the piston. The energy efficiency of the lifting operation is calculated
by comparing the change of potential energy to the energy taken from the
power grid. The former of these two is calculated by:

∆Epot =
∑

Mi∆θ, (4.2)

where ∆Epot is the change of potential energy due to the lifting operation,
Mi is a torque acting on the boom and ∆θ is the change of boom angle. This
is calculated as:

cos(θ) =
r2
cylU + r2

cylL − x2
tot

2rcylUrcylL
, (4.3)

where xtot is the length of the cylinder and the current stroke of the piston.
The change of angle is calculated as the end of run angle minus the initial
angle. It should be noted that the forces acting on the boom, and hence
creating a torque, is assumed to be constantly perpendicular. This simpli-
fication will distort the results slightly, but the error introduced by this is
small, as the swept angle is approximately symmetrical about the horizontal
axis. In some cases, especially during cold conditions and the accumulator
deactivated, the piston was unable to travel the whole length of the stroke
due to pressure rising to 140 bar, where lifting was halted. In the worst case,
the maximum achievable lifting height was limited to 7 centimeters. At this
pressure level the torque provided by the servomotor begins to saturate and
evidence of this is visible in the third piston position graph of Figure 4.3.
However, these results are still comparable to the others, since the lifting
height is incorporated into the energy efficiency equations (4.2 and 4.3).

The results from the measurements in the cold room is presented in Table B.1
in Appendix B. Each measurement series is grouped into temperature, then
sub-grouped into load, speed, and accumulator status. The latter, which
in this table is abbreviated as accu, and referred to as WO and W, is an
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indicator of whether the accumulator shut-off valve is activated or not. WO
is an abbreviation of Without accumulator and W is an abbreviation of With
accumulator.

In some measurement cases, the torque observed at the individual torque sen-
sors exceeded the nominal value of 17.5 Nm, resulting in a saturation of the
measured value. This has no impact on the overall system energy efficiency,
as the measured torque is not included in these calculations. However, it is
problematic in the calculation of the component specific efficiency calcula-
tions for the pumps, servomotor and gearbox. To overcome this issue, results
that are affected by this saturation are market with a star (*) and omitted
from calculations based on these.

A good estimation of the individual components efficiency can be obtained
if the measurement errors are assumed to be independent and identically
distributed with a mean of zero and by applying the central limit theorem
and the law of large numbers. These theorems states that given enough ob-
servations, any sample will approximately be normally distributed and the
expected value will converge to the population mean, which for these errors
are assumed to be zero. By taking averages over the individual measure-
ments for component efficiency, a suitable estimate is obtained. Cases where
the measured torque is saturated is excluded from these results which is
summarized in Table 4.2. The efficiency for the gearbox has two reported
values: one for 0◦C and above and another for sub-zero temperatures. The
reason for this is that the estimated gearbox efficiency is dramatically lower
for the -4◦C and -10◦C measurements. A possible reason for this is that the
lubricating properties of the grease in the gearbox is reduced during cold
temperature or that the torque estimated by the servomotor is unreliable at
sub-zero temperatures.

Table 4.2: Estimated component efficiency

Efficiency (%)
Servomotor 93.0 %
Gearbox 90.3 %
Gearbox (< 0◦C) 71.6 %
A-side pump 70.1 %

The following pages highlights the most important features selected from the
energy efficiency results in Table B.1. The measured efficiency for the 20◦C
measurements is illustrated in Figure 4.9, which shows that less energy is
wasted when the hydraulic accumulator is utilized (solid lines) compared to
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the initial setup configuration (dashed lines). Efficiency is also improved as
more load is added for two main reasons: more weight slows the piston speed
slightly, but more importantly, the A-chamber pressure increases due to the
higher load which leads to more leakage. Both factors have the effect of
lowering the average pressure during a lifting operation, reducing the torque
required to move the load. It is somewhat controversial to state that more
leakage leads to greater efficiency, but in this setup it serves as an important
moderator of excess pressure.

The greatest energy efficiency is achieved when a slow lifting speed is ac-
companied with a large load, which can be seen from Figure 4.9 to be about
90 %. This number can be used as a reference for how well an ideal system
would be able to perform. However, it is important to keep the approxima-
tion regarding the perpendicular forces in mind. The efficiency of 90 % is
assumed to be slightly overestimated, and the true value is likely smaller.

  






































Figure 4.9: Lifting efficiency at 20◦C

59



Chapter 4: Results and discussion

The results for measurements performed at 5◦C is presented in Figure 4.10.
The accumulator is shown to be highly effective at this temperature as the
dispersion of the two cases (accumulator activated and deactivated) is sub-
stantial. The greatest difference is observed at low lifting speeds (250 rpm),
where the energy efficiency is increased by 50 %. However, at this temper-
ature the overall efficiency is significantly lower compared to measurements
performed at room temperature. Pressure is rising more rapidly since the
viscosity of the oil is greater, leading to lower leakage in this system. The
lubricating properties of the fluid is also decreased since the droplets are less
able to penetrate into small crevices. This translates into greater friction
forces and therefore requires more torque from the servomotor to overcome
this.

  






































Figure 4.10: Lifting efficiency at 5◦C

The last measurement series to be highlighted is the -4◦C case which is pre-
sented in Figure 4.11. This clearly shows a further decrease in overall energy
efficiency, due to the previously listed reasons. An additional striking feature
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is that the superior performance of the hydraulic accumulator is diminished
compared to the case where it is deactivated. The only exception to this
is the 250 rpm case, which has some marginal advantage over the original
configuration. However, it should be noted that the setup with the hydraulic
accumulator was able to fulfill the complete stroke, while the other was not
able to go beyond 10 centimeters due to the pressure reaching the upper
pressure cut-off point. This is an indication that the utilization of the for-
mer is an adequate solution to the uneven flow rate issue, even though the
gain of efficiency is of lesser magnitude at low temperatures. The following
paragraph presents an exhaustive overview of all measurements performed
for 250 rpm, from which the most advantageous operating conditions for this
system can be derived.

  






































Figure 4.11: Lifting efficiency at -4◦C

Figures 4.12 and 4.13 presents 3-dimensional surface plots for the energy effi-
ciency as a function of operating temperatures and workloads. These show a
drastic improvement of energy utilization as temperatures and loads increase,
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and the case with hydraulic accumulator presents a clear advantage over the
other case. Unfortunately, this measurement series is unable to identify the
true optimal operating point for energy efficiency as the range of measure-
ments is not sufficiently wide. It is reasonable to assume that efficiency will
peak at some temperature close to 20◦C and then decrease as the benefits
of increased internal leakage will diminish and become a disadvantage. This
logic can also be applied to an increase of load to this system.

The fact that room temperature provides the most efficient operating point
is something that must be considered when direct driven hydraulics is im-
plemented, as the gains from this is substantial. A system intended for cold
environments receives great benefits by implementing a heating system for
the hydraulic fluid, or by switching to fluid with lower viscosity. For exam-
ple, the energy efficiency is quadrupled for the 120 kg load case when the
temperature is raised from -10◦C to +20◦C. In the following section, this
systems ability to generate internal heat from a cold start is evaluated and
from which conclusions about the need for an external heater can be drawn.
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Figure 4.12: Lifting efficiency as a function of load and temperature. Servo-
motor speed limited to 250 rpm and accumulator deactivated
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Figure 4.13: Lifting efficiency as a function of load and temperature. Servo-
motor speed limited to 250 rpm and accumulator activated

4.4 Long term heat generation

Pump controlled systems, like the direct driven hydraulics, are unlike the con-
ventional valve controlled systems mentioned in the introduction an effective
way of converting input energy to useful work. Usually this is considered an
advantage, but for cold starts it creates some issues. The valve controlled
systems generally generate substantial waste heat which leads to an increase
of oil temperature. Coolers are commonly utilized to limit the temperature
of the oil in order to increase system efficiency and protect components from
damage. For pump controlled systems this problem is reversed; an oil heater
might be necessary to increase the oil temperature.

This issue is investigated for this system by constantly running the piston
up and down until a steady-state temperature of the components is approx-
imately reached. This provides information about the potential need of ex-
ternal heating for cold operations. The starting point is set to -5◦C and a
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thermocouple placed in the middle and another at the bottom of the oil tank
records the temperature every 10 seconds. The workload is set to 60 kg and
the servomotor speed is limited to 500 rpm. The results of this measurement
are presented in Figure 4.14.
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Figure 4.14: Rise of oil temperature during continuous operation

This figure shows that the rise of temperature is starting to saturate to
a constant value after two hours of uninterrupted work. The steady-state
temperature for the sensor placed in the middle of the oil tank begins to
saturate at 7◦C, which is an increase of 13 degrees. This value is still far apart
from the advantageous room temperature, which means that the system is too
efficient to reach the optimal operating point using only waste heat. External
heating is, therefore, recommended for cold environments. Alternatively a
lower viscous oil can be utilized, which is a suitable topic for future research.

4.5 Impact of different mismatch ratios

By utilizing the Matlab/Simulink model the consequences of mismatch ratios
can be evaluated. For this purpose a set of simulations are performed with
different mismatch ratios and air content as input variables. The latter is
included since a larger content of free air introduces a delay in the increase
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of pressure and is therefore an important factor when a low-pressure system
is considered. The nominal size of the B-side pump is set to take values
of 14.1 cm3/rev to 20.1 cm3/rev with 0.1 cm3/rev increments corresponding
to a range of sizing errors of ±17.5 %. The fraction of free air parameter,
X0, is simulated with 1, 4, 7, 10, 13 and 16 % air content, for a total of
366 simulations. The simulated PID-controller runs the piston through one
full stroke and the maximum observed pressure for either of the cylinder
chambers is recorded. The result obtained from this is presented in Figure
4.15.

        


























































Figure 4.15: Maximum pressure observed for different mismatch ratios and
free air parameters, with the hydraulic accumulator deactivated

This figure indicates that for a hydraulic system with a low content of free
air, a sizing error of ± 2% causes no excess pressure. The negative effects of
mismatch can be reduced if a higher air content is introduced to the system.
For example, a free air content of 16 % permit a sizing error of ± 5% before
excess pressure is generated. However, this is probably not something to
strive for, as a higher air content will reduce the frequency response. In
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conclusion, a perfect match of the cylinder ratio rc and pump ratio rp is not
a strict requirement as this system is forgiving for a minor sizing error.

4.6 Summary

This section summarizes the findings of this chapter as well as comments
on the feasibility of this study. The simulation model is validated in the
first part of this chapter (Section 4.1), and the conclusion that can be drawn
from this is that this models is able to accurately capture the behavior of
the physical setup. The model is most accurate at 20◦C and as temperature
drops, so does the accuracy. For this reason any results for colder environ-
ments must be interpreted carefully, which is the case for the accumulator
selection in Section 4.2. However, the results from this is almost equal across
all temperatures, which indicates that the choice of accumulator is correct.

As seen from Section 4.3 about energy efficiency, the performance of this
setup is the greatest at room temperature, which coincides with the perfor-
mance of the simulation model. It is therefore justified to report the findings
of the impact of mismatch ratios only for 20◦C, as this temperature repre-
sents the optimal energy efficient operating point based on the available data.
Section 4.4 presents this systems ability to reach this optimal point based
on internally generated waste heat. It is shown that this pump-controlled
system (DDH) utilizes the input energy too efficiently to be able to raise the
oil temperature sufficiently fast, and that an additional heater is necessary
for operations in cold environments. This would somewhat reduce local en-
ergy efficiency as the heater is not utilized for useful work, but this reduction
would be greatly offset by the general increase in total system efficiency. An
alternative solution is to change the hydraulic oil to one with lower viscos-
ity, as the energy efficiency optimum is likely caused by the improved fluid
properties at this temperature.

Section 4.5 concludes the results chapter by investigating the impact of dif-
ferent mismatch ratios on the issue of excess pressure. The conclusion is that
a minor deviation (2-5 %) from the optimal ratio is allowed for. These results
are based on the specific cylinder utilized in this setup, which has a stroke of
400 mm. However, this figure can be probably extended to other cylinders
and linear actuators as minor amount of fluid (representing the 2-5 %) has
time to escape via leakage trough the pumps.

The imbalance of pump ratio for this system is managed by the utilization of
a hydraulic accumulator. Unreported results suggest that, at room temper-
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ature, the energy lost during one complete stroke of the piston is at most 0.5
%. The mismatch ratio of this specific setup could be reduced by selecting
different components that are closer to the ideal sizes. The sizing error is
calculated in the introduction chapter as approximately 16 %. By select-
ing another B-side pump from the Vivoil datasheet [10], for example, 16.8
cm3/rev instead of 14.4 cm3/rev the sizing error becomes 1.75 %, which is
in the problem-free range. Another solution is to change the A-side pump
from 22.8 cm3/rev to 19.2 cm3/rev which eliminates the mismatch problem
altogether.
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This thesis investigated if the problems created by the uneven flow rates and
the sizing error can be mitigated by implementing a hydraulic accumulator
to the undersized side. The results shows that the accumulator is effective
at reducing the excess pressure caused by this mismatch and that the en-
ergy efficiency is improved by this (an increase of efficiency up to 50 % is
found). System performance was measured at various ambient temperatures
and these results show that energy efficiency is the greatest at room temper-
ature. This raised the question of how well this system is able to generate
internal heat from a cold start, which would bring the oil temperature up to
this optimal operating point. The answer to this is that this direct driven
hydraulic concept utilizes input energy too efficiently to produce substantial
waste heat, indicating that there are benefits for implementing a heating sys-
tem. Finally the sizing errors effect on abnormal pressure was investigated
and the results from this part indicates that an error in the range of 2 to 5
% causes no effect on system performance at room temperature.

These findings are important since these indicate that a perfect match of
pump and flow ratios in not a strict requirement. A sufficiently small devia-
tion causes no significant effects on performance, and a relatively larger error
can be compensated for with a hydraulic accumulator. This means that this
system, DDH, can be added to the list of potential solutions to the compen-
sation of uneven flow rates of pump-controlled differential cylinders, out of
which a cross-section of alternative solutions was given in the introduction
(Figure 1.2).

5.1 Future work

The hydraulic accumulator is utilized in this setup only for the purpose of
reducing the pressure level and the energy consumed by it is leaked out
through the B-side pump. However, some parts of this energy is utilized
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if the direction of movement is rapidly switched after the accumulator has
been filled. Additional energy could be utilized if a connecting pipeline is
implemented from the hydraulic accumulator to the A-side of the cylinder
with a separately controlled valve in between. The stored energy could then
be released during the next lifting operation, aiding the servomotor and thus
reducing the torque required from it.

The effects on system performance by switching to oils with different prop-
erties is a topic that is introduced in this thesis, but not investigated. The
results suggest that the viscosity observed at room temperatures provide the
ideal conditions for energy efficiency. External heating is a suggested solu-
tion for achieving lower viscosity, but there is a clear need to investigate if
different hydraulic oils provide similar results.
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A. Leakage measurements

Figure A.1: Regression results for A-side pump
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Figure A.2: Regression results for B-side pump
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B. Results for efficiency measurements

The results for the cold room energy efficiency measurements are presented
in this appendix. Experiments were performed at ambient temperatures of
20, 10, 5, 0, -4 and -10 ◦C. The load utilized is 0, 60 and 120 kg and the
servomotor speed is limited to 250, 500 and 750 rpm. Each measurement
case is executed with the hydraulic accumulator activated and deactivated;
switching is done with a manually controlled shut-off valve. In Table B.1
below, WO indicates that the accumulator is deactivated and W that it is
activated. Total efficiency is calculated as the change of potential energy in
relation to the energy consumed from the grid. The rest of the columns are
component specific efficiencies for each measurement case. The average effi-
ciency for each temperature is marked at the end of each series in boldface.
A star (*) indicates that the torque sensor measurement was saturated and
that this value is not utilized in average efficiency calculations.

Table B.1: Efficiency measurements results

Temp-
erature

Load Speed Accu Total
efficiency

Motor Gear-
box

A-pump

20◦C

0 kg

250 rpm
WO 0.138 0.657 0.891 0.642
W 0.142 0.661 0.821 0.604

500 rpm
WO 0.156 1.189 0.891* 0.68*
W 0.172 1.227 0.873 0.654

750 rpm
WO 0.099 0.91 0.997* 0.779*
W 0.117 0.986 0.926 0.732

60 kg

250 rpm
WO 0.65 1.014 1.003 0.684
W 0.709 1.02 0.979 0.674

500 rpm
WO 0.508 1 0.977 0.71
W 0.504 1.021 0.954 0.709

750 rpm
WO 0.261 0.939 0.651* 0.941*
W 0.362 0.893 0.958 0.766
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Chapter B: Results for efficiency measurements

Table B.1 – continued from previous page
Temp-
erature

Load Speed Accu Total
efficiency

Motor Gearbox A-pump

20◦C 120 kg

250 rpm
WO 0.844 0.968 1.026 0.671
W 0.864 0.806 1.027 0.785

500 rpm
WO 0.665 0.923 1.009* 0.723*
W 0.71 0.952 0.969 0.737

750 rpm
WO 0.496 0.935 0.887* 0.785*
W 0.53 0.939 0.932 0.729

Average (20◦C): 0.440 0.983 0.966 0.714

10◦C

0 kg

250 rpm
WO 0.078 0.846 0.534* 0.98*
W 0.2 1.193 0.809 0.656

500 rpm
WO 0.061 0.978 0.45* 1.033*
W 0.104 0.977 0.883 0.656

750 rpm
WO 0.05 0.826 0.523* 0.982*
W 0.072 0.913 0.877 0.689

60 kg

250 rpm
WO 0.259 0.732 0.634* 0.965*
W 0.531 0.917 0.989 0.726

500 rpm
WO 0.244 0.902 0.563* 0.982*
W 0.344 0.879 0.98 0.711

750 rpm
WO 0.216 0.857 0.703* 0.91*
W 0.239 0.793 0.972 0.699

120 kg

250 rpm
WO 0.522 0.784 0.824* 0.879*
W 0.681 0.81 1.021 0.729

500 rpm
WO 0.395 0.799 0.733* 0.94*
W 0.496 0.806 1 0.736

750 rpm
WO 0.346 0.907 0.632* 0.916*
W 0.38 0.757 1.011 0.717

Average (10◦C): 0.290 0.871 0.949 0.702

5◦C 0 kg

250 rpm
WO 0.078 0.862 0.656* 0.905*
W 0.139 0.948 0.874 0.675

500 rpm
WO 0.056 0.879 0.633* 0.901*
W 0.076 0.857 0.868 0.685

750 rpm
WO 0.044 1.07 0.417* 1.007*
W 0.051 0.824 0.878 0.682
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Table B.1 – continued from previous page
Temp-
erature

Load Speed Accu Total
efficiency

Motor Gearbox A-pump

5◦C

60 kg

250 rpm
WO 0.25 0.797 0.658* 0.94*
W 0.399 0.846 1.005 0.719

500 rpm
WO 0.192 0.867 0.541* 0.999*
W 0.256 0.79 0.925 0.714

750 rpm
WO 0.172 1.045 0.422* 0.982*
W 0.187 0.833 0.861 0.709

120 kg

250 rpm
WO 0.371 0.644 0.739* 0.921*
W 0.567 0.775 0.995 0.753

500 rpm
WO 0.319 0.868 0.609* 0.933*
W 0.386 0.769 0.977 0.72

750 rpm
WO 0.284 1.19 0.393* 0.954*
W 0.323 0.916 0.757 0.722

Average (5◦C): 0.231 0.877 0.904 0.709

0◦C

0 kg

250 rpm
WO 0.06 0.741 0.68* 0.916*
W 0.101 0.866 0.867 0.685

500 rpm
WO 0.042 0.916 0.522* 0.905*
W 0.052 0.789 0.863 0.671

750 rpm
WO 0.043 1.391 0.376* 0.88*
W 0.045 1.1 0.556 0.715

60 kg

250 rpm
WO 0.162 0.489 0.822* 0.894*
W 0.305 0.791 0.943 0.71

500 rpm
WO 0.164 0.517 1.239* 0.667*
W 0.184 0.743 0.889 0.702

750 rpm
WO 0.158 1.322 0.366* 0.927*
W 0.176 1.152 0.595 0.695

120 kg

250 rpm
WO 0.379 0.672 0.831* 0.843*
W 0.457 0.769 1.006 0.701

500 rpm
WO 0.221 0.709 0.6* 0.861*
W 0.303 0.817 0.833 0.718

750 rpm
WO 0.286 1.27 0.436* 0.851*
W 0.302 1.237 0.547 0.714

Average (0◦C): 0.191 0.905 0.900 0.701
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Table B.1 – continued from previous page
Temp-
erature

Load Speed Accu Total
efficiency

Motor Gearbox A-pump

-4◦C

0 kg

250 rpm
WO 0.053 0.717 0.665* 0.913*
W 0.068 0.74 0.843 0.709

500 rpm
WO 0.04 0.852 0.587* 0.877*
W 0.042 0.896 0.699 0.671

750 rpm
WO 0.04 1.213 0.469* 0.808*
W 0.042 1.295 0.507 0.649

60 kg

250 rpm
WO 0.187 0.625 0.794* 0.889*
W 0.255 0.725 0.955 0.729

500 rpm
WO 0.155 0.979 0.512* 0.862*
W 0.168 0.9 0.743 0.675

750 rpm
WO 0.154 1.241 0.39* 0.886*
W 0.167 1.338 0.486 0.678

120 kg

250 rpm
WO 0.282 0.637 0.722* 0.929*
W 0.357 0.681 0.992 0.714

500 rpm
WO 0.251 0.919 0.482* 0.929*
W 0.288 0.883 0.71 0.722

750 rpm
WO 0.259 1.274 0.416* 0.876*
W 0.288 1.354 0.493 0.708

Average (-4◦C): 0.172 0.959 0.714 0.695

-10◦C

0 kg

250 rpm
WO 0.041 0.681 0.649* 0.937*
W 0.048 0.712 0.914 0.663

500 rpm
WO 0.035 0.968 0.554* 0.826*
W 0.038 0.961 0.618 0.673

750 rpm
WO 0.036 1.172 0.38* 0.936*
W 0.039 1.37 0.444 0.676

60 kg

250 rpm
WO 0.179 0.705 0.947* 0.685*
W 0.179 0.903 1.03 0.701

500 rpm
WO 0.131 0.993 0.491* 0.882*
W 0.161 1.15 0.743 0.688

750 rpm
WO 0.138 1.218 0.431* 0.826*
W 0.157 1.381 0.449 0.721
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Table B.1 – continued from previous page
Temp-
erature

Load Speed Accu Total
efficiency

Motor Gearbox A-pump

-10◦C 120 kg

250 rpm
WO 0.254 0.645 0.761* 0.888*
W 0.27 0.717 1.031 0.735

500 rpm
WO 0.234 0.961 0.528* 0.854*
W 0.269 1.119 0.696 0.72

750 rpm
WO 0.233 1.241 0.42* 0.861*
W 0.26 1.463 0.534 0.7

Average (-10◦C): 0.150 1.020 0.718 0.697

Average (whole series): 0.246 0.930 0.845 0.701
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C. Simulink model

This appendix includes selected parts from the Simulink model that was
utilized in this thesis. Table C.1 contains the constant values used for the
simulations and the notations used for these in the form presented in this
thesis and in corresponding Matlab notation. Figure C.1 presents the topol-
ogy of the Simulink model. This is divided into the top level, which was
presented earlier in Figure 3.13, and the sub-layers of each component in
this model. A selection of these sub-layers are highlighted in this figure and
separately presented in Figures C.2, C.3, C.4, C.5, C.6, C.7, C.8, and C.9.

Table C.1: Constant parameters utilized in Simulink
model

Thesis notation
or explanation

Matlab notation Value (in SI units)

General parameters
mchain m chain 2.88
mholder m holder 5.44
mload m mchain +mholder +mweightplates

g g 9.81
T temperature 273.15+ambient temperature
Fluid parameters
ρ rho 860
N n 1.4
p0 p 0 1e5
X0 X 0 0.045
Bliq B liq 1.4e9
Bmin B min 1.4e6
Cylinder parameters

Cylinder chambers
d1 d1 0.06
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d3 d3 0.03
s s 0.4
V0,A V 0A 55.8e-6
V0,B V 0B 18.2e-6
KL K Lcyl 0

Cylinder inlet/outlet
A-side inlet diamater d oA 0.012
B-side inlet diameter d oB 0.005
Cturb C turb 0.611
Retr Re tr 1000
ν upsilon 30e-6

Cylinder friction and end forces
Fc F c 87.607
Fs F s 300
vs v s 0.0005
σ0 sigma 0 3e5
σ1 sigma 1 547.72
σ2 sigma 2 41195
Kend K end 1.70e8
bend b end 1.99e4
Pump parameters

A-side pump
DPA D pA 22.6e-6
β1 K lamA -2.66e-13
β2 K turbA 4.43e-9
β3 K tempA 6.30e-5
α0 alpha A -0.36e-3
ηhm eta hmA 0.85

B-side pump
DPB D pB 14.4e-6
β1 K lamB 6.09e-13
β2 K turbB 1.96e-9
β3 K tempB 4.12e-5
α0 alpha B -0.24e-3
ηhm eta hmB 0.85
Load parameters
rcylU r c 0.637
rcylL r cf 0.983
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rload r m 1.720
r1 r 1 0.394
r2 r 2 1.110
mr1 m r1 17.06
mr2 m r2 29.65
J J 66.72
β0 theta 0 80 (degrees)
Hose parameters
Diameter of hose A d hoseA 0.01
Length of hose A l hoseA 2
Diameter of hose B d hoseB 0.01
Length of hose B l hoseB 2
Accumulator parameters
ppre p pre 10e5
VAcc V Acc 0.007
Ks K s 5e10
Accumulator inlet d oAcc 0.003
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Figure C.1: Topology of Simulink model. Shaded boxes are models that are
separately presented in this appendix
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Figure C.9: Model of external load
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